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This is the proceedings of the 15th Scandinavian International Conference on Fluid Power held at Linkdping
University in Sweden on 7-9 June 2017. The theme of the conference was “Fluid Power in the Digital Age".
The contributions are well aligned with this theme, and are indeed reflecting the great developments. We
are very grateful to the effort put in by the authors to produce such high quality papers, and also to those
taking time to review papers to further enhance the quality. The contributions clearly shows that the
fluid power industry, and academia, have both challenges as well as opportunities in keeping up with the
evolving capabilities provided by the digitalization. It was with great joy to see old and new colleagues
and friends attending our conference and the division of Fluid and mechatronic systems, at Linkdping
University. The conference is a bi-annual event, with alternating localization between Linkoping in Sweden
and Tampere in Finland. The process of hosting such an event is a great effort for our organization and |
would like to thank all those involved in organizing this conference, and wish good luck with the next one
to our Finnish colleagues.

Thank you!

Prof. Petter Krus

Head of Division Fluid and Mechatronic Systems.

Review Process

Each author attending the conference days had the opportunity to select from three different ways of pre-
senting their contribution. Firstly, a reviewed process with at least two international reviewers of each
contribution. The process resulted in most cases with feedback from the reviewers with comments span-
ning everything between diagram legends to scientific methods. Some proposed papers where rejected
upon recommendations from reviewers. Secondly contributions where also presented in industry ses-
sions where the review process where internal only by the staff of the division. A third extended abstract
presentation format where also presented during the conference.

This proceedings contain all presented contributions from the reviewed papers in the first section and
thereafter the non-reviewed papers in second section. All reviewed papers are marked in the footer by the
acceptance date.
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Hydraulic Infinite Linear Actuator — The Ballistic Gait
Digital Hydro-Mechanical Motion

Martin Hochwallner and Petter Krus

Division of Fluid and Mechatronic Systems, Linkoping University, Linkoping, Sweden
E-mail: martin.hochwallner @liu.se

Abstract

The Hydraulic Infinite Linear Actuator, HILA, has been presented in [1], [2], and [3]. The
novel actuator consists of one, two or more double acting cylinders with a common piston rod
and hydraulically detachable pistons. In the basic gait [1], alternatingly, one cylinder engages
and drives the load while the other retracts, the HILA thus works in a kind of rope climbing
motion. But the concept allows also other gaits, pattern of motion.

This contribution focuses on the ballistic gait, a pattern of motion where one cylinder engages
to give the load a push. Then the load carries on with its motion by inertia, cylinders disen-
gaged. The actuator realizes thus hydro-mechanical pulse-frequency modulation (PFM).

The 15th Scandinavian International Conference on Fluid Power, SICFP’17, June 7-9, 2017, Linkdping, Sweden

This gait is energy efficient and able to recuperate energy.

Keywords:
mechanical motion, energy recuperation

1 Introduction

The gait of the Hydraulic Infinite Linear Actuator, HILA, Fig-
ure 1, where alternatingly one cylinder disengages to retract
has been studied and presented in for example [1]. This gait
is characterized by, that all time at least one cylinder is en-
gaged to drive the load, Figure 3a. A smooth, high perform-
ance motion can be realized by this actuator in this gait. Gaits
define pattern of motion. HILA can be operated in various
gaits, whereby gaits are suitable for various situations and
shall be used in together in an application to achieve optimal
performance. This contribution presents another gait, the bal-
listic gait, Figure 3b, where temporarily all cylinders are dis-
engaged to allow some kind of freewheeling exploiting the
inertia of the load.

Conventional hydraulic linear actuators, i.e. cylinders, are
common and mature components of hydraulic systems. On-
going research focuses on secondary control with multi-

novel actuator, infinite linear motion, digital fluid power, digital hydro-

chamber cylinders [5], various concepts of digital hydraulics
[6], individual metering [7], advanced control concepts [8, 9],
and sensor-less positioning with stepper drives [10].

In [11] presented Gall and Senn a linear hydraulic drive ex-
ploiting the inertia of the load in combination with so called
freewheeling valves for saving energy [6]. In the ballistic gait,
this basic idea is applied on HILA. The freewheeling valves
allow motion without discharging flow from the supply line.
The ballistic gait goes one step further and decouples the full
hydraulics, even the cylinder, from the load and thus elimin-
ates losses in the hydraulics and friction losses in the cylinder.
The drawback is the necessity of retracting the cylinder. In
this contribution, the simple but inefficient way of using the
supply flow is applied. Research on effective alternatives is
necessary.

The actuator can be operated solely in the ballistic gait, but
the highest benefit is expected in systems combining gaits.

engaging/disengaging mechanism | i . i rod
6
I I E
cylinder A cylinder B
— D
- —_—

Figure 1: HILA: Two double-acting cylinders temporarily engage/disengage to the common rod to driving the load. The load

may be attached to the rod or to the actuator.

Peer-reviewed Paper,
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Figure 2: Structural breakdown as SysML Block Definition
Diagram [4].
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(a) The basic gait.
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Figure 3: Gaits as Activity Diagram.

cylA disengaged
cylB disengaged

(b) The ballistic gait.

For example, machines may require the following working
modes and thus gaits. A high performance, high accuracy
working stroke with medium to infinite stroke length apply-
ing the basic gait. A short high force work stroke, where the
force and stiffness of two cylinders are added up. A holding
period utilizing the infinite hydraulic stiffness presented in [2]
where no power is required. And a fast and efficient not-work
stock for retraction realized by the ballistic gait. One applica-
tion field could be mounting plates of machines for advanced
injection molding.

Peer-reviewed Paper,
Accepted for publication on 2017-05-10.
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Figure 4: Control sequence depicted as SysML State Machine
[4].

The controller outputs are stated in braces: E: engaged, D:
disengaged, AP, AT, BP, AT: chambers: A, B; pressure levels:
P: supply, T: tank.

2 Basic Concept

The control concept is shown in Figure 4 and the correspond-
ing schematics of the hydraulic circuit in Figure 6. To move
the load, first the cylinder retracts to the retracted position.
An end-position cushion is used to stop the cylinder. The cyl-
inder does not drive any load beside the piston assembly and
so the kinematic energy is low. After waiting for the engaging
condition both valves are switched fully to the high pressure
side so that the motion of the cylinder is not locked. Now the
cylinder engages and the increasing friction in the clamping
mechanism accelerates the piston to the velocity of the rod.
By switching the valve of chamber B to the low pressure side,
force is applied to accelerate the load. If instead, the valve
of chamber A is switching to the low pressure side a force to
deaccelerate the load is applied. When the cylinder reaches
the end of driving stroke, both valve are switched to the high
pressure side and so the rod drives the cylinder. Then, the cyl-
inder disengages, before the piston hits the end-position cush-
ion. To repeat the cycle the cylinder retracts to the retracted
position.

SICFP2017 7-9 June 2017
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effective load force F. OkN
effective mass / inertia my, 50t
effective damping b, 2000Ns/m
supply pressure 250 bar
tank pressure 10 bar

Table 1: Parameters for the load and system in simulation

type symmetric
piston area Ap;j 1180 mm?
free stroke +100 mm
chamber volume at x¢y; = Om Voij 300 cm?
piston mass mp; 18kg
viscous friction coefficient beyi 1000Ns/m
coulomb friction 300N

Table 2: Parameters for the cylinders in simulation

Figure 5: Hydraulic hub-shaft connection Octopus from ETP
Transmission AB [12]

3 System

Figure 1 shows the schematic of the actuator. The actuator
may drive a load attached to the rod or to the actuator itself
(the rod is stationary). The assumed load consists of inertia,
i.e. a mass my, and additional force Fj, and viscous friction.
The parameters for the simulation are presented in Table 1
and 2.

The engaging / disengaging subsystem is the enabler for
HILA. One component which can realize the engaging / dis-
engaging subsystem is the COTS hydraulic hub-shaft connec-
tion [12], see Figure 5. The hub-shaft connection engages due
to the hydraulically actuated membrane being pressed against
the rod so that the friction between membrane and rod trans-
fers the cylinder force. To actuate the hub-shaft connection
the fast switching valve FSVi 4.1 [13] from Linz Center of
Mechatronics GmbH is used. This system can fully engage
and disengage within 10 ms.

Two exemplary hydraulic schematics to drive the cylinders
are shown in Figure 6 and 7.  The schematic in Figure 6
shows a system using one fast proportional valve per cylinder
chamber and resemble thus an independent-metering valve.

Peer-reviewed Paper,
Accepted for publication on 2017-05-10.

| Fod |-
[ \ B
= s

il

Figure 6: Schematic, system P, with independent-metering
valve, one cylinder.

Independent-metering valve, modeled as one individual pro-
portional valve per chamber. Four check valves protect
against over pressure and cavitation. Two lockable check
valves allow cross flow when required. Table 2 and 3 show
the parameter.

nominal flow at 35 bar per edge Grom  25L/min
corner frequency for small bi% 200Hz
amplitudes

damping o 0.7
actuating time for signal step O to 1 1V sep S5ms

Table 3: Parameters for the Proportional Valve in Simulation

AP | | BP
T T
v ‘(}' | | ‘<> v
[ 0o T
AT BT
v I T v
o I
L

Figure 7: Schematic, system D, with four fast on/off valves,
one cylinder.

A candidate for the on/off valves is the fast switching multi
poppet valve from the Linz Center for Mechatronics (LCM)
GmbH, [14]. Four check valves protect against over pressure
and cavitation. Table 2 and 4 show the parameter.

nominal flow at 5 bar Gnom
opening / closing time Ty

85L/min
2ms

Table 4: Parameters for the On/Off Valve in Simulation. The
parameters are based on th fast switching multi poppet valve
from the Linz Center for Mechatronics (LCM) GmbH, [14].

Therefor, this system can be used to implement other gaits, for
example for smooth motion as presented in [1]. Applications
may require combining various gaits to fulfill their require-
ments. The system is dimensioned as an ordinary hydraulic

12 SICFP2017 7-9 June 2017
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servo system to facilitate position control and not for high ve-
locity. Additional to their protective function against over-
pressure and cavitation, the check-valve provide additional
flow paths and thus increase the efficiency and reduce the re-
quirements on the proportional valves. A capable check-valve
design is presented in [10]. For this concept the proportional
valves are used as three position on/off valves. The three po-
sitions are: P, when the cylinder chamber is connected to the
supply pressure; T, when connected to the tank pressure; and
off, when the valve is closed.

A second concept, fully digital, is shown in Figure 7. In cases
where other gaits are required this concept can be combined
with for example hydraulic switching technology as the Hy-
draulic Buck Converter [6], or it cam be equipped with paral-
lel proportional valves resembling the system in Figure 6. In
the level of detail as this contribution goes, the mayor differ-
ence between this two systems is the valve size. The on/off
valves have 9 times the nominal flow rate of one edge of the
proportional valves and produces thus only 1 % of the pres-
sure drop. This system is dimensioned for high flow rates and
thus high velocity. The additional flow path through the check
valves is thus not relevant.

4 Simulation Results

Figures 8 and 9 show simulation results of the two presented
systems. In both cases, the actuator accelerates the load, then
keeps the velocity beyond the desired velocity, and after a few
strokes the actuator deaccelerates the load to stop, whereby it
recuperates energy. The systems go for different desired ve-
locities. Although both systems and thus both simulation res-
ults are similar, the different working conditions emphasize
different aspects of the concept. Some aspects appear when
comparing the two results. Both systems use only one cylin-
der.

Plot 1 and 2 show the position of the load and the cylinder.
The cylinder retracts, then thrusts the load, and then repeats.

While retracting, the velocity is limited to —0.65m/s, and
—5.2m/s respectively by the pressure drop through the fully
opened valve. Plot 6, chamber pressure, for the system P,
shows that in the load pressure, the difference between the
chamber pressures, is small while retracting as it only covers
the cylinder friction. For system D the force is a bit higher as
the velocity is higher. As the retraction is much faster details
can not be seen in the plot. Plot 5, Fgy, does not include
cylinder friction as it shows the force of the cylinder applied
on the load, i.e. the force passing the engaging/disengaging
mechanism.

During the acceleration phase the thrusts take less and less
time as the velocity increases. Especially in the case of sys-
tem P, decreases the force with increasing velocity as the pres-
sure drop in the valves increase. With system D, this effect is
small for the shown velocity. As shown in plot 4, supply flow,
the needed flow is identical to a conventional cylinder, blue
area, orange dashed line, but there is additional flow used for
retraction, green area.

When a velocity beyond the desired velocity is reached, the

Peer-reviewed Paper,
Accepted for publication on 2017-05-10.
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actuator waits with the next thrust for the velocity to fall be-
low the desired. For that time in contrast to a conventional
cylinder no flow is needed, area below the orange dashed line.
Therefor energy is saved.

In the deacceleration phase, chamber A instead of B is
switched to the low pressure side and thus the force direc-
tion inverted. Now the cylinder drives the flow through the
valve and thus the pressure drop through the valve increases
the load pressure. Therefor the force and thus the acceleration
is higher in the deacceleration than in the acceleration phase.
The pressure drop and thus the force decreases with falling
velocity. During this phase the check-valves provide an addi-
tional flow path and therefore, the pressure drop through the
valve is much smaller as in the acceleration phase. The flow
direction is reversed and thus the oil drawn from the tank and
delivered into the supply line. Hence, energy is recuperated.
As the flow from the tank has to pass trough the valves, boos-
ted tank pressure is necessary, see Table 1. The check-valves
improve the efficiency, especially in system P. The valves in
system D are sufficient big so that check-valves influence in
minor.

5 Analysis

The thrust stroke length Lt of a full thrust is constant, ignor-
ing second order effect. Therefor, the energy added to the
load is:

Er :Fcyl Lt (1)
whereby the cylinder force Fy can be calculated as:
Fcyl :(PA - PB)A — Flosses ()

This is also the energy removed from the load while braking
one full thrust.

Ignoring the friction losses and the pressure drop through the
valves the nominal cylinder force Feyy is calculated as:

Fcle :(PS _PT)A (3)
and the nominal energy added per full thrust is
Ety =(ps —pr)ALr )

For system D the nominal values represent the system well.
The further analysis assumes a system which can sufficiently
approximated by this nominal system, i.e. a system like sys-
tem D.

The velocity of the load increases from the velocity before the
thrust v to the velocity after the thrust v; according to:

[, 2
=1\/vi+ = (Er—E}
Vi V0+m( T—Ef)

whereby E|' stands for the reduction of kinetic energy of the
load due to load forces and friction in the duration corres-
ponding to Et.

®)

The trend of the velocity during acceleration phase can thus
be approximated by the following equation, where k is the

SICFP2017 7-9 June 2017
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number of thrusts. Losses, friction and external forces are

ignored.
2
vi =\ — Etvk
m

This trend can be seen in Figure 9, where the velocity after
four thrusts is twice as high as after one.

(6)

During the keeping velocity phase the actuator has to coun-
teract the reduction of kinetic energy of the load by external
forces and friction by recurring thrusts. Assuming a quasi-
constant load force Fi x, considering external forces and fric-
tion, leads to the relation:

FyLr=Er = E}=FxLc @)
whereby Lc = Lt + Lp and thus:
Fey — I;C — l;B — E (8)
Hx Ly Lt Tt

The undesired variation of the velocity during the keeping ve-
locity phase can be characterized with the absolute variation
Av and the relative variation r of the velocity, which can be
expressed as:

2
Av:v1—vo:\/v%—k%(ET—Ef:)—vo (9a)

- , 2
<Av=y/vg+ —Fey LT — v (9b)

m

- 2(Er —E;
gt Jip 2B ED
Vo mVO

2R L

<r=
- 2
myvy

I+

1 (10b)

For the limits it is assumed that Ef > 0 and always reduces
the kinematic energy of the load, i.e. friction.

Both, the absolute variation and the relative variation of the
velocity gets smaller with increasing velocity.

5.1 Scaling, Limitations and Design Estimations

In walking mechanics [16], the Froude number, F = g, where
v is the velocity, [ the leg length, and g gravity, is used to char-
acterize the transition from walking to running. Remarkable,
the inner fraction in Equation 10b has the same structure and
the following can be derived.

Fo v(z)m v% (11

Lt F cyl Ly Aeyl

Also this dimensionless value F can be used to characterize
the locomotion. A similar value will result in a similar relative
variation of the velocity.

Equation 10 together with Equation 8 provide a stronger
statement for scaling and characterizing a system than Equa-
tion 11. These equations can be used for dimensioning the
system.

Peer-reviewed Paper,
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In the keeping velocity phase, Lc/L;, Equation 8, defines how
efficient the ballistic mode is. Assuming that the dimension-
ing of the cylinder and thus Feyn is defined by other load
cases, like acceleration or applying a force at slow motion,
then the used energy of a conventional cylinder is Ecc =
FeyinL. The energy not used for the motion is dissipated in
the valve. In the ballistic mode during the keeping velocity
phase the used energy is:

Lt +Lr
Lc

E=Fy~L (12)
whereby Lg is the stroke of the retraction including disenga-
ging and engaging. Lr may be suppressed in this equation if
the retraction is powered by a low pressure flow source, e.g.
an accumulator loaded with the tank flow during the thrusts.
In the simulated example is Lr = Lt + Loverhead ED ~ LT,
whereby Loverhead ED 18 the additional distance the cylinder
moves while engaging and disengaging. By comparing the
energy used by a conventional cylinder and HILA in ballistic
mode, the energy consumption factor eg can be defined:

L
:LT+LR _ 1+ﬁ

=", " =] (13)
FLx
F
~p X (14)
Fcyl

For the limit case FLx =~ Fcy, which can not be realized, is
ep = 2 and HILA in the ballistic mode would use approxim-
ately twice the energy of a conventional cylinder. The break-
even point is at F{ x ~ %Fcyl, where the distance of the ballistic
distance Lp is approximately the equal to the thrust stroke
length Lt. For the case Fix < [y the energy consumption
factor eg approachs zero as there is nearly no energy used in
the ballistic mode.

The system’s implementation, Figures 6 and 7, defines a
quasi-constant duration for retracting, disengaging and enga-
ging which in sum defines a lower limit for 7, Tg > T3 fimit =
Tr. Tp is the duration the load moves autonomously between
two thrusts. Lg, the distance the load moves between two
thrusts, can be estimated by:

LB:VOTB—F@LBZ 1s)
m 2
This results in following condition for the load force.
Fix < FcyIF 2 (16)
14 %
Fcyl )

~ 0 Th s
1 Y0 1B limit
+ LT

The simplifications made lead to that also a load force near
this limit may not be valid, but of the relevant case of small r,
Equation 10, and high velocities vy, this is a valuable condi-
tion.

In an application, the relative variation r, Equation 10, and
absolute variation Av, Equation 9, of the velocity has to be
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reasonable small. Equations 5 and 9 lead to following condi-
tion limiting the absolute variation in velocity:

2FqLlr  2FyLt
mp> S5~ (18)
1= Av

The approximation is applicable for small r and thus high ve-
locities. A condition to limit the relative variation in velocity

is derived from Equation 10b:

2Fylr 1

Fr-i "

myp >

5.2 Control Inputs

In the presented gait the system has the following control in-
puts which can be used to control the motion and to adjust to
changing load conditions. The inputs can be used in combin-
ation to achieve optimal performance and efficiency.

5.2.1 When to trigger the next driving stroke

This control input is used for velocity control in the simula-
tion, where the results are shown in Figures 8 and 9. The ve-
locity control is simply realized by the state wait, Figure 4, by
waiting for the velocity of the actuator to drop below a spe-
cified limit, before triggering the next thrust. Alternatively
the duration between two thrusts can be used as control input
which is commonly known as Pulse-Frequency Modulation
(PFM).

5.2.2 Force direction

By choosing the cylinder chamber to connect to tank pressure
while driving the load, the direction of the force is selected. In
the simulated example that is used for accelerating, chamber
B, and braking, chamber A.

Extending this concept, more than two different supply pres-
sure levels can be utilized.

5.2.3 Stroke length, when to disengage

The energy delivered during a thrust depends on the stroke
length, Equation 1. The stroke can be varied from zero to the
stroke length of the cylinder considering margins for engaging
and disengaging. In the case of a constant thrust frequency
this control method is commonly known as Pulse-Width Mod-
ulation.

Stroke length variation is effective and efficient control input.
The system’s efficiency is only minimally reduced, see Equa-
tion 13. An advantage is that it also reduces the relative vari-
ation r, Equation 10, and absolute variation Av, Equation 9,
of the velocity, i.e. it makes the trajectory smoother.

5.2.4 Valve opening

In case of system P, Figure 6, the valves can be used to throttle
the flow and thus reduce the cylinder force. This adds losses
to the system but allows intervention during a thrust.
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5.2.5 Switching

As in system D the necessary valves are already in place,
the ballistic mode can be combined with hydraulic switching
technology, see for example the hydraulic buck converter [6].

5.2.6 Supply pressure

The energy delivered during a thrust depends on the cylinder
force and thus the supply pressure, Equation 4. This method
has similarities to load sensing systems.

This method reduces the efficiency of the actuator but may
improve the system’s efficiency. It reduces also the relative
variation r, Equation 10, and absolute variation Av, Equa-
tion 9, of the velocity, i.e. it makes the trajectory smoother.

5.2.77 Number of cylinders

The presented concept uses only one cylinder. A second cyl-
inder, or any number of cylinders, can be used in parallel to
increase force and thus acceleration. Also cylinders with dif-
ferent piston areas can be combined. By selecting the pis-
tons, the actuator adjusts to a varying load or varying accel-
eration requirements. This method is commonly known as
Pulse-Code Modulation.

Alternatively, a second cylinder can be used also to increase
the maximum frequency.

6 Conclusion

The presented ballistic gait for HILA is intended to be used
exclusively or in combination with other gaits. One other
gait is presented in [1], where alternatingly, one cylinder en-
gages and drives the load while the other retracts, to provide
a smooth motion. The ballistic gait is energy efficient and
supports high velocities but the motion is bumpy.

The ballistic gait brings switching technology, see for ex-
ample the hydraulic buck converter [6], into the hydro-
mechanical world. It has the ability to effectively recuperate
energy.

This gait is feasible for loads with sufficient high mass and
sufficient low load force, as external forces and friction. It
is well suited for horizontal motion of huge masses but less
suited for lifting.

Fast engaging and disengaging is necessary as it limits the
achievable velocity and reduces the efficiency

This contribution presents the results of simulations of two
systems realizing the ballistic gait. The system is analyzed,
presenting equations for estimates of the undesired variation
in velocity, energy efficiency, scaling, system limitations and
design estimations.

Various control inputs are presented and analyzed concerning
undesired variation in velocity and energy efficiency.
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Nomenclature

Designation Denotation Unit

Feyl cylinder force N

. external load force N

Fix load force including friction N

L distance, the load moves autonom- m
ously between two thrusts

Lc distance, the load moves during one m
cycle, Lc =Lt+Lp

Lt thrust stroke length m

PA pressure in cylinder chamber A Pa

DB pressure in cylinder chamber B Pa

s duration, the load moves autonom- s
ously between two thrusts

Tt duration of a thrust S
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Abstract

Interest in the control of variable fluid power pumps/motors has increased in recent years.
The actuators used are inefficient and expensive and this reduces the variable units’ usability.
This paper introduces displacement control of pumps/motors by means of a rotating valve
plate. By changing the angle of the valve plate, the effective use of the stroke is changed. The
rotating valve plate is experimentally verified by a modified in-line pump. In the prototype,
the valve plate is controlled with a worm gear connected to an electric motor. The results
show potential for this kind of displacement control. However, the rotating valve plate creates
pressure pulsations at part-displacement due to the commutation being performed at high
piston speeds. If the piston speed and hence the flow from each piston is low, the pressure

pulsation is acceptable.

Keywords: Fluid power pump/motor, displacement actuator

1 Introduction

Interest in the control of variable fluid power pump/motor
units has raised in recent years. To increase the efficiency of
fluid power systems, variable machines are important. How-
ever, the displacement control actuators are considered to be
unnecessarily inefficient. Also, variable machines are in gen-
eral more expensive than fixed machines due to the additional
control mechanism.

A summary of different displacement variations can be found
in [1]. The paper concludes that variations in displacement
control should require minimum actuation effort and have no
negative effect on the machine’s steady-state performance (ef-
ficiency, oscillation, reliability, etc.). [2] shows that the pulsat-
ing piston force acting on the swash plate causes swash plate
oscillations. These oscillations cause both losses and noise
issues according to Achten. In [3], three different in-line
axial piston pumps were tested and their losses due to the
swash-plate controller determined. The paper concludes that
the main losses occur due to the constant leakage through the
damping orifice.

The most common method to control the displacement of an
in-line machine is to adjust the angle of the swash plate. This
means that the stroke length of the pistons is varied. Control
is usually purely hydraulic or electro-hydraulic. Another way
to control displacement is by changing the angle of the valve
plate, this means that the effective use of the stroke is varied.
This displacement control is investigated in this paper.

Other research using similar concepts is described in [4], [5]
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and [6]. In [4], a new fluid power machine concept was
presented, the Innas Hydraulic Transformer (IHT), where the
valve plate has three ports. The pressure and flow are con-
trolled by rotating the valve plate. The main issue with the
concept is the difficulty with the computation zones between
the ports. A large pressure build-up and cavitation occur when
the land between the ports appears at other positions than pis-
ton dead centre. This problem was addressed in [7], where
a shuttle valve was implemented between the ports to reduce
the pressure build up and also minimise the risk of cavita-
tion. The concept was further investigated in [8]. The papers
clearly show the problem, especially at high speed where the
piston speed increases the pressure build-up problem.

In [5], an original swash-plate controller is assumed to be
combined with an indexing valve plate, i.e. a rotating valve
plate, to reduce the self-adjusting forces and in this way re-
duce the force for the controllers.

In [6], valve plate rotation is used to reduce the flow pulsation
produced in the pump by actively changing the position of the
compression angle.

This paper presents displacement-controll of a machine by
means of a rotating valve plate. By rotating the valve plate,
the effective stroke is adjusted and hence the amount of flow
the machine delivers per rotation. The function is verified by
measurement on a modified variable in-line pump. The valve
plate rotation is realised by an electric motor with a worm
gear. The article amplifies problems and benefits with the ro-
tating valve plate control. Only pump application is tested by
measurements.
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2 Concept Analysis for Rotating Valve Plate

By rotating the valve plate the effective stroke of the machine
is reduced. Due to this, the displacement can be controlled
by rotating the valve plate. Figure 1 shows three different
valve plate rotation angles. € = 1 shows the position for full
pump displacement. At bottom dead centre (BDC) (0°), the
piston connects to the high-pressure port and flow is pressed
out from the cylinder until top dead centre (TDC) at 180°. At
€ =0, the valve plate is turned 90° and the piston strokes 90°
in the low-pressure kidney and 90° in the high pressure kidney
and hence no flow is moved through the machine. All angles
between 0° and 90° produce a part flow from the pump. At
angles between 90° and 180°, the flow direction is changed
and the machine works as a motor.

e=1 [ ]
[ [}
o 90° TS0° 270° =60°
BDC TDC BDC

Figure 1: The valve plate location at three different locations;
full pump-mode, no-flow and full motor-mode. Darker grey or
red rectangles signify high-pressure port and lighter grey or
blue low-pressure port.

The principle of displacement control by rotation of a valve
plate in figure 1 is equivalent to swash plate control with
over-centre control. The rotating valve plate can be combined
with changed rotation direction and changed high- and low-
pressure ports. Figure 2 shows the optimal principle design
of the valve plate for a normal swash-plate controlled ma-
chine. The pre- and de-compression angles are used to equal-
ise the pressures in the cylinders to minimise compressible
flow pulsations, [9]. The feature uses the piston movement
to compress the oil before connecting to the high- and low-
pressure ports. In the top left figure the pre-compression angle
is used to compress the oil before entering the high-pressure
kidney while the de-compression angle is used to lower the
cylinder pressure before connecting to the low-pressure port.
The angle at bottom dead centre (BDC) is bigger because the
cylinder volume is bigger at this position.

The location of the pre- and de-compression angles is im-
portant to decide the rotation direction for the different driv-
ing modes. When the valve plate is rotated, a fictive pre-
and decompression angle is produced and hence for best cir-
cumstances, the valve plate should rotate towards the high-
pressure kidney. Figure 3 shows all available driving modes.
In this paper only left direction of the valve plate rotation is
investigated. The functionality is no different between left
and right driving modes for the pump itself.
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o (right)  Pump
Figure 2: Principle design of optimised valve plate design for
different operation quadrants for a fluid power pump/motor.
The modes can be supported by a rotation valve plate to cre-
ate four additional quadrants. BDC stand for Bottom Dead
Centre and TDC Top Dead Centre.

(-00°- -90°)

90°-180°
(-90° - -180°)

Figure 3: Rotation direction for high-pressure kidney to the
right and left respectively. The valve plate should rotate to-
wards the high pressure kidney which means negative angles
is connected to the high- respective low pressure kidney in
italic font.

3 Simulation Model

A one-dimensional simulation is used to validate the proposed
controller. The model describes the flow and force pulsations
in a comprehensive study of the rotational valve plate. The
components are implemented with transmission line theory,
TLM, see e.g. [10]. The model techniques use a distributed
model structure which makes the calculations very effective
due to allowableness of distributed solvers and the numerical
stiffness due to the finite signal propagation speed.

The flow in one cylinder is calculated with the continuity
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equation as
dv. Ve d
Ya=—+-2L (1)
dr B. dt

where the last part is the cylinder capacity and represents the
compressible flow. B, is the effective bulk modulus of the oil,
air and container. %’t’ is the pressure change inside the cylinder
while V., is the cylinder volume, which changes during barrel
rotation as

Veyt = Vieaa + (tan 0yqx +tan asin®) tan G RpA,  (2)

The kinematic flow is modelled as the derivative of the cylin-
der volume as
chyl
dr

=RptanawcosPA, 3)

Figure 4 shows the normalised kinematic flow from one cyl-
inder, where positive flow coming out from the cylinder and
negative flow are sucked in. In figure 4a, the valve plate has
no rotation and hence the pump delivers full displacement,
i.e. all flow goes into the high-pressure kidney. Figure 4b
shows the valve plate rotation angle at 45°. Only part of the
flow is connected to the high-pressure kidney and hence flow
is reduced.

ror

Normalised flow
(=}

180 225 270 315 360 405 450 495 SZtO
Axis rotation in degrees

45 90 135

(a) Flow at zero valve plate rotation, hence full displacement.

IF PTG

—

P \J\/ |

45 90 135 180 225 270 315 360 405 450 495 5;10
Axis rotation in degrees

Normalised flow
(=}

(b) Flow with 45° valve plate rotation, hence €y=0.7.

Figure 4: Normalised flow from one cylinder. Light grey or
blue areas are the volumes entering the cylinder from the low-
pressure kidney and dark grey or red is the volume leaving the
cylinder to the high-pressure kidney.

The flow from the pump depends on the rotation angle and
from figure 4b it can be seen that the setting ratio can be ex-
pressed as 4. Figure 4 shows the setting ratio as a function of
valve plate rotation angle.

8¢ = COS ¢r{)t (4)

where ¢, is the rotation angle of the valve plate.

This can be compared to the setting ratio for an original vari-
able swash-plate pump/motor and is stated in equation (5).
The angle is almost linear in the full range -16° < @ < 16° as
shown in figure 5b.

tan
Ea=—""— 5
tan Oy
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Onax 18 maximum displacement angle and « is the current
displacement angle. The slow displacement change at dead

Setting ratio
B o k.

0 45 920 135 180
T in degrees

(a) Setting ratio for valve plate rotation, €g.

Setting ratio
b o e

Swash plate angle « in degrees

(b) Setting ratio for swash plate angle, €.

Figure 5: Setting ratio for valve plate rotation and swash-
plate tilting.

centres can be used to minimise flow pulsations at full dis-
placements, [6].

The sum of the flow in equation (1) consists only of the
flow entering or leaving the cylinder and is in this applica-
tion the flow through the kidney openings. No leakage or
cross-porting is considered. This restrictor is modelled with
the steady state equation for a turbulence restrictor as

= Apr (©)

Ap, is the pressure drop over the valve, C, is the flow coef-
ficient and is known to be a function of the Reynolds num-
ber and the area difference between the orifice and pipe. The
value is difficult to estimate for a pump environment and the
standard value for turbulent orifice 0.60 according to [11] is
therefore chosen.

The restrictor opening area A can be considered in different
ways. Traditionally, the ports are circular and hence the open-
ing area is modelled as the intersection between two circles,
named "A" in figure 6. The opening area will be gradually
opened. Another useful opening geometry is a square open-
ing, named "B" in figure 6. This opening is faster and also
linear over the full transaction area. The simulation is val-

A B

Figure 6: Two different restrictor opening geometries.

idated in earlier contributions by for example Johansson et
al. [12].

3.1 Simulation results

Some interesting phenomena appear when the displacement is
controlled by rotating of the valve plate. When using a vari-
able in-line machine, the displacement angle can be changed.
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This allows the piston flow to be reduced, which has the bene-
fit of reducing the pressure peak in the cylinder. In the results
below, both displacement control of the swash plate angle o
and displacement control by using the rotation valve plate ¢,
are used. The kidney restrictor does not open instantly and
hence the cylinder volume will be compressed by the piston
motion before the flow through the restrictor is bigger than
the kinematic flow of the piston. Changing piston speed and
hence the piston flow can be done in two ways: setting ratio
by « or rotational speed. The two ways will have different
impacts on the flow pulsation and pressure build-up in the
cylinders.

Figure 7 shows the cylinder pressure at the same amount of
flow but different setting ratios and rotational speeds. The
graph shows how the pressure changes during a full stroke by
means of valve plate rotation. The maximum cylinder pres-
sure is reached at &~ 90°, i.e. when the commutation between
the cylinders is performed at maximum piston speed. The
piston’s linear speed in the cylinder port is the same for both
curves but higher rotational speed will show smaller pressure
build-up compared to higher displacement angles (). By
changing the flow with rotational speed the restrictor opening
rate will also change, which means that the pressure build-
up will be smaller if the flow is increased by rotational speed
compared to displacement angle.

3

3

n
o

Maximum pressurein MPa

o

o

45 90 135 180
Valve plate rotation ¢ in degrees

Figure 7: Maximum cylinder pressure at same flow and same
piston speed but different rotational speed and displacement
angles. Solid line shows 2000 rpm with setting ratio 0.4 and
dashed line shows 1000 rpm with setting ratio 0.8.

In figure 8, the speed dependency is amplified. In the figure,
the opening area and cylinder pressure build-up are shown.
The opening rate is increased by the rotational speed but the
flow is also increased and hence the flow rate is increased
more than the opening rate and the increased pressure rate is
a fact. The pressure build-up is reduced by the compressible
part of equation (1).

The pressure build-up depends on the continuity equation. If
the flow is decreased, the pressure build-up will be reduced.
The compressible part of the equation will damp the pressure
build-up. Figure 9 shows the cylinder pressure and the cor-
responding flow pulsation amplitude as

Aqy = max(gy) — min(ggy) @)
where gp is the flow in the high pressure kidney.

The flow pulsation amplitude is first reduced due to changed
pre-compression of the cylinder volume and when the flow
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(b) The cylinder pressure in the commutation zone between low- and
high-pressure kidney.

Figure 8: Differences between different rotational speeds
when the valve plate rotation angle # 0. Dashed line shows
5000 rpm and solid line shows 1000 rpm.

is decreased by valve plate rotation the flow amplitude in-
creases. The maximum cylinder pressure decreases with set-
ting ratio and a reasonable amplitude is reach at €, ~ 0.4. The
flow pulsation is also fair here.

g 120 Reduced setting ratio

Maximum pressurein
8 8388

o
IS
&

20 135 180
Valve plate rotation ¢ in degrees

(a) Maximum cylinder pressure as function of valve plate rotation.
150

100

Flow amplitudein L/min

0 45 90 135 180
Valve plate rotation ¢ in degrees

(b) Flow pulsation amplitude as function of valve plate rotation.

Figure 9: Results at 200 bar and 3000 rpm at different setting
ratios, i.e. different piston velocities. The restrictor is mod-
elled as circles. Solid line shows full displacement and the
other curves show decreased setting ratio with steps of 0.2.
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Figure 10 shows different speeds in combination with differ-
ent pressure levels at &g = 0.4. The cylinder pressure build-
up is larger than the port pressure decreases with increased
pressure level due to the compressible part of equation (1).
Increased speed will cause a larger pressure build-up as ex-
plained earlier.

sy
o

w
o

Maximum pressure in MPa
= N
o o

o
o
AL
o
gt
=
SL
a1
=
3

Valve plate rotation ¢ in degrees

(a) Maximum cylinder pressure as a function of valve plate rotation.
60

iy
o

8]
o
T

Flowamplitudein L/min

o

135 180

o
&
8

Valve platerotation ¢ in degrees

(b) Flow pulsation amplitude as a function of valve plate rotation.

Figure 10: Results at different rotational speeds and pressure
levels at setting ratio 0.4. Dashed lines show 100 bar, solid
lines show 200 bar and dotted lines show 300 bar. The dif-
ferent lines at the pressure level are 1000 rpm, 2000 rpm and
3000 rpm from below.

To additionally reduce the cylinder pressure build-up a square
opening can be used, named "B" in figure 6. This is shown in
figure 11 and should be compared to figure 9. The cylinder
pressure is then reduced by ~ 50 %.

4 Hardware Design

The application used is a variable in-line pump with import-
ant parameters as shown in table 1. One quadrant operation is
tested. To reduce the pressure build-up the setting ratio is set
to €, = 0.5 in all tests and the rotation speed is limited to 1500
rpm. The restrictor has a circular design with a zero lapped
valve plate, i.e. when one kidney is just completely closed,
the next kidney will start to open up. The pump is variable

Variable  Description Value Unit
D, Displacement 60 cm?/rev
Ol Displacement angle 16 deg

Ea Setting ratio 0.5 -

Table 1: Parameters for the variable in-line pump used.

with a constant pressure controller. The pressure is set to a
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(a) Maximum cylinder pressure as a function of valve plate rotation.
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(b) Flow pulsation amplitude as a function of valve plate rotation.

Figure 11: Results at 200 bar and 3000 rpm at different set-
ting ratios, i.e. different piston velocities. The restrictor is
modelled as square. Solid line shows full displacement and

the other curves show decreased setting ratio with steps of
0.2.

larger pressure than used in the system however, and hence
the pump is displaced to the maximum setting angle at all
times. The benefit of using a variable pump is that the max-
imum displacement angle can be set to an appropriate value.
Figure 12 shows the tested machine.

Zontrol motor

Figure 12: The final pump design mounted on the test rig.
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4.1 Mechanical construction

There are two obvious methods to control the flow to the cor-
rect port in the radial sliding ring method, where the kidneys
connect to the port radially, the channels become rather nar-
row and expected to be long. The other method is axial con-
nection, where the channels of the valve plate are extended
and the connection between the valve plate and the ports is
made axially. The rotating valve plate is balanced with hy-
drostatic bearings. The tested pump is designed with an axial
connection system. The first prototype was designed as a stu-
dent project at Linkoping University in autumn 2016, [13].
This prototype has since been updated.

Figure 13 shows all the parts of the rotating valve plate. It
is designed to not have any impact on the original pump and
hence the pump can be tested both as original and with the
rotating valve plate control. The design consists of a worm
gear (Worm wheel and Worm screw) connected to a brush-less
DC-motor (Control motor). On the either side of the worm
wheel, adapters (Adapter 1 and Adapter 2) are made to direct
the flow. These parts can be seen as an extension of the valve
plate and are made out of several parts for manufacturing reas-
ons. The original valve plate is mounted on adapter 1. The top
extension is made to increase the size of the possible rotation
angle and is also made in a bronze kind material for better
sliding behaviour of the rotating valve plate. Figure 14 shows

Control motor

Worm screw

Adapter 1

Valve plate

Intermediate housing 1 Adapter 2
Worm wheel

Intermediate housing 2

Figure 13: The mechanical design of the prototype. The top
and housing are unchanged from original pump.

the working principle applied on the mechanical design. Ad-
apter 1, the worm wheel and adapter 2 are called a rotating
drum. The valve plate is fixed connected to this drum. The
valve plate and drum are the parts which rotate. The kidneys
are reduced in length at the connection to the top extension.
The possible rotation angle is mechanically restricted to the
range between -5° and 99°, and a full pump stroke can be
tested.

4.2 Drive of valve plate

The worm screw is driven by a brush-less DC-motor with
planetary gear head, encoder and hall-sensors, which is con-
nected to a motor controller. A MyRIO is used as the main
controller hardware. MyRIO features a real-time processor
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Figure 14: The construction in a linear view of the differ-
ent layers in the design. In the bottom layer, the barrel and
pistons are shown. The valve plate and drum are the rotat-
ing part. The top picture shows full displacement, the full
stroke and hence all flow goes to the high-pressure kidney.
The middle figure shows when the setting ratio is €y = 0.7
and the bottom when no flow is delivered.

and an FPGA, whereby both are programmed in LabVIEW.
Both the motor controller and MyRIO, use the encoder sig-
nals from the motor, whereby the motor controller realises
speed control and the position controller is implemented in
MyRIO. The motor controller provides a signal correspond-
ing to the motor current which is used to estimate the motor
torque.

The accuracy of the valve plate angle measurement is domin-
ated by the stiffness of the gear head and most of all the play
in the home-made worm gear. The play in the worm gear is
small.

The parameters of the drive are shown in table 2. With the
stated maximum speed and gear ratio, the setting time from
€y = 0to 1 is approximately 1.8s.

Variable Discription Value Unit
i Total gear ratio 1191 -
Nem Speed continuous 10000 rpm
Teon Torque continuous 316 Nm

Table 2: Parameters of the valve plate drive.

5 Test Set-up

Figure 15 shows the test set-up. The pump is driven by a 90
kW DC-motor. The pump is connected directly to an electric-
ally controlled pressure relief valve. Outlet and inlet flow and
pressures are measured as well as the rotational speed of the
drive motor. The pump’s inlet is pressurised to prevent cavit-
ation. The current and position are measured at the control
motor. The position is judged as the position of the valve plate
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rotation. The current is used to calculate the torque needed to
control the valve plate. All measurement is made at €5 = 0.5.

Ll

Figure 15: Set-up for testing the displacement-controlled
pump with a rotating valve plate. The figure shows the trans-
ducers used.

This is done to reduce the maximum cylinder pressure.

6 Results

Equation (4) is verified with figure 16. Theoretical value of
€y is shown with the measured normalised flow. The losses
have been taken out from the flow calculations.

1

Normalised flow
o
(6]

o

30 60 90
Rotation anglein deg

o

Figure 16: The flow characteristics of the displacement-
controlled pump. Thick dashed line is the theoretical value
of &y while the solid line is the measured flow. The deviation
at rotation angles > 80 degrees may be caused by inaccuracy
of the flow meter.

Figure 17 shows the flow at step response measurements.
The theoretical flow at rotational speed of 750 rpm and max-
imum displacement 30 cm3/rev is 22.5 L/min, which means
the volumetric efficiency is ~ 0.8. The pressure difference
over the pump is here just 2.5 MPa.

Figure 18 shows the response for different pressure levels and
step sizes. The full setting time is 1.8 sec. The main limita-
tion of the step time is the maximum rotational speed of the
control motor.

The torque of the control motor is shown in figure 19. When
the motor accelerates full continuous torque is used. The
torque peaks which are seen at bigger rotational angles than
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Figure 17: Flow at 750 rpm and 1500 rpm with a step of 90°
and 50° respectively. The pressure increase over the pump for
the 750 rpm curve is 1 MPa and for 1500 rpm 2.5 MPa.
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Figure 18: Step responses at displacement stroke of 30°, 50°
and 90°. The pressure and rotational speed are different
between the steps.

45° have the frequency of the teeth of the worm gear. This is
most probably caused by the design and its tolerances.
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Figure 19: The torque at the full stroke step responses at dif-
ferent rotational speeds (750 rpm and 1500 rpm) and pres-
sures 0.2-8 MPa. The positive values are when the setting ra-
tio is increased while the negative values are at a decreasing
setting ratio.
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7 Discussion

A simulation model used to investigate the flow pulsation cre-
ated when the valve plate rotates. The pressure pulsation is
worst at smallest displacement setting ratio, i.e. when the
commutation is made when the piston has maximum speed.
This will be an issue when controlling the displacement by
rotating valve plate. This was also found by [7] who tried to
reduce the issue by means of shuttle valves. It can be reduced
by implementing square ports.

Displacement control by rotating valve plate is verified with
the pump prototype. The flow follows the theoretical value.
Volumetric efficiency is poor due to insufficient manufactur-
ing quality. The hydrostatic bearing between the rotating
valve plate and housing is over-balanced. The leakage can
be reduced by decreasing the sealing areas between drum and
top extension. For larger rotations, i.e. for over-centre con-
trol, radial port location is probably a necessity.

The setting time is long due to the high gear ratio implemen-
ted. The setting torque is about 0.1 Nm while the maximum
continuous torque is 0.3 Nm. The torque is almost independ-
ent of the rotation direction and pressure level.

The main setting time is caused by the limited rotational
speed. The setting time can be reduced approximately three
times by decreasing of the gear ratio between the control mo-
tor and the valve plate. The new setting time will be 0.6 sec,
which is a more realistic time for many applications. The set-
ting time can be reduced further by increasing the power of
the electric motor or an electro-hydraulic solution. The power
needed is still small compared to swash-plate actuator forces.

8 Conclusions

The article shows an experimental verification of displace-
ment control by means of rotating valve plate. An in-line axial
piston pump is modified so that the valve plate can be rotated
by an external electric motor. The displacement setting time
for the prototype is rather slow and the volumetric efficiency
is low. However, this is not limited by the principle of the ro-
tating valve plate as such. The pressure pulsation and hence
the noise level may be an issue but with correct design and
low piston speeds, the noise problem can be handled.
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Nomenclature
Designation Denotation Unit
q Flow m3/s
o Displacement angle deg
Olnax Maximum displacement angle deg
Vey Cylinder volume m’
Be Effective bulk modulus Pa
p Pressure Pa
Viead Cylinder dead volume m3
oo} Barrel rotation deg
Ay Piston area m?
Ry Barrel radius m
Oror Valve plate rotation deg
qy Flow in high pressure port m3/s
& Setting ratio valve plate rotation  deg
€y Setting ratio swash plate deg
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Abstract

The brake system performs an important, safety-related function in aircraft operation throughout
the world nowadays. However, the requirement of an acceptable performance and satisfactory
reliability has become stricter as the aircraft landing weights and speeds increased substantially
along the last decades and the regulatory authorities improved their certification basis
requirements aiming a safer operation. Therefore, the brake system design, architecture and
functionalities have evolved through the years and the development of the antiskid system, part
of the brake system of several aircraft since 1940s, comprised an important milestone in aircraft
brake system history. Besides the main function of preventing the locking of braked wheels, the
antiskid system is normally also responsible for avoiding wheel braking at the instant of the first
contact of the tires with ground during landing. The system also provides indication to the crew
in case of system failure and helps minimize the inadvertent yaw suffered by the aircraft in case
of passage of the tires on surfaces with different friction coefficients. As a result, the
appropriateness of the brake system performance, which is mostly supplied by hydraulic power
in recent commercial and military aircraft, shall be completely verified in normal and faulty
conditions, as well as in all expected operational envelope. For that purpose, model simulations,
rig tests and flight test campaigns are usually applied. Therefore, the present work aims to
demonstrate the use of a computational model of a hydraulic brake system, parameterized in LMS
Amesim® software, to assess the behavior of system relevant variables in normal operational
conditions and the potential effects of typical failures in system performance. In addition to help
support the verification process of system compliance with performance and safety requirements,
such approach could also be applied for early identification of failures and operational problems
still during the product development phase, highlighting the gains of applying the aforementioned

tool in the context of aeronautical systems engineering.

Keywords: Brake System, Modeling, Amesim, Hydraulic, Failure.

1 Introduction

The aircraft brake system is responsible not only for
decelerating the vehicle during a landing or a rejected takeoff,
but it can also be applied to assist the speed control when
taxiing and to park the aircraft. The use of brakes to improve
ground handling due to differential braking and even to halt
wheel rotation at landing gear retraction are other examples
of aircraft brake system functionalities [1].

Due to their inherent advantages and installation
characteristics, most of brake systems in recent commercial
and military aircraft are powered by hydraulic sources.
According to [2], the hydraulic system presents a high power-
to-weight ratio, relatively low initial costs, acceptable
maintenance levels, installation flexibility, good reliability
and also the self-lubricating aspect of their components.

However, the requirement of an acceptable performance and
satisfactory reliability for the brake system has become
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increasingly stricter as the aircraft landing weights, speeds
and complexity improved substantially along the last
decades. Federal Aviation Regulations CFR 14 Part 25 and
MIL-HDBK-516 are examples of civil and military
certification bases frequently applied during the development
and certification phases of these types of airplanes throughout
the world. In order to guarantee an acceptable degree of safety
level on operation, certification requirements impose
functional and safety-related aspects that shall be taken into
consideration when developing the brake system and aircraft
systems in general.

Therefore, the brake system design, architecture and
functionalities have evolved through the years and the
development of the antiskid system, part of the brake system
of several aircraft since 1940s, comprised an important
milestone in aircraft brake system history. Besides the main
function of preventing the locking of braked wheels, the
antiskid system is also normally responsible for avoiding
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wheel braking at the instant of the first contact of the tires
with ground during landing. The system also provides
indication to the crew in case of system failure and helps
minimize the inadvertent yaw suffered by the aircraft in case
of passage of the tires on surfaces with different friction
coefficients.

Basically, the antiskid control system operates by measuring
the rotational speed of the aircraft wheels and actuating on the
applied brake pressure. Depending on its control logic, the
antiskid system is classified by [3][4] in three different
categories: on-off, quasi-modulating and fully-modulating
types. The on-off systems are the simplest ones and operate
by releasing the brake pressure every time an incipient
locked-wheel condition is detected, allowing the brake
pressure reapplication only after the wheel has spun up to its
synchronous speed. On the other hand, the first generation of
the modulating systems, called quasi-modulating, has a
control logic based on a pre-programmed sequence, in which
brake pressure is held off according to skid depth, being later
reapplied to a lower level and subsequently ramped up until a
new skid starts. Finally, the fully-modulating systems are the
most recent ones and make use of adaptive control logics.
Based on the wheel-speed time history, those systems allow
a better control over the optimum braking performance.

The current development of computational resources has
facilitated the practice of an approach referred by [5] as
“concurrent engineering”, characterized by the design of
products and their related processes in an integrated,
concurrent  manner, including their support and
manufacturing. In the context of the “concurrent engineering”
and motivated by the existing competitiveness in aeronautical
market and the constant search for safety levels improvement,
the increasing use of simulation models became practically
indispensable for reducing aircraft system development
cycles as well as in predicting field operational problems.
Figure 1 illustrates the several applications of simulation
model in product development process.

Simulation
Modeling

e | e

System Fault

<hi ) Requirements ~ Performance Safety . 1
Architectures Validation Analysis and Assessment etection
Study Optimization and Diagnosis

Figure 1: Simulation modeling applications

The early detection of failures in aeronautical systems
has become a real necessity in order to keep its high level of
safety. For that purpose, the execution of operational and
functional tests of systems during maintenance tasks and the
incorporation of real-time failure detection functions
comprise solutions normally applied. Besides the check of
system properly functioning after implementing a
modification or replacing a system component, functional
tests are commonly performed in aircraft systems in a
periodic manner, mainly for latent failures identification. The
execution of those tests is also part of predictive maintenance
aiming to notice symptoms that can reveal a potential
degradation of the system under investigation. On the other
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hand, supervisory functions, like the built-in test (BIT), can
be incorporated in critical electronic systems to detect failure
occurrences in real time. They allow corrective actions to be
taken in time automatically or by the crew after the
appearance of a particular alarm.

However, the nature of the failure plays a significant role in
the way it is dealt. Abrupt failures are those that occur in a
sudden manner and should be immediately detected in safety-
related systems. Incipient failures are normally linked to
component wear and take place slowly. These failures are
associated with a gradual variation of a system parameter in
a lower magnitude, making its detection difficult during
maintenance tasks [6].

The model-based fault detection and diagnosis comprises an
alternative to the aforementioned methods whose use has
been growing for decades. With the advantage of eliminating
the installation of physical redundancies like additional
sensors coupled to the system, the model-based approach
makes use of mathematical models to raise analytical
redundancies for it. Its development requires, nevertheless,
the compliance with some relevant requirements as the
desired capability of uncoupling failures and a low sensitivity
to modeling errors, which are usually considered as system
unknown inputs and could lead to false alarms [6]. According
to [7], wrong diagnoses resultant from imprecise or
incomplete models, or even from erroneous reasoning, may
also originate unnecessary maintenance actions.

Several techniques of model-based fault detection and
diagnosis have been studied since 1990s. As described in [6]
and [8], the quantitative methods are based on the
manipulation of analytical redundancies, called “residuals”,
and may apply different methods like parameter estimation,
parity equations and state/output observers for the
determination of the real system model. An example of the
construction of the “fault signature matrix”, a binary matrix
determined from the residuals and applied to isolate the
system failures, can be found in [9]. The model-based fault
detection and diagnosis techniques can also be qualitative, as
illustrated in [10] by the use of knowledge-based methods and
the fault signature matrix just as a starting point for the
method. The temporal causal graph representation covered in
[11] consists in another tool that can help in detecting and
diagnosing failures in a qualitative manner. Finally, the
methodology presented in [7] comprises the use of a binary
matrix referred to as “D-matrix” to support the fault detection
and diagnosis, which states the relationship between system
failure modes and particular types of system tests, being the
latter any kind of information about the system functioning
state.

On the other hand, the detection and segregation of failures
might not be an easy task even with the modeling support.
The method’s robustness to modeling errors is reduced when
multiple or simultaneous failures are considered. Moreover,
in order to raise mode detailed information about the failure
such as its type, magnitude and cause, the contribution of a
system specialist is normally required to correlate with them
additional factors like equipment operational conditions,
aging level, maintenance history, and so on [6][8].
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Based on this background, the present work aims to
demonstrate the use of a computational model of a hydraulic
brake system, parameterized in LMS Amesim®, to assess the
behavior of system relevant variables in normal operational
conditions and the potential effects of typical failures in
system performance. Due to the current availability of
physical modeling software with fast simulation time, this
approach could represent a good solution for a quick,
preliminary assessment of system behavior on particular
conditions.

The hydraulic brake system illustrated in Figure 2 comprises
a system of a variable-wing fighter aircraft and will be applied
for the present analysis. The technical information and test
results published in [12][13] for the respective brake system
will be used as reference in order to validate the nominal
model developed herein.
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Figure 2: Hydraulic brake system schematics. Source: [13]

2 Modeling and Formulation

The brake system is supplied by the aircraft hydraulic power
generation system with a 3.000-psig pressure, which is later
duplicated to independently provide hydraulic power for each
brake assembly. In each subsystem line, a hydraulic
accumulator is installed to allow brakes application in
emergency conditions or with the main hydraulic system
turned off. Two antiskid valves, one for each brake assembly,
and four metering valves, required by the system architecture
and responsible for modulating the braking demand applied
by the pilots, are located inside a unique valve assembly. The
metering valve consists in a control pressure valve, whose
output pressure is directly proportional to the force applied by
the pilots on the brake pedals. The antiskid valve is composed
of two stages and actuated in the first stage by means of a
linear motor. Once the input signal is received from the
antiskid system control unit, a new force balance is
established in both stages of the antiskid valve, leading to the
control of the hydraulic pressure resultant in the brake
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assemblies. Finally, each brake assembly is supplied by both
hydraulic subsystems, existing a total segregation between
the piston chambers operated by each subsystem in the
interior of the brake assembly [13].

An equivalent hydraulic diagram of the hydraulic brake
system is provided in Figure 3. For simplification purposes,
the metering valves are represented by proportional
directional control valves and the brake assemblies are
illustrated only by a pair of hydraulic pistons. The supply and
the return pressures are described as lumped sources.

| [E : Brake

(N EA

Valve
: ;E T Assembly
[
[

il

Return
Pressure

El Assembly
T

—

Figure 3: Brake hydraulic system diagram

The LMS Amesim® model of the diagram of Figure 3 is
presented in Figure 4. The hydraulic brake system
architecture shown is composed of three elements with well-
defined boundaries, which are the valve assembly, the brake
assemblies and the inputs blocks. Components associated
with the hydraulic generation and distribution system,
represented by the power source, reservoir, accumulators,
tubing, hoses and a check valve, are also part of the diagram.

®

LH Brake Assembly

Tubes 6

Accumulators

0

[ Tube 8 L1 Return @

Tube 3

Inputs

28

Tube 2

Pressure

Tube 1

RH Brake Assembly

Figure 4: Brake hydraulic system model in LMS Amesim®
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The basic modeling and formulation that compose the brake
system model will be divided into two separated topics: the
hydraulic system model and the brake assembly dynamic
model. More details about the inputs block will be provided
later in chapter 3, during the model validation discussion.

2.1 Hydraulic System Modeling

The components of the hydraulic generation and distribution
system are described by common blocks that exist in the LMS
Amesim® hydraulic library. Meanwhile a hydraulic pressure
source element is applied to simulate the ideal pressure
provided to the brake system by the aircraft hydraulic pump,
the aircraft reservoir is modeled by means of a constant
pressure source tank element. At the same time, the main
hydraulic fluid properties used for flow calculations, like its
viscosity, density, bulk modulus and air/gas content, are
given by the indexed hydraulic fluid properties element
located in Figure 4 at the top of left-hand side.

Among the main functions of the hydraulic accumulators, it
is possible to highlight the supply of flow by short periods of
time and the attenuation of system pressure pulsations [14].
The hydraulic accumulators of Figure 4 are modeled applying
the respective element without inlet orifice, which comprises
a hydropneumatics accumulator that supplies hydraulic
pressure as a result of its equilibrium with the pressure of the
gas located in an isolated volume within. The hydraulic
accumulator element of LMS Amesim® hydraulic library
considers the polytropic law of gases to calculate the gas
properties inside the accumulator [15].

A hydraulic check valve with linear characteristic element is
used to simulate the behavior of the check valve that exists in
real system supply line. After achieving the cracking
pressure, the element model makes use of a linear relationship
between pressure drop and flow, without incorporating any
dynamics. However, the model allows a mild hysteresis to be
taken into consideration for the valve opening and closing
actions [15].

The LMS Amesim® software makes available several types
of models to represent the hydraulic tubes, which are
basically divided into a group of models based on lumped
elements and a unique option of continuous parameters
modeling that solves 1D Navier-Stokes equations [15]. For
the present work, a model with lumped elements is chosen to
represent the hydraulic tubing, which is characterized by the
segregation of flow important behavior effects like
compliance, inertance and pressure drop as discrete elements,
connected by means of the continuity law or specific pressure
conditions.

The following equations illustrate the relationship between
pressure and flow for each main effect that exist in a hydraulic
line. The first effect is called system compliance and is related
to the pressure-dependence variation that the fluid density
exhibits. The ideal compliance is related to fluid flow and line
pressure through eq. (1) [14].

[ Qdt
> (@)
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Due to its kinetic energy, the fluid flow exhibits another effect
known as fluid inertance. The relation between pressure
variation and fluid flow in the fluid inertance element is given

by eq. (2) [14].
ap 21, 2 %)

The last effect observed in the flow dynamics through
hydraulic lines consists in the fluid resistance, also referred to
as pressure drop. The fluid pressure drop in a horizontal
straight tube and completely developed flow can be given by
the semi-empirical equation of eqg. (3). The first term in the
right-hand side of the equation is called the “friction factor”
and is dependent on tubing relative roughness and also on
Reynolds number [16].

L pV,?
AP =fr— 3
Components like valves result in locally situated pressure
drops. The relation between the fluid flow and the pressure
drop through their orifices can be expressed by a non-linear
equation for turbulent flows, as shown in eq. (4), or by a linear
equation for laminar flows, given by eq. (5) [16].
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Figure 5 describes how the hydraulic line is divided into
lumped elements in LMS Amesim®, being each node
characterized by the sum of each main behavior effect. For
the node, the compliance, inertance and pressure drop are
illustrated by their equivalent effects in a mechanical system,
given by the damping, inertia and friction losses, respectively.
A total of 3 (three) nodes are applied in the present model for
each tube. However, the same methodology is not used for
the hoses in LMS Amesim® hydraulic library. For the hose
model, those effects are taken into consideration in an
equivalent manner for its whole length, without segregating

it into discrete nodes.
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On1  Pr q p qd, P »

AP (5)

I state variab

Figure 5: Internal state variables of line lumped model.
Source: [15]

The LMS Amesim® software applies similar or adapted
formulation from those presented herein in order to calculate
the pressure and flow derivatives in the model nodes.
Moreover, the software has the capability of considering the
effect of flow frequency in the pressure drop calculation
along the tube in a phenomenon called frequency-dependent
friction (FDF). Basically, the FDF addresses the changes in
laminar flow profile due to viscosity effects in high frequency
flows or during quick transients, which are taken into
consideration with higher or lower intensity according to the
dissipation number given by eq. (6) [15].
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D= (6)

cR?

The valve assembly internal model is shown in Figure 6.
Since the metering valve actuating mechanism is not modeled
in the present study, the same 2-position, 3-port hydraulic
valve element of LMS Amesim® hydraulic library is applied
to model the metering valves and both stages of the antiskid
valves. This element comprises a 2" order internal dynamics.
With electrical operation and return by spring, the actuation
signals of the metering valves and the 1% stage of the antiskid
valves are supplied by the block representative of the system
inputs through dimensionless connections of signal type. For
simplification purposes, no feedback is assumed in the 1%
stage of the antiskid valve because a 2" order dynamics
already takes place between the input signal and its spool
internal position.
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Figure 6: Valve assembly internal model

Since the hydromechanical interface between its stages is no
deeply detailed in the schematics of Figure 2, a simplified
model for the antiskid valve 2" stage is adopted as illustrated
in Figure 7. The modeling of an electrohydraulic servovalve
with force feedback could include high order dynamics
according to [16]. However, the present model considers,
besides the own 2" order dynamics of the hydraulic valve
element of LMS Amesim® hydraulic library, an internal loop
between the output pressures of the 15t and 2™ stages in order
to define the pilot pressure of the valve 2™ stage. In Figure 7
the fixed hydraulic orifice and simple hydraulic chamber
elements are used to help system stability. In practice, they
might represent detailed internal characteristics of the real
physical component like passage restrictions or dead
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volumes. Moreover, the actuation area of each pressure is
weighted by means of the gain associated with each hydraulic
pressure sensor element, being the resultant force simplified
by a dimensionless signal responsible for operating the 2"
stage. The normalization and unit adequacy of the
dimensionless control signals are done by adjusting the
internal properties of the hydraulic valves blocks.

pe
OUTPUT ' | OUTPUT

Figure 7: Pilot scheme for antiskid valve 2" stage model

Finally, the check valves located inside the valve assembly
are modeled making use of the spring-loaded check valve
element of LMS Amesim® hydraulic library. The relationship
between pressure drop and flow in that element obeys the
pressure drop through orifices formulation but considering
the change in the orifice passage area as a function of its
internal spool position. The present check valve model does
not incorporate any internal dynamics and, nevertheless,
allows a mild hysteresis to be taken into consideration for the
valve opening and closing actions [15].

2.2 Brake Assembly Modeling

In an aircraft hydraulic brake system with antiskid function,
characterized by fast and cyclic braking pressure actuations,
the brake assembly dynamics assumes an important role in
the overall system performance. Therefore, in the current
brake assembly designs, whose constructions normally apply
steel or carbon disks in a multiple disk configuration, the
behavior of the disk friction coefficient is extremely relevant.

The materials used in the brake assembly disk design should
present particular relevant characteristics, responsible for
allowing to them a satisfactory useful life, efficient heat
absorption and dissipation, and an appropriate behavior in the
brake torque. According to [17], properties like a consistent,
high friction coefficient, low wear rate, good resistance to
high temperatures, minimized volumetric expansion and high
values of thermal conductivity and specific heat denote
desirable characteristics for those materials.

Figure 8 describes the equilibrium of forces in a multiple-disk
hydraulically operated brake assembly. With the disks totally
compacted, the piston tangential brake force can be given by
eq. (7). It is a function of the disk friction coefficient, the
acting force resultant from hydraulic pressure application and
the opposing force of the piston return mechanism. The
overall brake torque can be obtained from eq. (8).

Fbrakingj = Zﬂdisk (Factionj - Freturnj) (7)
Npistons
Tbraking = RpistonNrotors Z Fbrakingj (8)
j=0
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Figure 8: Forces acting on a multiple-disk hydraulically
operated brake assembly

The LMS Amesim® model of brake assembly is shown in
Figure 9, where a total of 6 (six) pistons is assumed for the
equipment. The physical and constructive properties of each
piston are represented by the mass and piston elements of
mechanical and hydraulic component design libraries,
respectively. The piston dynamics is also modeled by two
elements of the mechanical library: an elastic contact
element, responsible for simulating the piston free
displacement until its contact with the disks, and by an ideal
linear spring element, representing the piston return
mechanism. The compacting behavior of the brake heat sink,
given by the rotors and stators, is modeled in the right portion
of the figure. For that purpose, mechanical elements like
masses, dampers and ideal springs with variable stiffnesses
are applied.

The overall internal volume of the brake assembly is split into
two identical hydraulic volumes with pressure dynamics
elements, being each one supplied by an independent line of
the brake system and connected to a group of three pistons.
Those elements are also capable of representing the
volumetric variation due to pistons displacements.
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Figure 9: Brake assembly model in LMS Amesim®
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Lastly, different models are available in practice to reproduce
the friction behavior of the brake assembly disks. Depending
on the relevant characteristics like static friction, lubricant
effects and dynamic behavior, the most appropriate model
can be selected and its fidelity in reproducing the brake torque
real behavior shall be later validated through dedicated tests.

For the present work, the brake torque is obtained by means
of the rotary Coulomb and stiction friction element from the
LMS Amesim® mechanical library, which considers the
wheel speed and the compacting force as inputs. Applying the
reset-integrator model, it allows the stiction effect modeling
through the use of a dynamic model whose integrator is
introduced by means of an internal variable associated with
the pre-slip displacement. The resultant brake torque given by
the reset-integrator model can be represented as a function of
the relative angular displacement and velocity between the
contact surfaces as shown in the graphs of Figure 10.
Different values for the static torque and Coulomb friction
torque may be adopted in this model, as well as a continuous
transition between them as known as the Stribeck effect. The
existence of viscous friction in the static friction region may
also be considered to avoid the occurrence of non-physical
oscillations [15].

Tfrict & Tfrict &

T j---——--——-- - Ts
To {4 - Te .L-____

=Y

Figure 10: Friction torque as a function of relative angle
and velocity. Source: [15]

3 Model Simulation and Validation

In order to guarantee the representativeness of a mathematical
model, it becomes necessary to compare the simulation
results with reference data, which could be taken from the
literature, dedicated tests, component qualification data or
even from full-scale aircraft tests.

Therefore, the information provided in [12][13] for the fighter
aircraft brake system under analysis will be applied herein to
validate the developed model. The studies addressed in
[12][13] afford technical information and results of tests
accomplished in brake systems of aircraft from 1950s and
1960s, which have become public and can be used for
analysis and validation of computational models.

The simulation and validation of the hydraulic brake system
model will be presented in two steps: the brake assembly and
the hydraulic system behavior analyses.

3.1 Brake Assembly Analysis

The results of brake assembly nominal model validation are
shown as follows. The graph of Figure 11 presents the
relationship between the hydraulic volume filled inside the
brake assembly and the applied brake pressure. As it can be
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noticed, the simulated curve approximates satisfactorily the
reference curve from [13]. Singular points like the beginning
of the pressure increase when the piston return mechanism
preload is surpassed by the brake pressure (at about 15 cm?®)
and the stiffness increase at the effective contact between the
disks (from 30 cm® to 40 cm?®) become the simulated curve
similar to ones typically applied in brake system
specifications. On the other hand, the difference noticed
between them at the beginning of brake assembly
pressurization could be explained by some factors like: the
hydraulic dynamics resultant from the way the pressure was
applied in the reference test, the definition method used for
raising the tested curve, or even by some functional property
change of the brake assembly used in the aforementioned test.
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Figure 11: Brake volume x brake pressure curve

The brake torque responses for a hydraulic pressure
application of 1600 psig (11.0 MPa) are shown in Figure 12
and Figure 13 for a constant rotational velocity of 2000 rpm
and 1 rpm, respectively. Hydraulic pressure is applied at 0.5
second from simulation start to disregard any undesirable
oscillation due to algorithm initialization.
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Figure 12: Brake assembly torque curve (1000 rpm)

Since the model constructed to reproduce the brake assembly
performance is made out of a combination of damper and
stiffness elements, the simulated output in Figure 12 does not
fit exactly the 2" order curve suggested by [12]. However,
the obtained curve is considered satisfactory to reproduce the
dynamic response of the brake torque because it presents the
same overshoot, a few oscillations and basically the same
settling time after the peak as the reference curve.

In Figure 13 a small rotational velocity is applied to the disks
to allow the assessment of the static friction behavior of the
brake assembly model. The validation is done by adjusting
the torque peak value in that condition to be in agreement
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with the peak torque gain informed in [12]. On the other hand,
the meaning of the peak torque gain as provided in the
reference seems to be more comprehensive since [12]
associates its start with a particular wheel velocity. Therefore,
it could be related to a more complex behavior of the friction
coefficient at low velocities during the rotors deceleration, or
even to the impacts of heat sink temperature. Nonetheless,
those effects are not simulated in the current model.
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Figure 13: Brake assembly torque curve (1 rpm)

3.2 Hydraulic System Analysis

The dynamic response of the brake hydraulic system
described in Figure 6 and Figure 7 is validated in three steps.
Firstly, the step response of brake pressure is compared to the
reference curves provided in [13], allowing the determination
of most of the valve parameters in the valve assembly, mainly
those related to pressure drops and dynamic responses.
Afterwards, a frequency response analysis is accomplished
and checked against main properties provided in [13], in order
to confirm the valve assembly response is appropriate.
Finally, some last adjustments are made in the antiskid valve
parameters by assessing the adequacy of the provided brake
pressure as a function of the valve input signal if compared to
reference boundaries of [13].

The graphs shown in Figure 15 and Figure 16 describe the
simulated step response in brake pressure, with a supply
pressure of 1650 psig (11.4 MPa), in two different conditions:
pressure increase and pressure removal. However, since it is
not detailed in the reference if the pressure step was simulated
by the supply pressure or by a brake pedal deflection, the
latter was adopted in the present work because it better
represents the system functioning principle. Figure 14
illustrates the use of piecewise linear signal source elements
and constant signal elements, both from LMS Amesim®
signal and control library, to simulate the metering valve and
antiskid valve inputs, respectively. For the current simulation,
the step input is applied in both metering valves, meanwhile
the other inputs are kept null.

LH Antiskid
LH Piot Pedal Valve Signal
o Q=
o 0
RH Piot Pedal RH Antiskid
Valve Signal

Figure 14: Input block elements for step response analysis
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In both figures the pedal application or removal takes place at
0.5 second of simulation time. As it can be noticed, the
simulated curve in Figure 15 approximates satisfactorily the
reference curve of [13]. Dynamic characteristics like delay
response time for pressure increase, rise time, overshooting
and damping behavior are adequate if compared to the
reference curve, which was measured in [13] during a test rig
experiment. The difference between the steady state values is
of only 48 psig (0.33 MPa).

An acceptable result is also obtained in Figure 16, which plots
brake pressure response when the brake pedal actuation is
removed. The reference curve of [13] is reproduced
superimposed on the simulated graph for comparison. The
only significant difference between the curves is noticed at
about 0.9 second of simulation, when the model curve
presents some pressure fluctuations that are not found in the
reference one. Those oscillations start at the exact moment
the brake assembly pistons return to their mechanical stop,
which creates a phenomenon similar to suction and that could,
in the real system, lead to the occurrence of a localized
cavitation. The absence of that behavior in the real system
curve of [13] could be explained by one or a combination of
the following factors: use of a lower data acquisition rate
during the test, pressure measurement in a system different
point since the effect is less pronounced along the tubes that
connect the assembly valve to the brakes hoses, or indeed due
to a higher damping existing in the piston stop of the real
brake assembly. Nevertheless, those pressure fluctuations are
not relevant to the brake torque and, subsequently, to brake
assembly performance because they result in a piston force
that is smaller than the return mechanism preload.

x10°

2.0

18-

16

=14

=

o 12

g

51.0

o

o 0.8

2

&

S 06

0.4

0.2 — REFERENCE CURVE
0.0 T ——SIMULATED CURVE
“04 05 06 07 08 09 10 11 12 13 14 15

Time [s]

Figure 15: Step response (increase) for 1650 psig
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Figure 16: Step response (removal) for 1650 psig

Peer-reviewed Paper,
Accepted for publication on 2017-04-26.

36

The same brake response simulation is accomplished in other
two different conditions of supply pressure, 1490 psig (10.3
MPa) and 825 psig (5.7 MPa), and compared to the main
properties informed in [13] for tested curves. The obtained
values and respective errors of the simulated curves are
summarized in Table 1 and Table 2 for pressure increase step
and removal step, respectively, for the three supply pressure
conditions. The results are assessed as satisfactory.

Table 1: Step response (pressure increase)

Response Time to Percentage
Test Del?/inljgs(g? nse 80090 of Pressure | Overshoot ofg Step
Pressure Change (s) Change

(psig) | Measured | Error | Measured | Error | Measured | Error

W ) (s) (%0)
1650 0.081 |0.003| 0.109 ([-0.005 16.2 -1.1
1490 0.084 |0.037| 0.111 |[-0.009 18.8 -0.1
825 0.107 |0.019| 0.137 |-0.006 30.4 28.8

(1) Value corresponds to the instant of pressure increase after initial step in graph

Table 2: Step response (pressure removal)

Delay Response Response Time to Percentage
Test Time (s) 80% of Pressure | Overshoot of Step
Pressure Change (s) Change
(psig) | Measured | Error | Measured | Error | Measured | Error
o (s) (s) (%)
1650 0.006 |-0.010| 0.078 | 0.021 0 0
1490 0.006 |-0.007| 0.083 |0.018 0 0
825 0.006 |-0.006| 0.362 |0.102 0 0

The next step of the validation process comprises the system
frequency response, which evaluates the system steady state
output when a sinusoidal input is applied. Since reference
[13] does not describe in details how the oscillating pressure
was supplied during the system tests, some assumptions
needed to be made in the present modeling.

The oscillating input pressure is applied in the LMS Amesim®
model by considering a constant value for the hydraulic
pressure source element of Figure 4, equal to the maximum
value within the tolerance informed by the reference, and a
sinusoidal input only in the LH pilot pedal as illustrated in
Figure 17. The average and amplitude values of the sinusoidal
signal are adjusted in such way that, when statically simulated
to its minimum and maximum values, a pressure range close
to the tested one of [13] is obtained. Null values are adopted
for the other inputs. The brake pressure is measured in the LH
brake assembly.

LH Antiskid
LH Pilot Pedal Valve Signal
Py
(kp (ky
RH Piot Pedal RH Antiskid
Valve Signal

Figure 17: Frequency response analysis input elements

For the frequency response analysis, LMS Amesim® software
requires the system model linearization at an operational
point. Therefore, for each simulated condition, a 1-Hz input
signal is applied for 5 seconds and the linearization point is
defined after reaching the steady state behavior. Figure 18
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shows the linearization point for the first simulated condition,
which considers a 750 psig (5.2 MPa) supply pressure. For
the pilot pedal input, a dimensionless signal with average of
0.73 and amplitude of 0.27 is adopted. It leads to a hydraulic
pressure range of 344 psig (2.4 MPa) to 744 psig (5.1 MPa)
in the brake assembly when the input is applied statically
(with null frequency) at its limits. As a result, a simulation
condition with an average brake pressure of about 550 psig
(3.8 MPa) is obtained.
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Figure 18: Linearization point for 550 psig condition

The Bode plot of the hydraulic brake system model is shown
in Figure 19 for the 550 psig pressure condition. The
reference frequency response, raised by test and provided in
[13], is also reproduced in Figure 20.
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Figure 19: Frequency response for 550 psig condition

Although the gain reference curve presents a different scale,
probably due to the use of another approach for applying the
oscillating input pressure, it is possible to notice in Figure 19
the same very smooth resonant peak before the frequency of
8 Hz, followed by a about -40dB decay in the frequency range
of 10 Hz to 40 Hz. However, the frequency response beyond
50 Hz is not modeled herein and understood as not relevant
for the system dynamics. Concerning the phase angle
behavior, the simulated curve in Figure 19 is considered
acceptable if compared to the one illustrated in Figure 20. In
general terms, both curves comprise a phase angle change
from a small absolute angle, between 0° e -30° in the
frequency of 1 Hz, up to approximately -270° to -320° at 40
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Hz. As aresult, the gain and phase angle curves approximates
reasonably the curves raised by test for practically the same
test condition.
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Figure 20: Reference frequency response for 550 psig
condition. Source: [13]

Another test condition is also simulated considering a
constant supply pressure of 1300 psig (9.0 MPa) and a
dimensionless input signal for pilot brake pedal with an
average value of 0.81 and an amplitude magnitude of 0.19.
The resultant brake pressure ranges from 883 psig (6.1 MPa)
to 1291 psig (8.9 MPa) when the input is applied statically at
its minimum and maximum values. Therefore, it represents a
simulation condition with an average brake pressure of about
1110 psig (7.7 MPa).

Table 3 summarizes the main properties of the frequency
response determined by means of the simulational model for
both operational conditions. The results comparison with the
data provided in [13] is not so straightforward, because the
reference presents the results of tests accomplished at four
different conditions with average pressures close to the ones
simulated herein but with two different amplitudes for each
case. In general terms, close values for the properties are
found for both simulated conditions. On the other hand, the
result values shown in Table 3 have averages smaller than the
ones found in the test results of [13]. Finally, it is important
to highlight that, despite [13] refers to the phase angles as
positive values, they are understood as negative magnitudes
based on the axle orientation shown in Figure 20 and also on
the own dynamics expected for the system under evaluation.

Table 3: Frequency response main properties

Reference [Resonant Point| Gainat | Phase Angle | Frequency
Test Frequency or -3| Resonance |at Resonance| at-90°
Pressure | dB Frequency | or -3 dB or-3dB Phase
(psig) (Hz) point (dB) | (degrees) |Angle (Hz)
544 + 200 3.0 0.12 -51 5.0
1087 £ 204 3.0 0.09 -50 5.1

The last phase in the hydraulic system validation process
consists in the static evaluation of the brake pressure under
the antiskid valve actuation. For this purpose, the relationship
between the antiskid valve input and the resultant brake
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pressure is verified by applying a step input in the antiskid
valve 1% stage and measuring the hydraulic pressure in the
brake assembly after the necessary stabilization time has
elapsed. Figure 21 illustrates the antiskid valve step input.

LH Antiskid
LH Pilot Pedal Valve Signal
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o P
RH Piot Pedal RH Antiskid
Valve Signal

Figure 21: Input elements for antiskid valve actuation
analysis

For a supply pressure condition of 1660 psig (11.4 MPa) and
pilot brake pedals full application, Figure 22 depicts the brake
pressure response when a step input of 46% of its total scale
is introduced at 0.5 second of simulation. As it can be seen,
the brake pressure presents an oscillatory transient associated
with the opening kinematics of the antiskid valve, illustrated
in the figure by the relative position of its 1% stage internal
spool. Afterwards, due to the dynamics of the system
hydraulic accumulators, the brake pressure magnitude is
slowly reduced before reaching a more constant value after
some seconds of simulation.
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Figure 22: Brake pressure with a 46% step input in the

antiskid valve

Several simulations are run with incremental improvements
of 0.5 in the antiskid valve input signal and the brake pressure
is measured after elapsing 5.0 seconds of simulation. Figure
22 highlights the measuring point. The same process is
repeated for three distinct supply pressure conditions, that is,
1660 psig (11.4 MPa), 1020 psig (7.0 MPa) and 490 psig (3.4
MPa), and the results are plotted in Figure 23, Figure 24 and
Figure 25, respectively. The expected range of system
response, probably due to valve hysteresis, is provided in [13]
for each simulated condition and reproduced in the figures for
a better comparison. The x-axis comprises the valve input
signal, which is dimensionless in the present model and has a
limit value of 13.

The results obtained through LMS Amesim® computational
model demonstrate a good relationship with the reference
boundaries for lower and higher magnitudes of antiskid valve
input signal. The main divergence is observed for
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intermediate input signals, when the simulated brake
pressures assume values inferior to the limits informed in the

reference.
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Figure 23: Brake pressure as a function of antiskid valve
actuation for 1660 psig
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Figure 24: Brake pressure as a function of antiskid valve

actuation for 1020 psig
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Figure 25: Brake pressure as a function of antiskid valve
actuation for 490 psig

Regarding the intermediate antiskid valve input values,
difference in the time adopted for pressure measurement or
the own simplification adopted in the current modeling for
the pilot dynamics between the antiskid valve stages are
factors that might help explain the lower brake pressure
values found in the simulation for those conditions. In order
to illustrate the first point, simulations are repeated in Figure
26 for a supply pressure condition of 1660 psig (11.4 MPa),
but reducing the measurement time to 1.0 second of
simulation. As illustrated, results better adjusted to the
boundaries are obtained if compared to the previous results of
Figure 23.
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Figure 26: Brake pressure as a function of antiskid valve
actuation for 1660 psig (measuring at 1.0 second)

Finally, a brake pressure higher than the supply pressure is
noticed in Figure 25 for the null input condition. The
justification for this behavior lies on the fact that an
accumulator precharge pressure (700 psig) (4.83 MPa) higher
than the supply pressure (550 psig) is adopted in the
simulation. This condition, together with the presence of
check valves in the system, allows the occurrence of a
phenomenon similar to hydraulic lock. However, this effect
does not impact the system operation since the hydraulic
pressure supplied for the brake system in normal conditions
(3000 psig) (20.68 MPa) is significantly higher than the one
applied in that simulation case.

4 System Fault Simulation

As described in chapter 1, there are currently several
structured methodologies and others ongoing studies to
support the use of models in fault detection and diagnosis of
aeronautical systems. Complete and well-organized
processes like the ones described in [18] are also commonly
applied when developing the safety assessment of aircraft
airborne systems and equipment. Moreover, robust methods
like the MSG-3 are nowadays used as reference for the
elaboration of maintenance programs in aviation industry.

Considering this background, the present activity does not
aim to replace the aforementioned methods, but just to
illustrate a simplified, alternative or complementary approach
to making a faster assessment of failure impacts on system
behavior. The present methodology could be applied during
detailed or even conceptual design phases of a system
development process. It takes advantage of the current
availability of physical modeling software with fast
simulation times, which is exemplified herein by the LMS
Amesim® model, simulated and validated in chapter 3.

This methodology is described in the flowchart of Figure 27
as divided into six steps. Each phase will be discussed as
follows during the execution of an example for the brake
system under analysis.

Phase 1:

Three particular failure modes are selected for the present
study: a piston jam at extended position in one brake
assembly, relevant internal leakage between the stages of
antiskid valve, and noise in antiskid valve input signal.
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Figure 27: Simplified approach of model-based fault
assessment in system operation

Phase 2:

Although more than a single variable might be impacted by
each of the failure modes previously selected, only one signal
per simulated failure will be chosen herein for demonstration
purposes. Therefore, the brake torque will be applied to assess
the impacts of the piston jam failure condition, meanwhile the
brake pressure will be used to evaluate the effects of the other
two failure modes.

Phase 3:

The impacts of a system failure mode shall be evaluated
throughout the operational envelope. However, the current
assessments will be limited to plotting only a single condition
of operation for each failure mode to not be so extensive. A
supply pressure of 1650 psig (11.4 MPa) is considered for the
analyses.

The first simulated failure mode comprises the piston jam
condition in one brake assembly. Since the gap before the
beginning of disks compacting is 2.0 mm and the overall
piston stroke is about 3.5 mm, it is adopted a hypothetical
piston jam condition at 2.5 mm for the simulation. The
implementation of this failure mode in LMS Amesim® model
is straightforward, done by changing the initial displacement
of one mass element of Figure 9 to 2.5 mm. In order to avoid
computational errors, its lower and higher displacement
limits are also updated to a small tolerance upon that value,
that is, 2.4 mm and 2.6 mm, respectively. Therefore, a
comparison between the brake assembly torque responses at
1000 rpm for both nominal and failed conditions is
reproduced in Figure 28. The simulation consists of applying
full pilot brake pedals in 0.5 second and releasing them at 1.5
seconds of simulation.
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Figure 28: Brake torque response (nominal x failed)

The second failure mode to be analyzed is a significant
internal leakage between the stages of one of the antiskid
valves. Aiming to implement that failure, the pilot scheme
shown in Figure 7 is updated for only one of the two antiskid
valves by introducing a fixed laminar hydraulic orifice
element between the outputs of the 1%t and 2" stages of the
valve. The internal leakage implementation is depicted in
Figure 29. Assuming the leakage is resultant of an increased
gap in the spool bearing, the following dimensions are
adopted for the orifice: 10 mm of width, 0.3 mm of clearance
and 10 mm of length.

OUTPUT ' OUTPUT
& Leakage

Figure 29: Antiskid valve internal leakage implementation

At first, no relevant difference is noticed in the brake pressure
curves of both nominal and failed conditions when the same
simulation input of the previous analysis, that is, full pilot
brake pedals application in 0.5 second and release at 1.5
seconds of simulation, without any antiskid valve actuation,
is applied. Therefore, a new condition is simulated
considering now the actuation of the antiskid valve. For that
purpose, the antiskid valve input signal illustrated in Figure
30 is used to exemplify the brake system behavior under
antiskid system actuation. Full brake pedals application is
assumed throughout the simulation time interval.
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Figure 30: Antiskid valve input signal adopted for analysis
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As a result, the brake pressures measured in both group of
pistons of the brake assembly subjected to the actuation of the
faulty antiskid valve are plotted in Figure 31. The pressure
response in the other brake assembly, used herein as
reference, is also provided in the same figure.
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Figure 31: Brake pressure response (normal x faulty valve)

Finally, the third failure mode analysis consists in evaluating
the impacts of a noisy antiskid valve input signal. That
condition is simulated by adopting the same input signal
profile of Figure 30, but adding a pseudo-random element in
one of the antiskid valve signals as described in Figure 32.
Again, full brake pedals application is considered along the
whole simulation time interval.

Noise
. LH Antiskid
LH Pilot Pedal @ | Valve Signal
(A
A A
RH Piot Pedal RH Antiskid
Valve Signal

Figure 32: Noise added in LH antiskid valve signal

The resultant noisy signal of LH antiskid valve input is shown
in Figure 33. A pseudo-random function of 50 Hz and
amplitude equal to 1.2, which represents 10% of the
maximum value of Figure 30, is adopted for the simulation.
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Figure 33: Noisy signal of LH antiskid valve input

The measurements of the resultant brake pressures in both
brake assemblies are reproduced in Figure 34. The noisy input
signal of Figure 33 is applied to the antiskid valve that
operates the LH brake assembly, while the pure signal of
Figure 30 is used for the RH brake assembly antiskid valve.
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Figure 34: Brake pressure in brake assemblies (LH x RH)

Phase 4:

The two main effects of a piston jam condition in brake
assembly can be noticed in Figure 28 for the brake torque
behavior. For the simulated conditions, the unavailability of
one piston represents a loss of 16.5% in the maximum torque
value and the existence of a residual torque of 2662 N.m after
brake pressure removal.

Several effects of a significant internal leakage between the
stages of antiskid valve are identified through Figure 31. First
of all, the leakage impacts not only the group of pistons
actuated by the 2" stage with the failure, but also the other
group in the brake assembly since it is under the control of
the same antiskid valve. The second effect regards the brake
pressure level achieved at each stage of the antiskid system
actuation. As represented by the black curve, the normal
valve allows a brake pressure dump of about 90% in the first
stage (from 0.6 to 1.0 second of simulation) and 50% in the
second stage (from 1.5 to 2.0 seconds) if compared to the
initial brake pressure at 0.3 second. On the other hand,
reductions of no more than 6% in the first stage and 15% in
the second stage of the initial brake pressure are achieved for
the most critical group of pistons (blue curve) when the
failure is present. Finally, the pressure curves of the brake
assembly actuated by the faulty antiskid valve reach the final
asymptotic curve in the end of cycle approximately 0.65
second earlier than the nominal curve.

The last simulated failure mode demonstrates in Figure 34 to
have no relevant impact on the first stage of pressure dump
(from 0.6 to 1.0 second of simulation), but the second stage
is characterized by an oscillatory behavior with an average
value about 14% smaller than the original curve, which lasts
until simulation time reaches 2.7 seconds.

Phase 5:

The objective of the present phase is not to determine herein
the severities or probabilities of the failure modes, but only to
make a qualitative assessment about the potential impacts of
those failures in the system safe operation.

As evaluated in the previous phase, the piston jam condition
might be responsible for a reduction in the available brake
torque of a brake assembly, as well as for the existence of a
residual torque on it. As a result, the overall aircraft stopping
distance in landing might be jeopardized by the first effect
and an adverse condition referred to as dragging brake might
occur due to the second effect. A dragging brake condition
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may eventually lead to inadvertent yaws on the ground or
even to a tire burst event because of the generated heat on the
tire.

Due to the abnormal behavior identified in the brake pressure
curve during the operation of antiskid valve with internal
leakage, the antiskid system performance is the most affected
by that condition. The inability of dumping the brake pressure
when required significantly impacts the antiskid system
principle of operation, increasing the possibility of a wheel
skid and, consequently, a tire blowout.

Lastly, the impacts of the noisy antiskid valve signal
condition might not be so relevant as those of the previous
failure modes. However, the present failure condition might
contribute to the reduction of the antiskid system efficiency
and potentially lead to some landing gear vibration issues due
to the unexpected oscillations developed in the brake pressure
response.

Phase 6:

A piston jam event is not a failure condition easy to be
detected at real-time, except perhaps by its potential effects.
The brake temperature monitoring system (BTMS) can
normally identify a brake overheating due to a dragging brake
during takeoff and alert the crew to not retract the landing
gear on that condition, avoiding a more critical scenario for
aircraft safety to take place. On the other hand, during ground
maneuvers the crew will need to pay attention to any
perception of inadvertent yaw in order to counteract it by
means of landing gear steering and rudder pedals. Moreover,
the accomplishment of regular brake assembly overhauls and
the execution of system periodic functional tests may help the
detection of abnormalities with the brakes pistons.

A valve internal leakage comprises a failure mode difficult to
be diagnosed during maintenance tasks. Since it might have
significant impacts on the antiskid system functionalities, the
development of a monitoring control loop to detect the
resultant effects of that failure could be a solution that needs
to be evaluated and have its feasibility checked. The antiskid
valve redesign aiming to minimize the impacts of an internal
leakage between its stages could also be another option for
further analysis.

Finally, the detection of undesirable noise in control unit
signals represents one of the most challenging tasks during
failure investigations. Besides the possibility of happening
only at some particular operational conditions, which makes
it difficult to reproduce the failure during maintenance
activities, the effects of a noisy signal might not be so
pronounced as those of other failure conditions.
Consequently, architecture solutions to avoid noise and
vibration sources, a good component qualification test
campaign and the execution of several system integration
tests on the aircraft might represent solutions to minimize the
noise occurrence. The implementation of a health monitoring
system to predict system degradation based on the
measurement of the quality of relevant variables signals could
also be an alternative to be studied during the system
development phase.
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5 Conclusions

The objective of the present work was to demonstrate the use
of a computational model of an aircraft hydraulic brake
system to assess the behavior of system relevant variables in
normal operational conditions and the potential effects of
typical failures in system performance.

The example of modeling and simulation accomplished in
LMS Amesim® software seemed to be satisfactorily
representative of an aircraft hydraulic brake system based on
the results of the model validation process. Data from the
literature for a real aircraft brake system was applied to
support validation.

The current work also covered a review of aircraft brake
systems, their functionalities and some methodologies
currently applied for model-based fault detection and
diagnoses. Moreover, a simplified approach to making a
quicker assessment of failure impacts on system behavior was
introduced and its main steps better described by means of
some practical examples. The present methodology takes
advantage of the current availability of physical modeling
software with fast simulation times, which is exemplified
herein by the use of a LMS Amesim® model.

Simulation of more failure mode cases and the integration of
the current model with the antiskid system controller, aircraft
body dynamics and wheel/tire model are instances of
potential future works. In a fully-integrated model, the brake
assembly and hydraulic brake system models could be deeply
evaluated considering their interfaces. Besides the check of
performance requirements like aircraft stopping distance, it
would also allow a quantitative assessment about the failure
impacts by comparing the results of efficiency parameters of
the antiskid system in normal and faulty operational modes.

Finally, the topics addressed in the current work could be
applied to help support the verification process of system
compliance with performance and safety requirements, as
well as for early identification of failures and operational
problems still during the product development phase,
highlighting the gains of applying them in the context of
aeronautical systems engineering.

Nomenclature

A list of the variables and parameters referred to in this article
is present below.

Designation  Denotation Unit
Ao Orifice area [m?]

c Sound speed [m/s]
Cq Discharge coefficient

o Ideal compliance [m3/Pa]
D Tube inside diameter [m]

Do Restrictor orifice diameter [m]

Dy Dissipation number

Peer-reviewed Paper,
Accepted for publication on 2017-04-26.

f Tube friction factor

42

Facton Piston actir)g _ force from IN]
pressure application

Fresult Piston resultant force [N]

Freturn Piston oppos!ng force from IN]
return mechanism

i Node index

i Index of number of pistons

I Inertance parameter [kg.m*]

L Tube length [m]

N Number of nodes

Npistons Number of pistons

Nrotors Number of rotors

P Line pressure [Pa]

pi Pressure in node with index i [Pa]

Q Fluid flow [md/s]

qi Flow in node with index i [m?/s]

R Tube internal section radius [m]

Roison g;:gélcatlon radius of brake [m]

t Time [s]

Toraking Brake torque [N.m]

Te Coulomb friction torque [N.m]

Thrict Friction torque [N.m]

Ts Static torque [N.m]

v Tube internal volume [m?]

Vi Flow velocity [m/s]

1) Laminar flow coefficient

AP Pressure variation [Pa]

0 petveen suraces T (ad]

u Fluid dynamic viscosity [Pa.s]

Uaisk Disk friction coefficient

9 Kinematic viscosity [m?/s]

p Fluid density [kg/m?]

o oo v g
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Abstract

The primary function of an aircraft fuel system is to provide a reliable fuel flow at a rate and
pressure established for proper engine functioning for each operational condition and aircraft
certification requirement. However, to provide fuel flow at a given pressure all sub-functions of
the fuel system must work properly simultaneously and integrated as the pressure refueling,
quantity gauging, control, and ventilation systems. The present work describes the model
creation and simulation for aircraft fuel system during pressure refueling and single engine
operation. Since the fuel system is composed of several subsystems highly integrated to each
other, the proper functioning of the fuel system depends on this integration and a literature
review was accomplished in order to raise the required information regarding sub-functions
integration to create the model in LMS Amesim®. The LMS Amesim® model created to
represent the existing correlations between each sub-system was simulated for pressure
refueling and engine operations. Finally, the result of model simulation shows the functioning
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of the fuel system for normal operational conditions in conjunction with its sub-systems.

Keywords: Modeling, simulation, aircraft, fuel, system

1 Introduction

The primary function of an aircraft fuel system is to provide
a reliable fuel flow at a rate and pressure established for
proper engine functioning for each operational condition and
aircraft certification requirement. Without the constant fuel
supply (within the proper limits) the motive thrust provided
by the engine could be compromised as well as aircraft
ability to sustain flight. Thus, the fuel system shows itself as
essential for a safe flight and mission accomplishment [1].

Other functions of the fuel system in modern aircraft are
given by the close relation between overall systems
performance as shown in fig.1. The fuel system can interfere
in the aircraft performance by moving the CG positioning
thus changing flight control stability margins. The fuel can
be used as heat sink for systems with high rates of heat
generation, or even as hydraulic fluid [2] for example in
case of the Lockheed SR-71 Blackbird fuel valves located
close to the afterburner [3].

The fuel system is composed of several subsystems to
comply with the functions required by the propulsion
system. In this way, the system is divided in the following
subsystems: engine feed, fuel storage, refuel and defuel, fuel
transfer, engine feed line fuel pressurization, vent systems,
fuel jettison, in-flight refueling, and others. The proper
functioning of the fuel system depends on the performance
and integration of the aforementioned subsystems, for this
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reason some of them, depending on the aircraft missions,
must be tested to guarantee its integration [4].
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Figure 1: Fuel system typical schematic [1]

The work presented herein aims to model and simulate the
fuel system of a single engine aircraft to determine the
behavior of the entirely system by the simultaneous and
integrated simulation of it sub functions. The fuel system
architecture chosen for the simulation is based on military
aircraft applications in order to represent specific
operational conditions and restrictions, as the use of a main
tank which needs to be completely full during operation.
The focus of this work is to model and simulate an aircraft
fuel system for refueling and defueling operations, and also
pressurization of engine feed line. All system models are
implemented in LMS Amesim®. The main components
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behavior is presented in graphs to validate the hypotheses
made and requirements to modeled system.

The LMS Amesim® is a multi-physics model and
simulation software where different domains can be
integrated and analyzed simultaneously. In addition it has
specific aerospace libraries such as the fuel system library
which presents already implemented application as gaging
system and fuel tank models. The LMS Amesim® was
chosen for this analysis because of the already modeled
components and the capability of integrating different
domains in the same model.

2 Modeling and Simulation

The modeling process adopted for this work consists of
identifying the fuel system functions to be tested, the
components used to perform system functions, and fuel
properties. Therefore a specific fuel system was chosen
based on the real application and also to represent the
aspects related to a generic aircraft fuel system model
presented in fig.2. The fuel system model was developed
with LMS Amesim®. The hypotheses and simplifications
applied to fuel system model adopted for analysis, as well as
generic parameters used to represent real components will
be described in next sections.

Engine Feed Line

Main Tank (MT)

Left Auxiliary Tank (LAT) Right Auxiliary Tank (RAT)

Vent
System \

XFER Pump
Left Collector

La »
U
Tank (LCT) ? XFER Valve

Pressure Refueling

Figure 2: Fuel system adopted for analysis

Right Collector
Tank (RCT)

In the modeling process adopted for this work, Jet A-lis
considered as the fuel reference for all analysis. As Jet A-1
is widely used for jet turbine and its properties are well
known for the range analysis, all simulations shown in this
section were developed using Jet A-1 properties.

There are a series of limitations imposed by the assumptions
made on LMS Amesim® libraries that work for fuel system
simulation as fundamental hypotheses. These simplification
hypotheses are listed below:

e The liquid temperature is homogeneous within the
tank;

e The gas temperature is homogeneous within the
tank;

e The fuel inertia is not considered while analyzing
fuel accelerations effect, thus slosh is not accounted
for in the presented analysis;
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e The reference frame definition is fixed, that is why
the tank has a one meter cubic form;

e The composition of the gas in the tank is not
affected by the fuel pressure and temperature state;

e Wall orifices are circular.

As the right and left tanks have the same characteristics,
components and functions, in this work it was used only the
left and collector tank to represent the entirely system.
Therefore the lack of information regarding right wing tank
functioning, the left wing tank in addition with the collector
tank present enough information about the functions to be
tested regarding the completely system, thus saving
computational effort.

As the collector tank has the purpose of providing fuel flow
at pressure and flow rate established by engine fuel
consumption during aircraft operation, it is very important to
have this tank full whenever it is possible [5]. To guarantee
that the collector tank will be full whenever the system has
enough fuel to accomplish it, this tank will be the first to be
refueled and the last tank to sold out during engine
operation.

The block diagram presented in fig.3 represents the fuel
system architecture chosen for analysis and presented in
fig.2. To represent all existing components in the
metaphysics simulation, the following libraries were chosen
from LMS Amesim® category path list: Aircraft Fuel
System, Signal, Control, Mechanical, Hydraulic, Pneumatic,
Thermal, Thermal Hydraulic, and Aeronautics & Space. In
this way all the components needed to represent the system
architecture in fig.2 were modeled in fig.3 for the fuel
system simulation.

+ TT

() Ventilation Jet pump
system Ventilation line / - —
== Eng. feed line
1
.~ Booster pump N
Ventilation 7
system _r‘:'"
.'.‘
ot
¥ -
b
—
-l
-
-
-
Left Ausiliary 1. E
Tank (LAT) ¥ i
_ Left Collector I
T ¥ Tank(LCT) T
R —— Q
Rerﬁelmg e |{i‘_|_ : Main Tank (MT}
receptacle |4 17 P—l_
S o :|_ ) Acrft & Environment || Operation
06 9
. ( 20® || [
, I [ Cg k- =W
A { | S g™
1 H s - 3 |
| i L (s 0
= & = , s O
I T I - = || A
TT _T TLL‘ Fuel Control b @ L RS
T l—,—" 3 System - GEFUEL 3| >
i T ys ol
5 e e

Figure 3: Fuel system model in LMS Amesim®

To run the presented fuel system model on LMS Amesim®
the program configuration chosen is a standard integrator
with a tolerance of 10-6.
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3 Results

The fuel system functions are highly integrated. The
ventilation, gauging, and management systems work in
parallel with the refueling, defueling, engine feed line, and
transfer fuel system. For this reason the simulation results
presented in this section corresponds to the fuel system
simulation as a whole. In the fig.4 and fig.5 it is presented
the parameters chosen to validate that the subsystems are
working properly to guarantee that all fuel system functions
are performed correctly. Time slices are shown to analyze
specific functions or operational procedures.

The operation of the refueling system requires an interaction
between the aircraft and ground service team or flight crew.
In the figures presented herein these interfaces are
represented as signal controls. During the simulation time,
the main signal controls are shown to exemplify the
actuation of two operational procedures: refueling and fuel
pumps activation. In fig.4 it is shown the signal controls for
the simulation model.

Firstly, the refueling signal, generally given by the ground
service team, shows that the refueling operation is
performed from O seconds until instant 800 seconds. During
this time defueling signal and fuel pump electrical signal are
not activated. After the completion of fuel tanks the fuel
pump is activated at instant 900 seconds and the fuel is
pressurized through the engine feed line until the end of
simulation at instant 46,886 seconds.
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Figure 4: Signal control

The fuel tanks dimensions adopted for the simulation are
cubes of one meter edge size only to simplify the gauging
system. The gauging system is composed of fuel probes
which inform the fuel level stored in each tank. The
indication of zero meters means that there is no fuel stored,
and one meter means that there is one cubic meter of fuel
stored, i.e. the fuel tank is completely full. Therefore, the
value presented by the fuel gauging system can be
interpreted as tank percentage completion.

In fig.5 it is shown fuel tank levels in meters during the
entire operation. The first graph shows the main tank (MT)
level responsible to provide fuel to the engine feed line, the
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second shows the left collector tank (LCT) level designed to
collect all fuel from the left auxiliary tank and transfer it to
the main tank, and the third graph presents the left auxiliary
tank (LAT) designed to store fuel. These three tanks (MT,
LCT and LAT) are presented in fig.3.
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Figure 5: Tanks level during system fuel system operation

As shown in the system architecture in fig.2 and model in
fig.3, there is one main liquid communication between the
left auxiliary tank and the left collector tank which is the
flapper valve. There are also two holes that connect one tank
to another, one hole is located in the bottom of the tanks and
the other in the top. Once the left auxiliary tank is refueled
and the liquid level reaches a minimum height to pressurize
the check valve, the check valve opens to allow fuel flow
from the outer to the inner wing tank. In fig.6 it is shown
that once the left auxiliary tank level increases, the fuel flow
in the check valve also increases until the end of the fuel
transference between tanks. Once the left collector tank is
fully refueled there is no pressure differential, so there is no
more fuel flow through the check valve.

At the instant 650 sec shown in fig.6, the upper hole that
connects both tanks (as shown in fig.3) is closed. As the
pressure inside the left auxiliary tank increases because of
the fuel level, the fuel flow rate through the check valve also
increases. Then, at instant 675 sec the left auxiliary tank is
completely refueled, as shown in fig.6 in the first chart. As
the duel flow is constant during tanks refueling, and the left
auxiliary tank is already fulfilled, the fuel flow rate for the
remaining tank increases, as shown in fig.6 in the second
chart, instant 675 sec.
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Figure 6: Tanks level and check valve fuel flow

To guarantee that the fuel tank is completely refueled at the
time needed using the pressure refueling system and without
causing any structural damage to the aircraft, it is necessary
to permit that the volume of air stocked in the tanks gets to
the atmosphere [6]. For this reason vent valves with
relatively high admissible flow rates are opened by the same
refueling signal. Thus the air stored in the tanks is removed
while tanks are refueled.

Because of the fuel system architecture adopted for the
analysis and also because of the tank refueling sequence,
while the main tank is refueled, the volume of air remaining
in the tank is expelled through the venting system at the
same rate the tank is refueled as suggested by graphs in
fig.7. The negatives values shown in the second row
indicates that the fuel is getting in to the fuel tanks. Since
the left auxiliary and collector tank ventilation system are
the same, the collector tank ventilates through the auxiliary
tank.

From instant 0 to 250 sec in the third chart of fig.7, as the
main tank is refueled, the maximum air flow through the
ventilation port is observed. From instant 250 sec to 650 sec,
the left auxiliary and collector tanks are refueled. As the
refueling point is located in the left auxiliary tank, the
auxiliary tank is refueled faster than the collector tank. For
this reason the air flow through its ventilation port is higher
than in the auxiliary tank. However, the sum of air flow
measured in both wing tanks has the same magnitude as the
flow measured between instants 0 to 250 sec in the main
tank.

At instant 650 sec in fig.7, the fuel level reaches the
ventilation hole located in the upper part of the wing tanks.
As the auxiliary tank is already full, and the ventilation hole
internal outlet is below the fuel level, the air flow stops in
the auxiliary tank ventilation port. As mentioned before,
once the auxiliary tank is refueled, all the fuel flow once
divided by the two tanks is directly transferred to the left
collector tank. For this reason, after instant 650 sec, the fuel
level in the left collector tank increases in a higher rate
compared to instant 250 sec to 650 sec. As the refueling
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ratio increases, the air flow through the ventilation system
also increases from 650 sec to 760 sec, shown in the third
chart of fig.7.
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Figure 7: Ventilation system operating during refueling

The most important function of the fuel system is to feed the
engine in any point of the aircraft flight envelope [5]. So in
order to avoid fuel starvation, the situation where the aircraft
has fuel but cannot provide it at require flow rate and
pressure to the engine, the fuel feed line is in many
applications pressurized by booster pumps. In this
simulation, a flow rate of 150 kg/h and line pressurization of
at least 6 psi adopted to guarantee that the engine will
receive the quantity of fuel needed for operation without
cavitation in the feed line. The engine's manufacturer
recommends an overpressure of 2 psi above fuel vapor
pressure in the worst envelope condition, and the maximum
fuel flow must be determined according to the maximum
engine consumption.

The fig.8 shows the main parameters related to engine feed
line pressurization during engine operation. The first chart
shows the fuel pump control signal used to actuate the
electrical pumps, in this case booster pumps. The fuel pump
is actuated just before tank refueling from instant 900
seconds until the end of simulation. The second chart
presents the fuel pressure provided by the booster pumps to
the engine feed line. In this case the pressure is measured
upstream to the check valve for engine feed line pressure
monitoring. The fuel pump parameters for analyses were
chosen to guarantee that the pressure in the fuel line remains
at least at 6 psi, however, according to simulation results,
the minimum pressure during aircraft operation is 8.7 psi.
The third chart shows the fuel flow through the check valve
during simulation. From instant 900 seconds to the end of
the simulation, the lowest registered flow rate is 152 kg/h.
Finally, the fourth chart shows the fuel tank level decreasing
while the engine is operating. Because of the fuel system
architecture adopted for the analyses, the booster pump
pressurizes the engine feed line and the jet pump. Therefore
fuel is transferred from the left auxiliary to collector tank by
the jet pump. Once there is no more fuel in the wing tanks
(left auxiliary and collector tanks), the fuel volume in the
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main tank decreases and then pressure inside the tank drops
until the vent valve reacts opening the check valve to allow
air to come into the main tank. For this reason a step is
observed in the pressure and fuel flow rates curves (second
and third charts) when the wing tanks are just empty.
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4 Conclusions

In the work presented herein aspects of correlation between
the fuel system sub-functions, and their integration were
studied using simulation. For the two operations simulated,
refueling and engine feed line pressurization, the interactive
behavior of gaging, ventilation, management, transfer, and
refueling subsystems was observed.

For the refueling operations simulation results shown that
while the main tank is refueled, an induced air flow
proportional to the refueling rate is observed in the
ventilation system. As the flow rate remains the same during
wing tanks refueling, the sum of the air flow from both wing
tanks exhausted by the ventilation system is the same
observed in the main tank. This behavior is similar to the
one observed in real aircraft.

Also for the refueling operations, the gaging system actuates
the shut-off valves to guarantee that the aircraft tanks will be
refueled in the correct sequence. As the operation starts, the
shut-off valve is opened while the valve located in the left
auxiliary tank remains closed. Once the main tank is
refueled, through the management system actuation, the
shut-off valve located in the left auxiliary tank opens
through the management system actuation, based on the
information provided by the gaging system. Finally, the
refueling operation is interrupted when the gaging system
identifies that all tanks have been fully refueled. A signal
control is sent to the management system that actuates the
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shut-off valves and finalizes the operation as shown in fig.4,
as in a real aircraft normal operation.

For the engine feed line pressurization operation the fuel
pump actuates pressurizing the engine feed line for a given
pressure. The pump is commanded through an electrical
motor which provides torque to the fuel pump. The engine
feed pressurization provide the required pressure and fuel
flow rate to the ejector pump, thus transferring fuel from the
left collector tank to the main tank. During engine feed line
pressurization, while there is usable fuel in the wing tanks,
the fuel level is not affected. Only after all the fuel is
exhausted from the wing tanks the main tank fuel level is
affected. During the fuel transference from left collector
tank to the main tank, the fuel level from the collector tank
decreases causing a pressure differential between it and the
left auxiliary tank. Because of this pressure differential the
fuel level is gravitationally transferred from the auxiliary to
the collector tank, as shown in fig.6. For both cases the
transfer fuel system operates properly as in a real setup, the
flapper valve opens due to a fuel level difference and the
fuel is transferred through the ejector pump to the main tank.

During wing tank refueling, as shown in fig.7, three steps in
the air flow curve were observed in the ventilation system.
The steps are related to the refueling rate of each tank. At
the first instants of operation both tanks have the same fuel
level, when the fuel level in the left auxiliary tank reaches
the ventilation hole between the two wing tanks, as the left
auxiliary tank is almost full and ventilation area is reduced,
the fuel flow to the left collector tank increases. For this
reason the air flow instantly steps up. When the auxiliary
tank is completely full and all the fuel transferred to the
aircraft is directly refueled in the left collector tank, the fuel
flow increases again, leading the ventilation flow to a higher
step. In this case, the ventilation system works to relief the
excess of pressure in the fuel tanks. The air flow through the
ventilation system is proportional to the refueling ratio, as
observed in real aircraft operation.

Therefore, in this study, modeling and simulation of a single
engine aircraft fuel system, regarding refueling operations
and pressurizing of the engine feed line, was accomplished
through the model presented in fig.3. The fuel system
architecture chosen for the simulation was based on military
aircraft applications in order to represent specific
operational conditions and restrictions, for example the
capability to perform aerobatic maneuvers due to the
existence of a full collector tank. The fuel system sub
functions as ventilation, fuel quantity gauging, and fuel
management control were implemented in the model and the
results show the integrated functioning of all sub-functions
to accomplishment of fuel system main functions.

The main conclusion is that the modelling and simulation
approach can be applied to determine fuel system behavior
during early development project phases. For example, the
model can be adapted and used to determine the number of
fuel pumps in the fuel tanks to provide adequate fuel flow to
the engine, and also to actively control aircraft center of
gravity via transferring of fuel between tanks. Another
example is the study of best location of fuel probe gages
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best for optimal accuracy. The work can also be used in
model-based system design processes to foresee system
solutions and issues during product development phases.
The simulation can provide reliable information to decision
making process. The process adopted herein is also
applicable to existing aircraft aiding in troubleshooting
investigations, gaging systems studies, ventilation system
dimensioning, and fuel management system tests.
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Abstract

This work deals with bond-graph modeling and id@mtion of variable-displacement
pressure-compensated pump using a gray-box modelopgoach. The model structure is
defined using the bond graph technique, a graphégakesentation based on flow of energy in
the system, which is implemented in the 20-simvgaxfe. The bond graph model is converted to
state-space representation and the unknown parnametesquations of state are estimated
applying parametric identification technique, thediction Error Method (PEM) on the SITB
(System Identification Toolbox) MATLAB software. The obtained model is validated
collecting an experimental data set on test rige@rdparing to simulation results.

Keywords. bond graph, system identification, variable diggiment pump

1 Introduction model the flow compensator and pressure compensator
] ) while the pump (control piston and swash plate) was
A variable displacement pressure compensated PuUMBnodeled through the black box modeling by meanthef

provides nearly constant pressure through theeefitiw  correlation between control piston pressure andsirstem
range (from zero to full flow). In aircraft systenthis type  pressure.

of hydraulic pump is typically used for hydrauliowwer
generation, since for different flight phases theiraulic ~ Li and Thurner [3] have proposed the combinatiotlatk
demand varies and the hydraulic consumers sucbrgsot ~ and grey box model identification to multi-axialsteg
surface actuators require a minimum pressure flect®n systems with servo-hydraulic test cylinders. Irstiiethod,
of surfaces. The system is capable to adapt tovangi @ White box model of the whole system is built ehe
aerodynamic load, and to maintain the desired pmeace. unknown parameters are roughly estimated accortiing
) o i previous experience. To improve the white box mothed
The design definitions of a hydraulic pump playsely  pjack box model identification is applied in orderadijust
important role to meet the requirements of a hyérau gsome model parameter estimates. Lastly, the greyriumlel
supply system in order to satisfy the needs offiy@raulic  jgentification is realized using the improved modsla new
consumers, such as to guarantee a minimum pressufe njtial model. This approach is useful when thdiahivalue

minimum time interval to reach the steady statesguee for ¢ ynknown system parameters cannot be accurately
variation of the load in the system. The use of a ggiimated.

mathematical model for the design of a hydraulienpuor

the analysis in the integrated hydraulic systenery useful ~ In addition, two modeling techniques for variablistpn
to performance analysis, definition and sensitityalysis ~ Pump are proposed in [4]: a black box model of shesh
of design parameters. plate dynamic identified by performing a frequency

) ] ) ) response test and analysis, using a linear tramsfetion;
This work aims to develop avan_abIe-dlsplacemees;;ure— ~and a non-linear grey box model, where all the omkn
compensated pump model using the graphical modelingmogel parameters have been identified through mmead
approach, based on bond-graph, which in conjunaith  pntimization in MATLAB. Both approaches results in
the Prediction Error Method (PEM), can be usedstorate models with a good accuracy. However the grey boxieh

the unknown hydraulic physical parameters. Delgadd has presented the best non-linear model of the rspiage
Garcia [1] have implemented a software package SESI angle control circuit.
that consists of a parametric identification moduséng the

bond graph technique to represent the model steictu In [5], the results of a systematic research fosiba
hydrostatic system containing a servo pump wittiedsnt

In [2], Casoli and Anthony have developed a moddbad  types of controls are presented. Theoretical modets

sensing variable displacement pump using the baaghg  gdeveloped by AMESif and the experimental tests are
methodology realized through the AMESinsimulation performed using LabVIEW software.

software. The white box modeling approach was used
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In this work, the grey box system identificatiorajsplied to
the state space model of a variable displacementppu
integrated with the pressure compensator valvechvig
obtained by the bond-graph method.

The alternative white box system identificationhieique is
based on the physics of the process studied, angdtfect
knowledge of the physical parameters, but the lkdetai
knowledge of the system required to obtain accuraidels
are not usually known. In order to overcome thesblpms,
the parameter estimation of the systems is usedtan an
accurate mathematical model of the processes whaiy.

The black box modeling is a system identificatigpm@ach
based on input/output model (“curve fitting”), witlo prior
knowledge of the physics of the process. However th
model and its parameters have little physical $icgmce.
The gray box modeling approach combines prior maysi
knowledge (white box) with input/output data infation
(black box). In this case, the model may be notmetely
described by the physical equations, but equatiand
parameters are physically interpretable. One ofaathges
of grey box modeling is that missing data and naise
easily dealt; in addition it is possible to estieat
environmental variables that are not directly meadu

The motivation to use the bond-graph approach ssiqdl
representation is that the graphical representatorery
close to the physical system, making clear thetioglship
between the components of the system. Additionatly,
allows working with different energy domains (mewcical /
hydraulic) in a direct way, as in the developmehttte
hydraulic pump model. The mathematical formalism
intrinsic to it allows evaluating the quality ofehmodel,
such as the existence of an algebraic loop aneérdiitial
causality that causes undesirable behaviors tonthael, and
also allows obtaining of state equations by meahs o
algorithm, model structure used to apply the pateme
identification method.

2 Variable-displacement pressure-
compensated pump

The variable displacement pressure compensated psimp
essentially comprised of a three-way pilot valvee§sure
compensator valve) and a piston with spring retaomtrol
piston), that controls the tilt angle of swash @l§6] as
presented in fig. 1 and fig. 2.

Initially, considering that there is no load (résige to
flow) in the system, the pump pressure is zero trel
displacement is maximized due to the maximum svaéeste
angle. As the load increases the pressure consiyguen
increases. The pump flow is at maximum until thespure
reaches the pressure adjusted by the compensale va
spring. A pressure above the setting causes thal sptve
displacement allowing the flow to the control pistand
decreasing the swash plate angle. Consequentlypuhg
flow decreases until the system reaches the pesaiting
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again. In case of decreasing load, the pressurecakeEs
causing displacement of the control piston, so ithaliows
the flow from this to the return line, increasirtge tswash
plate angle, thus the flow delivered by pump insesauntil
the pressure setting is reached [8, 9].

i)

Pressure
Adjustment
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Pressure

Compensator Prase
jalve
Case Drain | Swash Plate
Outlet / T \
- P5 4 / 7
High I[ ;
Pressure ¢ o "\
compensator e ) | A o
Valve Spring F 7/ W< g,f]/‘;ft;
Inlet '/ : 7/
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Control
Pressure (Pc)

—>» 2l

Spring

Control Piston
M (Pi) Inlet Pressure M (Ps) Outlet Pressure M (Pc) Control Pressure

(Pcase) Case Pressure

Figure 1:Cross-sectional view of variable-displaearh
pressure-compensated pump [7].

1

=

ir

Figure 2: ISO schematic diagram of variable disgaent
pump with pressure compensator valve.

2.1 Bond-Graph model

Using the 20-sim software [10], a graphical repnéston
of the energy bonds is represented [11, 12, 133hasvn in
fig.3.
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Figure 3: Bond Graph representation of variableglacement pressure-compensated pump.

The compensator valve is modeled by the transformer

elementTF:A, that represents the area effect of the valve,
which transforms the pump outlet pressure into ecefo

acting upon the mass of the valve. To generate a

displacement of the valve it is needed to overctimeeforce

of the spring preload adjusted on compensator yalve
represented by the effort sour&e: K, where theF, is
calculated according to eq. (1) considering the p@etting
pressure,Ps, The orifice of the compensator valve is
modeled as a resistor modulated by the valve positi
MR:x, defined as orifice equation eq. (2). Using Taylor
series expansion and considering pressure l§aix 0, the
linearized form of equation is presented in eq.(3).

Fo = Psq- Ay 1)

2
Q, = C4.A,,.X,. L—)AP sign(AP) (2)
AQ, = K. AX, 3)

The control piston chamber is represented by storagle
C-type, C:B,, where the fluid compressibilitg, is defined
in eg. (4). The capacitance of the fluid generatggessure
on the area of the piston defined by the transforlement

TRA,
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(4)

The flow generated by the pump rotation is reprieseiby
MTF:D,, a transformer element modulated by
volumetric displacement of the pump, which is chted
according to eq. (5), based on the displacementhef
control pistonx, and the displacement gradient of the pump
K.

the

D, =

, Kq.X,

()

Dmax -

Lastly, the flow demanded by hydraulic load is mede
using the representation of a modulated flow squrce
Msf:Q, which represents the flow demand variation. In
addition, the capacitive effect at the pump ouwdied to fluid
compressibility is represented in eq. (6).

Vi
B; E

(6)
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2.2 State space model

From the bond graph model, the state equationersyst

obtained by a systematic approach. Using the 20-sim

software, the dynamic equations are defined andrpthe
state space form. Six state variables are requwedhe
system representation, since the system has sikgyene
storage elements. The state variables are defmexdy.i (7)
as state vector.

(O] (RO

w0l [po

s |mo
O ol o @

@] o

) L)

The input vector u (t), according to eq. (8), isnpmsed of
the pressure compensator spring preldagl the rotational
speed of the drive motow,; and the flonQ, demanded by
the hydraulic load.

uy (t) Fo(t)
u(t) = [u (O | = [Wo(®) 8
us(t) Q.(t)

Through the flow balance at the common effort jioret (O-
junction) and the effort balance at the common flow
junctions (junction 1) the state equations eq. €9), (10),
eg. (11), eq. (12), eq. (13) and eq. (14) are obthi

1

X, = B—p. —a.xl + Kgxq — Ap.xs] (9)
J'52 = B_ [uz- (Dmax - Kd-x3) - qu4 - Av-xG - u3] (10)
S
X3 = Xs (11)
X4 = x6 (12)
) 1
X5 =—.[Ap.x; — Kp. X3 — by.xs] (13)
P
X =—.[Ap.x; — Ky.ox4 — byoxg — uq] (14)
v
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Linearizing the equations at the operating p&igt andx,o,
the equations in the state space form is definedrding to
eg. (15), eq. (16), eq. (17), eq. (18) and eq..(19)

{J'c(t) = A.x(t) + B.u(t) (15)
y(t) =C.x(t) + D.u(t)
1 K, Ap 1
“BG 0 0 5 B 0
KoWoe K, A,
© % =75 "5 " &
1 o0 0 0 0 1 0
A= 0 0 0 0 0 1 (16)
mp mp mp
A, K, b,
0 - 0 -2 0 -
m, m, m,]
0 0 0 7
0 (Dmax - XpO-Kd) _i
By B
0 0 0
B=1 o 0 0 (17)
0 0 0
1
-— 0 0
m, i
c=[0 1 0 0 0 0] (18)
D=[0 0 0] (19)

The model inputsF, and W, are defined as constant,
therefore the input of model is given by the pumylei
flow Q_ and the outlet pressul®, is considered as model
output.

This choice of model input/output was defined imdlearto
capture the characteristic dynamic behavior of puiop
variable flow demand, specifically for aircraft hgadlic
system, where the flow demand varies accordindigitf
phase and a minimum effective pressure must beagtesd
for the correct operation of hydraulic actuators.

3 Parametric identification

After the state equations system is defined, usimg
experimental data set obtained on the test rigptinametric
identification technique is applied to estimate tadues of
the unknown parameters.

3.1 Experimental setup

The system data acquisition experiment consists of
obtaining outlet pressure data for a variation lé flow
demand while keeping constant the pump rotatiopakd.
With the hydraulic pump operating at its settingggsure
(2.034x10 Pa / 2950 psi), and providing the maximum flow
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rate (1.61x13 m%s / 25.5 GPM) for the operating speed moving average filter it is possible to remove any
(390 rad/s / 3724 rpm), the hydraulic flow demasd istep  component that is periodic with respect to the tomaof
input. The fig. 4 shows the schematic diagram of th the filter.

experimental setup used to obtain input and owdptd from
the system. This is comprised of a pressure traesdio
measure the outlet pressure of the puRpand a flow
sensor to measure the hydraulic flow demapdof the
simulated load through the variable orifice valvEhe
rotational speed sensor of the hydraulic pump g osed to
monitor the speed of rotation at the set operagiimigt W

The data plot of the flow demanded by the load #rel fs

Considering the ripple frequenéyand the signal sampling
frequencyfs, the frame lengtiN; of the filter, in number of
samples is defined according to eq. (20); and thple
frequency is estimated using the eq. (21) as ptedeim
[15].

pump outlet pressure, are presented in the figadbfig. 6, Ny = ]Tr (20)
respectively.
oY - .. N"W (21)
') 7~ v fr= 2 °
Flow Sensor Variahle Orifice Valve
ps +——(7) Pressure Transducer Figure 7 shows the outlet pressure curve of therauit
Drive Mator pump after the filtering.
KVariable x 100
Displacement Pump 225
. 2.2
Rotational Speed
Sensor L Ly

215

Figure 4. Schematic diagram of the rig test.
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Figure 5: Hydraulic flow demanded by the load (sit@put). 242} -

As shown in the fig. 6, there is a ripple in thampuoutlet
pressure signal due to the movement of the pisilaside
the pump cylinder; however the model under studssdwot
include the piston to modeling of the ripple efféterefore 2081 ]
it is necessary the pre-processing of data in dalese it in

parametric identification method. . WMW 1

202 1 1 1 L 1 1

2081 1

Pressure (Pa)

To smooth out the pressure signal ripple, a gemamaling 0 1 2 3 4 . 5 6 7 8 9
average filter, Savitzky-Golay filter [14], was dselt
attempts to fit a polynomial of a specified ordereo a Figure 7: Filtered pump outlet pressure.

specified number of samples. Using a uniformly &g
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3.2 Parameter estimation

It is considered a set of candidate models to sgtea
system and a set of data obtained experimentallythen
system under study, defined in eq. (22) and eq) (23
respectively.

w = {u(®)16 € b, (22)

zN = [y(D),u(1), y(2),u(2), ..,y(N),u(N)]  (23)

According to Ljung [16], the estimation of the wectof

parameter$, consequently of the modg(d) defined inu*

consists in performing the mapping®¥in D, as defined in
eg. (24). Such mapping consists of the parametenation
method.

ZN>08y€D (24)
u

The model can be seen as a way to predict the pyiftuiof
a Z" data set, wherg (t|0) is a prediction of the output
y (t) determined by a candidate moddb ). In this way, the
prediction error can be defined according to e§):(2

e(t,0) = y(t) =y (t16) (25)

A model is considered good when produces smalligtied
errors, however, it is necessary to define criterior the
predictor function. Defining a scalar value funati® @),
called the criterion function and applying a nosrdefined
the eq. (26).

1 N
Vi (6,2Y) = Nz R(es(t, 6)) (26)
t=1

Thus, the problem of estimating the parametert®itodel
becomes an optimization problem that consists & th
minimization of the criterion function, as definiedeq. (27).

Oy = argmin Vy(6,2Z") (27)

This method is known as prediction error methodMP.En
summary, this process consists of three steps:sifmpdhe
structure of the model, choosing the criterion ifdaf the
scalar value function RO)) and minimization of the
criterion function.
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The criterion function chosen for PEM applicatian the

covariance matrix of the prediction error, givendny (28).

Assuming that the prediction error follows a Gaassi
distribution, the optimal parameter vectoshould minimize
the covariance matrix of e ().

N

Ry (0) = %Z e(t,0).¢"(t, 0)

t=1

(28)

Since the criterion function must be a scalar vaRygd)can
only be applied directly whea (t, 6) is a scalar sequence.
For the case where the system has more than opetaduis
necessary to maBy(f) to a scalar, we can then define this
mapping function as in eq. (29) for applying thitecion in
the general case.

h(Ry(8)) = det(Ry(6)) (29)

The choice of this criterion function from the stttal
point of view is considered optimal, since it leatis
maximum likelihood for prediction errors with Gaizmss
distribution as presented in Ljung [16].

Using the criterion function (eq. 29), the estiroatiof the
parameter vector is given by the minimization qf as
defined in eq. (30).

N
~ 1
Oy = argmin det(ﬁz e(t,0).e7(t, 0))

t=1

To minimize the criterion function, the Gauss-Newto
method was considered. As presented by Soderstran a
Stoica [17], this method uses a numerical searchin®e
called the Newton-Raphson algorithm.

(30)

The Gauss-Newton method generally presents a linear
convergence, however if the model is defined witbren
parameters than necessary, the approximate Hessian
becomes very close to a singular matrix, with isi@r
problems occurring. In general, when the modelcstine is
correctly selected and a good initial estimate bé t
parameters is available, the algorithm converggsdig
called superlinear convergence.

The script used to estimate the parameters is fexban
fig. 8. This is developed in the System Identificat
Toolbox [18] of MATLAB® software, making use of the
pem (data, mi)function. The argumentdata contains the
input (FO, WO and QL) and the output R9 from the
experimental data set. The parametai defines the
structure of the model represented by fibdgrey class
composed by an instance of the function that remtssthe
model in the state space form and the vector oé fre
parameters, which are estimated from an initialb®alThe
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pemfunction uses the prediction error minimizationthos
to estimate the unknown parameters.

Applying the prediction error method, the paranetare
estimated. The result of the new model when contp&re
the experimental data shows a fit of 85.36%, asvshim

fig. 9.

%Load data
load 'RigDataFilt.mat';
s FL'EE—}J&L‘&I(lEt ers vector

parameters = [Kv Kg Cl Kp Vt]:

%Experimental data set

data = iddata(Ps,[FO WO QL],Ts):

%Model structure

sys = idgrey('varDispPunp', parameters, 'c'):;

3Model with estimated parameters

syse = pem(data,sys,'trace','full','SearchMethod','gn');
3Estimated parameters

‘paramEst = th2par (syse):;

Figure 8: Script MATLAB to estimate the model
parameters.

data; measured
syse, fit: 85.36%

Pressure (Pa)

sz 0f4 DTB DfB ; 1?2 1f4 1?6
t (s

Figure 9: Comparison between the simulation and the

experimental data.

4 Validation of Simulation M odél

To validate the simulation model a different dagd fsom
that used in parametric identification is consideria this
way it is possible to verify if the model is abte represent
the system for different conditions and if theresisme
dynamics not represented by the model. Thereforethar
set of data was obtained to verify the represamatss of

16

1.4

08

Flow (m3/s)

06

04

02

" L s . . " M L
0 2 4 6 8 10 12 14 16
t(s)

Figure 10: Flow pulse requested by the load.
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Figure 11: Comparison between the simulation are th
experimental data (flow pulse).

5 Conclusion

The proposed goal of developing a model for a Wia
displacement pressure compensated hydraulic purimy us
the combination of physical modeling techniques and
system identification was achieved. It can be oletithat
the combination of both, gray-box modeling, allows

the model. These data were acquired considering thedtain models more representative of the systemeund

scenario which a flow pulse demanded by the loadiscas
shown in fig. 10.

In this scenario it is expected that initially dwgithe rising
step of flow demanded should occur a reductionhie t
output pressure of the hydraulic pump, consequetttty
control piston must move in order to increase thovf
delivered by the hydraulic pump. During the descstep
the pressure increase and the return of the pisiothe
previous position should occur. Figure 11 descrities
behavior of the outlet pressure of the simulated actual

pump. Even for a different scenario from which the

parameters of the model were estimated, it canesemt
properly the dynamics of the system for which itswa
proposed.

Peer-reviewed Paper,
Accepted for publication on 2017-05-08.

study. This method combines the advantages of wviuike
and black-box modeling, and it is possible to abtimodel
without diverging from its physical meaning andoal®
insert in this information obtained by means oftegs
identification. However, the application of this papach
depends on the availability of data about the systeat are
not always available, either because of the dilfjcwof
acquiring data with the required quality or evenewtit is
not possible, such as during the project which dhstem
does not yet exist.

Regarding the parametric identification, the pradicerror
method proved to be quite effective, however aitents
needed in the choice of the search criteria andhodet
which must be adequate to the data and the steuctuthe
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analyzed model. In addition, the data used to ifietihe
system should be chosen correctly, taking care tiney
represent properly the dynamics to be modeled.

Nomenclature

Designation  Denotation Unit

A, Effective area of compensator m2
valve spool

A Effective area of control piston m

A, Gradient area Afm

b Viscous friction coefficient of N/mY/s
P control piston

Viscous friction coefficient of
b, N/m/s
compensator valve

Fluid compressibility in control

3
By piston chamber m/Pa
B Fluid compressibility in hydraulic m/Pa
s pump outlet
Cqy Discharge coefficient orifice
G Internal leakage coefficient
D Maximum volumetric mrad
max displacement of hydraulic pump
Volumetric displacement of 3
Dp hydraulic pump m/rad
f; Ripple frequency Hz
fs Sampling frequency Hz
= Pre-load of compensator valve N
0 spring
Kq Displacement gradient of pump  “irad
Ko Spring constant of control piston N/m
K Flpyv gain of compensator valve m/s
4 orifice
K, Spring constant of compensator N/m
valve
m, Mass of control piston kg
m, Mass of compensator valve spool kg
[\ Number of samples
N, Number of pistons
Ps Hydraulic pump outlet pressure Pa
Psa Pump setting pressure Pa
Pc Control pressure Pa
Q Volumetric flow rate consumed ms
- by load
Vop Volume of control piston chamber *m
Peer-reviewed Paper, 59
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Volume between pump outlet andm3

Vi compensator valve

Q, Volumetric flow rate o_f. ms
compensator valve orifice

Xp Position of control piston m

Xp Speed of control piston m/s

Xy Position of compensator valve m

Xy Speed of compensator valve m/s

W, Rotational speed rad/s
Bulk modulus of fluid N/rf
Fluid density kg/m
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Abstract

Emission regulations of the mobile machines have created lot of work for the machine
manufacturers in recent years because of the Stage 4 /Tier 4 final regulations. The work will
continue because the new EU stage 5 emission regulations for non-road-mobile-machines was
published at the year 2016. Emission reduction is realized by different emission reduction systems
that are located in the exhaust system in combination with sophisticated combustion control. The
after treatment systems increase complexity and size of the exhaust system. Increased creation of
NOx and particle emissions are related to sudden load and speed changes of the engine. This
paper introduces effect of driving style on the real emissions of the municipal tractor and solutions
to decrease emissions with hydraulic hybrid. Measurements show that the sudden load changes
increase raw NOXx and particle emissions (non after-treated emissions) and operators driving style
has effect on the emissions. Stabilizing the load of the engine by the hybrid system reduces NOx
and particle generation. When the engine load variation is minimized the size of the exhaust after

treatment systems can be reduced.

Keywords: non-road mobile machine, exhaust emissions, hydraulic hybrid

1 Introduction

The efficiency of the mobile machines has been studied
widely during last decade. Lot of effort have been put to
reduce fuel consumption and CO2-emissions. At the same
time the exhaust emission regulations of the engines in
Europe, the USA and Japan have become more and more
strict and reduced emissions of new mobile machines. The
emission regulations limit emission of hydrocarbons (HC),
carbon monoxide (CO), nitrogen monoxide (NOx) and
particle matter (PM) per produced kWh. However, the
regulations limit the emissions of the engines, not the
emissions of the machines directly. The validation tests are
made for the engine in laboratory conditions with predefined
load cycles. The loading cycle of the emission tests are
composed of various measured real cycles but still they are
laboratory test without variation of real conditions and load
cycles [1].

“Volkswagen Gate” and also previously known but partly
ignored studies have shown that the real world emissions of
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cars differ drastically from emissions tested in the laboratory
conditions [2]. We can assume that this is also valid for the
mobile machines although the test cycle for non-road mobile
machine include load and speed changes.

The most critical emissions of diesel engine are nitrogen
oxiden, NOx, and particle matter emissions, PM, because
they have harmful effect on human health. Both nitrogen
oxide and particle emission are limited by regulations and the
limiting values have been decreased gradually being now
over 20-times lower than in mid 1990s.

Each diesel engine produces nitrogen oxide and particle
emissions and their amount varies on engine operation point.
Because of this fact, the engine emissions are reduced by
additional systems. Nitrogen oxides are reduced by exhaust
gas recirculation (EGR) and separate systems like Diesel
oxidation catalyst (DOC), selective catalyst reduction (SCR)
or NOx storage catalyst (NSC) which are part of exhaust
system. Particle emissions are reduced by particulate filters.
The size of these systems increase remarkably the size of the
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exhaust system. The size of the after treatment systems are
depending on the emission reduction performance and if the
raw emission can be reduced, the size of the after treatment
systems can be smaller respectively.

NOXx and particle emissions are increased when engine load
and/or speed are changed rapidly compared to constant load
situation [3]. Rapid and continuous changes of engine loading
are typical for mobile machines like excavator, forest
harvesters, and wheel loaders for example. Secondly, the load
and speed changes are depending also on the operator’s
behavior.

In previous studies by Heidari and Marr [4], Ericson,
Westerberg and Egnell [5] and Lindgren[6] have shown that
NOXx and particulate matter emissions factors are depending
on the engine transients.

The first research question is: What are the real emissions of
the machine during the operation and how they are depending
on the operator’s driving style? The second research question
is: How much raw emissions (emission before after treatment
systems) can be reduced by minimizing changes in engine
load and speed? The third research question is: Can the load
changes compensated by control means and by hydraulic
hybrid?

2 Emission measurements

The basic problem of the real emission measurements is the
question of representativeness of measurement. The aim of
the laboratory measurements is to guarantee reproducibility
of test event and results, which is base for the quality
assurance.  Although the laboratory  measurement
arrangement ensure reliable measurements, the question is;
How well the laboratory measurements represent real
working conditions? The second issue is that the standard
tests are made for the engine, not for the machine. The
engines are used in various machines and applications and the
consequence is that the same engine produce different
amount of emissions in different applications. However, the
measurements of individual machines gives valuable
information on real emissions although the generalization of
the results is restricted.

The difference between real emissions of cars and emissions
during certification tests has widely reported in past years
because some car manufacturers have tuned the engine
control units to recognize the test situation and changing the
parameters in order to reduce emissions. In latest emission
regulations, this has been tried to solve by implementing
randomly chosen combination of test cycles and real driving
measurements for new and used cars.

In the latest European emission regulations for the non-road
mobile machines in-use-measurements are introduced. This
means that engine manufacturer has to show that their engines
fulfill the regulations also in application use as new and used.
This regulation concerns only gaseous emissions. [1]

The second problem is the realization of measurements,
because the emission measurement system is relatively big in
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volume and weight. This yields situation that the real
emissions of small machines are almost impossible to
measure without disturbing the operation of the machine.

2.1 Measurement system

The measurement platform consisted of machine and
measurement system. The used machine was a municipal
tractor Wille 655 that is equipped with 100 kW diesel engine,
hydrostatic driveline and load sensing hydraulics with
variable pump for the boom and auxiliary devices. The
weight of the machine is 5400 kg without measurement
systems and over 6000kg with the PEMS-system. The
maximum speed of the municipal tractor is 40 km/h.

The measurement system was Portable Emission

Measurement System (PEMS) by AVL and the PEMS
enables measurement of real emission of the machine during
the work. Figure 1 shows the Wille-municipal tractor with the
PEMS-system assembled on the rear frame above the engine.

Figure 1: Wille-municipal tractor with the portable emission
measurement system.

The emission level of the diesel engine is Tier 3A meaning
that limit for combined NOx and HC emission limit is 4.0
g/kWh and 0,3 g/kWh for the particulate matter. This engine
does not have any particular systems for emission reduction.
Currently the new machines have to fulfill Tier 4 final limits
that are 10-times lower, respectively 0,4 g/kWh for NOx and
0,025 g/kWh for Particulate matter at 100 kW power class.
To reach this emission level additional emission reduction
systems like, DOC, SCR and DPF are required.

The used portable emission measurement system consists of
gas analyzer and particle analyzer and it is able to measure
concentrations of total hydrocarbons, THC, nitrogen oxides
NO and NO,, carbon monoxide, CO and carbon dioxide CO;
and oxygen O,. The particle analyzer consist of soot and
particle mass measurement devices. The measurement system
included also fuel consumption measurement device and the
used fuel was typical “winter type” diesel fuel, which is
usable to -34°C.

The gas analyzer consisted several analyzers: Flame
lonization Detector (FID) unit for hydrocarbon measurement,
Non-dispersive ultra violet resonant absorption spectroscopy
(NDUV-RAS) for NOx measurements, Non-dispersive
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infrared spectroscopy for CO and CO.-measurement and
finally O2-sensor to detect oxygen in exhaust.

The measurement system consisted heated sample lines and
separate power source (batteries and generator) for the
emission measurement system so that the PEMS would not
create additional load to the engine.

The engine does not have any exhaust after treatment system
and all the measured emissions are raw emissions and not
affected by any after treatment system.

2.2 Test Cycle

To evaluate the real emissions of the machine different tests
were done. Tests included load and carry cycle with two
operators having different driving styles.

The tractor was equipped with forks and the load was pallet
with metal plates and its weight was 1,5 ton. The load and
carry cycle included driving with and without the load. First,
the pallet was picked from top of the container and then
operator drove about 140m and left the pallet on the ground
level. This was followed by driving phase, about 280 m and
the pallet was picked again and returned to the initial point,
top of the container. The cycle contained 280 m driving with
the pallet and 280m driving without the pallet. The route
included up- and downhills. The maximum speed was 25
km/h. The cycle was driven 6 times without stops.

Figure 2: Load and carry cycle route [7].

2.3 Operators

To study what is the effect of driving styles of the operator,
two operators were used. Both operators drove load-and-
carry-cycle. The first operator, operator A had smooth driving
style while the second operator, operator B had more
aggressive driving style.

3 Results

Measurements showed clearly that there is variation in the
emissions and the fuel consumption between the operators.
Operator A had 22% higher average power than operator B
but fuel consumption was only 10% higher. Because the used
power was higher, the operator A finished the job much
quicker: 1715 vs. 1478 seconds. The productivity of operator
A was 15 % higher.

Figure 3 shows one load and carry cycle and the time scale is
relative time i.e. percentage of total used time for one cycle.
There is no major difference on the engine loading or
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emissions between operators and curves show very similar
behavior. The differences are in some operation points.
Operator B use maximum loading more often than operator
A. The use of maximal power by the operator B is clearly seen
at the time of 45% when the particulate matter and CO-
emissions have peak indicating full fuel amount and lack of
fresh air for the combustion.

2000

[rpm]
o
=]
=]

Engine speed

1000 |

Load

NOx DC

CO DC
[ppm]

THC DC
[ppm]
u
o

0 25 50 75 100
Time [%]

Figure 3: Engine data and emissions for one load and carry-
cycle. Red line: Operator A, black line: Operator B.[7]

Table 1: Average engine values for the work cycle

Engine | Engine Fuel Time
Operator | speed | Torque | consumption [s]
[rpm] | [Nm] 1]
A 1479 99 2,90 1715
B 1575 114 3,18 1478

Operator B was more productive because he was remarkably
quicker in work but at the same time, he consumed more fuel.

Table 2: Exhaust emissions for the work cycle

operator | . NO PM co THC
[9/kWh] | [g/kwh] | [g/kWh] | [g/kWh]

4,86 0,30 2,34 0,41

B 4,53 0,42 3,33 0,36
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The measurements show that emission level vary according
to operator, however results are not such that was expected
because the aggressive drive style did not result higher
emissions in all cases. The operator B resulted lower NOx
emissions although the difference was only 7 per cent.
Opposite to the NOx emissions operator B emitted
remarkably higher, 40 per cent, particulate matter emissions
than operator A. In the CO-emissions, we see same
phenomenon and it seems that the PM and the CO emissions
correlate with each other.

The engine of the municipal tractor has rather high NOx-
emissions at certain low load points during test cycles. The
same phenomenon was observed during constant load
measurements: At low engine speed range the engine has
relatively high specific NOx-emissions that are caused by
inadequate mixing of the fuel and air resulting high local
temperatures creating NOX. This phenomenon is clearly seen
during acceleration phase below 1000 rpm.

When the mean emission levels are compared to the Tier 3
limits, we can see that the engine produces in this test more
both combined NOx+HC emissions and particulate matter
emission than the limit value is. Combined NOx+HC
emissions are 22 / 32 per cent above the limit value and the
particulate matter emissions are almost 40% above the limit
value in the case of the operator B.

The mean used power for operator A were 15,5 kW and
respectively for operator B 18,8 kW. Compared to the
maximum power of the engine that is 100 kW, the mean
power level is low. Figures 4 and 5 show loading points of
the engine in load and carry —cycle for both operators.

Load points show that engine hardly never operates at the best
efficiency area (1200 -1600 rpm/300-480 Nm). This is due to
the automotive-type transmission control algorithm that is not
utilizing the best efficiency area effectively. Driving style
difference is seen in the load points, operator B uses more
maximum engine speed and maximum engine power [7].

+ Loadpoints: all
—— Full Load Curve Torque

Loadpoints: all [Nm]

I T I T T T T |
400 600 800 1000 1200 1400 1600 1800 2000 2200
N_MOT [rpm]

Figure 4: Load points for operator A in load and carry cycle
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Figure 5: Load points for operator B in load and carry cycle

4 Emission reduction through hybridization

Hybrids are usually understood as solution to reduce fuel
consumption and the hybrid system is designed accordingly.
Hybrid system design can have several other objectives and
functions such as boost function; hybrid system provides
extra power when needed and enables engine downsizing [8].
Another function is engine load stabilization that is used with
engine downsizing but it also can help to reduce the emissions
at the same time.

The hypothesis of this study was that by reducing the engine
load variation harmful emissions can be reduced. The parallel
hybrid system allows engine operate at the mean power level
and the hybrid system filters load variation and delivers extra
power when needed and stores energy when the load power
is below the mean power.

To estimate the effect of the steady state load to the emissions
some steady state measurements were made for the machine
by loading the implemented hydraulic system by throttling
the fluid flow.

If we assume that hybrid system could keep the engine
running at the mean operation point, this would mean that
load of this engine would be only around 20 % of its
maximum. This operation point is far from the ideal for the
used engine, because the operation point is not minimizing
neither efficiency nor emissions. The emission would be
around 4,5 g/kWh for NOx and about 0,65 g/kwWh for PM
emissions. Lower specific consumption and lower specific
emissions would require higher engine loading. At the
loading point 50% of maximum at 1500 rpm, the emissions
would be around 3,2g9/kWh for NOx and 0,25g/kWh for
particulate matter. This is remarkably lower than during the
test cycles. To move the average operation point towards
higher loading requires smaller engine and this is the reason
why the smaller engine should be chosen for the hybrid
systems. However, both operators used in tests the maximum
load at high speed range (Figures 4 and 5) and the hybrid
system should provide the power in these operation point if
the engine was smaller.

Simple simulation study using measured load power was
performed in order to define accumulator size for parallel
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hydraulic hybrid with different load stabilizing goals. The
parallel hydraulic hybrid is consisting of an accumulator and
over-centre capable variable open circuit pump/motor that is
attached to the engine power take-off. The basic control
principle of the hydraulic hybrid is the hybrid unit provides
the power that equals the load power reduced by the engine
power.

Phybrid (t) = Pload_estimation (t) - Pengine_average (1)

Hybrid unit speed

Pret Prer/w | Voref| Hybrid |Dhybrid
unit g

Load power _+

estimation Filter

paccu

Estimated Accumulator
average pressure
engine power

Figure 6: Determination of delivered hybrid power

The determination of the delivered hybrid power is
straightforward calculation and the system is open loop
control system, and it is accepted that the delivered hybrid
power is not exactly accurate. The engine has speed controller
and it adapts to the varying load conditions as it does without
hybrid assistance. The set value for the engine power is the
assumed average power. The load power estimation is
calculated from the pressure and the volume flow of the
hydraulic pumps and other engine loads. The filter-function
eliminates the low frequency load changes of the load
estimation, because the goal is to remove rapid load changes
by the hydrid unit.

The hybrid unit was modelled using first order transfer
function and rate limiter so that the stroke time of from 0 to
100 per cent was 100ms.

The dimensioning the energy storage for the parallel hybrid
system depends on the desired functionality. The hybrid
system can be designed to stabilize fully the engine load and
then the engine speed and load are nearly constant during the
work cycle. For the analysis the recorded load information
from the hydraulic systems (including circuits of hydrostatic
drivetrain, implemented hydraulics and cooling/steering
system) was used and the hybrid system was assumed to
handle the load variation. The integration of the calculated
hybrid power over time resulted required storage capacity.

Calculation resulted energy storage capacity of 800 kJ for the
studied working cycles and the driving style did not had effect
on the storage capacity. To have 800 kJ as available energy
from the accumulator, the required energy should be
multiplied by at least 1,25 resulting 100 L accumulator with
100 bar precharge pressure and 350 bar as maximum pressure
level.

The size of accumulator of the hybrid can be reduced if the
engine load and the speed are allowed to change moderately.
This means that hybrid system is only filtering the rapid load
changes and for the studied cycle this results 200 kJ energy
storage capacity and this requires an 30 L accumulator.
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The blue line in Figure 7 shows the case when the hybrid
system was designed to compensate fully the load changes of
the studied work cycle (storage capacity 800 kJ). In this case
the engine load was almost constant at 18.5 kW and hybrid
system stabilized the load variation completely. The red line
in Figure 7 shows the measured unfiltered load power during
one cycle for operator A.

In the case of the moderate load stabilizing and using 200 kJ
storage capacity and the filter was set to pass frequencies
higher than 1 Hz. This means that the hybrid system
compensates only load transient which frequency is higher
than 1Hz. The black line in Figure 7 shows this case and the
curve shows clearly that the high frequency transient are
compensated and the peak values of rapid load changes are
reduced. This design allows engine load vary quite much, but
engine load is more stable than without hybrid unit.

Power [kW]

20 : ‘ : ‘ ;
400 450 500 550 600 650
Time [s]

Figure 7: Power curves for different hybrid designs. Load
power: Red line, Full stabilized engine load: Blue line,
Moderately stabilized engine power: Black line.

The moderate hybrid design can filter rapid load changes.
Hagena et al [3] showed that the change of the rise time of the
load transient from 1 sec to 5 sec diminish totally the NOx
and PM emission peaks caused by the transients. Therefore,
we can say that the moderate design of hybrid storage should
reduce both NOx and PM emissions, although it does
stabilize the engine load completely.

Remaining question is, how representative the results are and
in which cases they are valid. Comparing the earlier results
and the results of this study, we can say that emissions are
depending on the operators driving style and the real
emissions differ from the emissions in the laboratory tests.
The dependence of the operator is influenced by many
factors, such engine type, after treatment system, machine
type, working environment, processed material and operator.
Further work is needed to determinate the influence of the
mentioned factors and their correlations.

The next step is to realize the moderate hybrid system in
machine and perform same tests in order to validate
hypothesis in real life.
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5 Conclusion

The exhaust emissions of the mobile machines are strongly
dependent on the work cycle and the operator. The real
emissions during the work are higher than is set in emission
regulations because standard tests do not correspond the real
conditions.

Amount of the generated harmful emissions NOx and PM are
depending on the driving style of operator and especially PM
emissions are increasing together with aggressiveness of
driving style.

The emissions can be reduced by stabilizing the load fully or
partly by hybrid system. The moderate storage design has
remarkably smaller accumulator but still has potential to
reduce harmful emissions remarkably.
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Abstract

The paper describes the development of an automated system identification algorithm for the die
cushion drive in hydraulic deep drawing presses. The algorithm could successfully be
implemented on the drive controller to automatically identify the system parameters of the drive.
Main aspect of the paper is the application driven development of an appropriate system model
and identification algorithm with its implementation on the drive controller. It could be verified
with experiments on a 2500 kN hydraulic deep drawing press. This thorough knowledge of the
system model with its parameters shows a high potential to be further evaluated for system
diagnosis and could also be used for system simulation and controller design.

Key points are the limited processing power of the drive controller and the occurring signal noise.
A grey-box system model was chosen and its parameters were identified by means of a recursive
least square algorithm. The implementation on the drive controller required adaptions due to
restricted cycle time and additional signal processing to reduce noise that will also be discussed
in the paper.

Keywords: industrial hydraulics, hydraulic deep drawing press, system identification, system
simulation, grey box model, valve control, parameter estimation, orthogonal correlation, moving

average filter, symmetrical derivative

1 Introduction

The requirements on modern industrial hydraulics are rising.
The operator sets highest demands on energy efficiency, best
dynamic and static behavior, highest reliability and even
requests new functionality. The die cushion in deep drawing
presses is a typical application for modern servo hydraulics
as it offers a precise adjustability of the counter-holding force
on the blank. With velocities of up to 300 mm/s and cylinder
forces of more than 1000 kN the dynamic behavior needs to
be most accurate. Modern blank materials, the raising cushion
speeds and more complex tool geometries set an even higher
demand on the die cushion. In addition the operator requests
low set-up time and minimal service requirements.

An extensive and thorough set-up process and a time
consuming maintenance scheme with qualified and
experienced technical staff is currently necessary to fulfil
these demands (/1/, /2/, /3/). The intensive set-up process is
required for every newly installed deep drawing press and
also after every modernization of the hydraulic system.

Model based system optimization methods offer the
possibility to support with the set up process and even to
increase the quality of the hydraulic drive. But on the other
hand those simulation models and optimization methods
require a thorough knowledge of the system and its
parameters. This is where the method of automated parameter
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estimation steps in providing a possible solution to identify
the system parameters within a few seconds.

The literature offers a high variety of system identification
methods (/4/, /5/, /6/) out of which the most suitable for the
hydraulic die cushion drive is to be chosen. Jelali and Kroll
/7/ proved the feasibility of system identification for
hydraulic drives in an experimental environment. However,
the implementation within the drive controller for an
industrial machine has not been realized yet.

The use of the current parameters and system model from the
identification algorithm are versatile. They can be evaluated
for condition monitoring, for fault diagnosis, to increase
reliability and to reduce the required time for manual
servicing. They can also be used for system simulation and
controller design to reduce the set-up time and ensure a high
control quality of the hydraulic drive. Several published
works show that a model based controller design can be based
on an identified system model and deliver an improved
control accuracy. The identification algorithm is therefore an
important step towards an improved system performance.

The aim of the presented paper is to develop and implement
a parameter estimation algorithm within the machine
controller of the hydraulic die cushion system. This allows to
casily access the current set of parameters by an identification
process or even during regular application of the machine.
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2 Test setup

The research was conducted on an hydraulic deep drawing
press that is available at the Institute of Fluid Power at the
TU Dresden (see fig. 1). It features a hydraulic slide with a
maximum force of 2500 kN and a modern hydraulic
four-point die cushion with a total force of 1000 kN. The
press can be equipped with different tools, such as a
rectangular pan tool and a round cup tool for deep drawing, a
cutting tool and a test block that allows the press to work at
any possible operating point up to maximum force and speed.
All experiments presented in this paper were conducted with
this test block representing a deep drawing tool. The deep
drawing press is equipped with several additional sensors for
hydraulic, mechanic, and electric signals as well as a tailor
made measuring system.

Year of

manufacture 2012
Slide force 2500 kN
Slide stroke 600 mm
Slide speed 300 mm/s

Forming speed | 41 mm/s

Die cushion

4x250kN
force

Figure 1: Hydraulic deep drawing press at the IFD

For the hydraulic die cushion, a model based system
identification algorithm will be implemented on its drive
controller. The controller, a MOOG Servo Drive MSD,
features a 32-bit processor with 400 MHz and 256 MB of
RAM. Available machine signals from the die cushion drive
are the cylinder position z,., the cylinder pressure in both
cylinder chambers p, and pg and the applied valve voltage
U, at the servo valve as well as the return signal for the actual
valve spool position y,, for each of the four cylinders. All
machine signals are read with Ether CAT connected
10-modules.

The behavior of the hydraulic die cushion will be further
investigated within this paper and its model parameters will
be identified. The hydraulic structure of the die cushion is
shown in fig. 2 for one of the four die cushion cylinders. They
are used for position- as well as force-control of the die
cushion as there is no dedicated lifting cylinder. An axial-
piston pump with internal and external pressure control
provides the necessary volume flow for all four cylinders. The
hydraulic layout was adapted to allow for a permanent rapid
traverse motion on the cylinder-out movement. The
cylinder-in movement is simplified in the way that only the
pressure chamber on the piston side is controlled by the servo-
valve and the pressure chamber on the rod side is directly
connected to the axial piston pump. A changing valve
position of the servo valve does therefore only affect the
pressure in the piston side.
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Figure 2: Hydraulic structure of the die cushion and
measured system variables

3 Development of the system model

The system model forms the basis for the identification
algorithm and defines the possibilities for evaluating the
model parameters and system characteristics. The system
model should behave as close to the real system as possible
and allow to describe the real system as accurate as possible.
At the same time, the structure and complexity of the system
model must meet all requirements for an automated system
identification, so the model complexity is limited.

The model derivation was based on the physical principles in
order to retain the model parameters with a physical value and
equivalent. A so-called white box model with its physically
based mathematical equations is a common and widely
verified tool to describe the behavior of hydraulic servo
systems to a high level of detail. There parameters have a
physical meaning and can therefore be checked on
fundamental correctness as well as compared with other
systems. It also offers a high variety of possibilities for future
applications, such as controller design, condition monitoring
or fault diagnosis based on the physical system model.
However, a pure white-box model with a sufficient accuracy
would require a high level of complexity with numerous
parameters. Therefore, the physical behavior is described
with basic mathematical equations for the fluidic system and
is extended with black-box model assumptions in order to
achieve a sufficient accuracy with reduced model complexity
and fewer model parameters. The system was divided in a
model for the fluidic system that is described as a white-box
model and the valve dynamic as a black-box model. Within
this paper, only the state of force control for the die cushion
during the process of deep drawing is considered. This is the
most relevant state for the die cushion as it controls the
drawing process with the applied force and therefore directly
influences the quality of the produced part.
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Figure 3 shows the chosen model structure with its
(measureable) system variables for hydraulic pressure (p¢, P,
pg and py), servovalve voltage U, and —position y, and the
cylinder position z;.. The system boundaries are the supply
pressure p,, the oil tank pressure p;, the cylinder position z
and servovalve voltage U,,. The system and oil tank pressure
were experimentally verified to be constant at approximately
Ptso & 0 bar. The cylinder position is determined by the ram
of the deep drawing press, which is why the cylinder speed
Z4c 1s assumed as a constant value.
lram

Pa

Yy

—{=

L2J py

Figure 3: Reduced system model for one die cushion drive
cylinder

The differential equations of the hydraulic model are:
g =———— (A4 Zgc — 1
Pa Vo + A, _ch( 4" Zac — qa) (1)

Qa = sign(ps — pe) -% VIpa = el - G = You) @

And respectively for the valve dynamics that is modelled as a
2nd-order PT2-element with an additional dead-time:

Uy = Uy(t — Taeaa) 3)
1 . 2D, .
TYV+—yv+Y1; =K, U, (4)
Wy, Woy

This leads to a model with eight system variables

(Po,PasPa P Qas Yv» Zac) Zac)  and  ten  parameters
(AA' K" VO' Qv,nam' Apnom' Yo Tdead' Woyp, DV' Kv)'

Figure 4 shows the system model as a block diagram:

Valve dynamics

Hydraulics

Taead Wop, Dy, Ky

ST

Figure 4: Reduced system model as block diagram
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4 Identification algorithm

The reduced system model contains 10 parameters that need
to be identified. The parameter for the cylinder-area A, can
be taken from the data sheet of the hydraulic cylinder easily
and with a high accuracy. The nominal pressure drop Ap,om
is directly connected to the nominal volume flow @, ;5 0N
the servo valve and can therefore be set to a chosen value.
The remaining eight parameters need to be identified from the
system behavior. An automated identification algorithm
should be developed, as a manual process would be highly
time consuming.

Isermann  describes different methods for system
identification with its pros and cons (see /4/, pages 16f). The
identification highly depends on the chosen model structure
and in this particular case must meet all requirements for an
online-computation on an industrial PC, respectively machine
controller. Therefore a parameter estimation with recursive
least square will be implemented for both subsystems, the
hydraulics as well as the valve dynamics. The model
estimation is capable to identify the parameters of a
parametric model, as it was developed in the previous
chapter. Furthermore it can be implemented on the machine
controller as a recursive algorithm. The requirement on the
model structure is to be linear within the parameters with the
(m x 1)-sized parameter-vector 0, the (1 X n)-sized
systeminput-vector u and the system output y according to
equation (5). The number of parameters is represented by m
and the number of input values represented by n.

y=6-u (5)

The task of the parameter estimation algorithm is to
determine the model parameters 6; such that the output error
€ is minimized. The system model is impinged with the same
(measured) input u as the real system. The model output can
then be calculated with the identified system parameters for
each timestep from eq. (5). The output error &, calculated
from the measured output of the real system minus the output
of the system model delivers a value for the accuracy of the
system model and its parameters. A low value & means that
the system model and its parameters resemble the behavior of
the real system very good. Figure 5 shows the identification
process as a schematic figure.

e
system input l system output
u Real system —Y
- - g
System model output
~ error
0
Parameter
estimation

Figure 5: Identification process, schematic
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4.1 The hydraulic subsystem

The subsystem for the hydraulic model can be transformed to
fit equation (5). Eliminating the volume flow g, in
equation (1) with equation (2) leads to the complete system
equation that has to be transformed to fit the format in eq.(5).
It leads to the following equations:

Y =Aq Zgc (6)
61
_ 92
0= 6, @)
0,
91 _ Qv,nom
\/ Apnom
Vo
6, = ——
2 K,
Ay
63 —_ _F
94 — Qv,nom . yov
\/ Apnom
u=(u; u; Uz Uy) )
uy = sign(pa —pe) “VIpa— el -y

Uy = Pa
U3 = Zgc " Pa

sign(pa — pe) * v Ipa — el

The systeminput-vector u is calculated from four measured
values: py4, Pa, Z4. and y (with the tank pressure being set to
p; = 0). Furthermore, the system output needs to be
calculated from the derivative of the measured cylinder
position, respectively the cylinder speed Z;.. All these values
are available at the die cushion drive of an hydraulic press and
can be evaluated within the machine controller. An additional
requirement for the applicability of the chosen algorithm is
for the elements of the input vector u to be independent. This
can be proven with a singular value decomposition /5/.
Despite the elements 2 and 3 correlating by the factor z,;, and
elements 1 and 4 correlating by the factor y, the singular
value decomposition shows sufficient independency.

Uy

The parameter estimation is calculated as a recursive
algorithm for each time step k. This means that with each
time step of the machine controller, the system values (input
u and output y) are measured, the model output (0 -u) is
calculated and a new set of parameters 0 is determined from
the error €. The parameter estimation algorithm calculates a
correcting vector L with each time step to determine the
influence of the output error on the new set of parameters:

0(k) = 6(k—1) +L(k)-[y(k) — 0k — 1) -u(k-1] (9)

New old

Parameter

_ Correcting (Output)
Parameter

Vector Error
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The correcting vector L itself is calculated from the
covariance matrix P, the system input u and a forgetting
factor 4, see equation (10).

P(k—1) u(k)
A+ul(k) -Ptk—1) -u(k)

The covariance matrix is also recalculated for each time step
according to equation (11):

(10)

L(k) =

P(k) = % [P(k—1) =Lk —1)-u"(k)-P(k = D] (1)

In order to start the algorithm, initial values for P(0) and
0(0) need to be predefined as well as an appropriate value for
the forgetting factor. The covariance matrix P is of the size
(n x m). Its initial value should be calculated from the
identity matrix multiplied with a constant factor a:

PO)=a-I (12)

The factor a can be chosen from a value « = 100 ...10000
/4/. For the investigated application of the die cushion drive,
a value @ = 500 was chosen. It can be interpreted that the
choice of a large value « allows the algorithm to make large
changes to the next set of parameters within one single time
step at the beginning of the identification /4/. Yet the choice
of this parameter only has marginal influence on the result of
the identification. The forgetting factor however can
significantly influence the result of the identification. For the
presented identification algorithm, a factor A = 0,998 was
chosen. The initial value for the parameter vector 8(0) was
setto ; = 1 for each element.

The actual system parameters of the hydraulic system
K', Vo, Qynom and Yo, can then be calculated from the
parameter vector as follows:

Qv,nom = Aprom * 01 (13)

) Ay
K= -3 (14)
Vo= —6, K (15)
V Apnom
Yov = Qv,nom .94 (16)
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4.2 The valve dynamics subsystem

The system equation for the valve dynamics subsystem from
equations (3) and (4) is:

1. 2D,
Tyv'i'w_ovyv'i'yv =Ky " Uy (t — Taeaa) (13)
v

The unknown system parameters are the natural frequency
wWgy, the damping coefficient D,,, the valve gain K, and the
dead time T,,,4- This equation though, cannot be transformed
to meet the requirements of the above described parameter
estimation that was applied to the hydraulic subsystem (see
eq. 8). In Addition, an identification in the time domain would
require the valve position y,, as well as two more derivatives
(¥, and ¥i,,)). With the technically inevitable signal noise, those
signals cannot be calculated for the high dynamic of the servo
valve.

Therefore an identification within the frequency domain was
implemented. This requires a multi-step identification with
the determination of the frequency response from measured
data that is followed by the parameter estimation. This
identification cannot be implemented as an online process. It
contains the following steps:

1) Employ a sinusiodial test signal with a frequency f,
to the servo valve

2) Calculate real and imaginary part of the frequency
response with an orthogonal correlation

3) Calculate Magnitude and Phase shift for the current
frequency

4) Repeat steps 1-3 for different frequencies in order to
obtain the complete frequency response with
magnitude and phase shift

5) Apply a parameter estimation on the magnitude and
identify the parameters wg,,, D,,, and K,,

6) Apply a parameter estimation on the phase shift and
identify the last parameter Typq4-

The frequency response with magnitude and phase shift can
be determined with the help of an orthogonal correlation,
which is the “most important frequency response
measurement technique for linear systems” (/4/, p. 134).
Therefore a sinusoidal signal at a fixed frequency is applied
to the servo valve. As the valve is equipped with an onboard
position control for the spool, the current position can be
measured. From the applied voltage as test signal and the
returned spool position, the magnitude and phase shift for the
current frequency can be obtained. Figure 6 shows the
measured signals. The phase shift and magnitude can clearly
be seen and could also be measured and calculated manually.
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Figure 6: Input voltage and spool position for the servo
valve (Uyq, = £ 10V), measurements

The algorithm is based on the orthogonality relations of
trigonometric functions. Its main arithmetic operations are
the multiplication of the input and output signal followed by
an integration. This leads to the imaginary and real part
Im[G(jw)] and Re[G (jw)] of the frequency response for the
current test signal frequency f, and amplitude U,. The
orthogonal correlation is an ongoing algorithm over n full
periods where the accuracy of the calculated frequency
response increases with the number of periods integrated.
Detailed description on this method can be found in /4/. The
equations to determine the frequency response are as follows:

1

Re[G (jo)] = Ui ' };_,, ' f T yosin(t) -y de Y
0 0
1
Im[G(jo)] =Ui%f P Uy cos(wt) -y, dt (19)
0 0

The correlation should not start before the system reached its
steady state. Furthermore, the accuracy increases the longer
the integration is calculated. Figure 7 shows the values of the
real and imaginary part for a measurement at a test signal
frequency of f, = 20 Hz. Both values tend towards a static
value after less than 0.5 seconds. This time is even lower for
higher frequencies.

0,9
0,6 [

03 Real part
’ —

0 Imaginary part

—0,3 ,\ T R D ) =
-0,6J¢

0,9+
0 o1 02 03 s 05

Time t in ms

Figure 7: Real- and imaginary part for a test signal
frequency f, = 20 Hz
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Magnitude |G (jw)| and phase shift ¢ can then be calculated
from the orthogonal correlation, see equations 16 and 17:

K
|G(w)| = i (16)
2\2 2
j(1— “’2) +(2p,-2=)
Woyp Woy
2D, -2
Woy
@ = —T4paq ' @ — arctan 2 (17)
1 —
W5y

The system behavior of this second order transfer function in
the frequency domain can now be transformed to a
parameterlinear equation, as demanded in eq. (5). This leads
to the following equations for the magnitude at each
frequency w:

Ygain = egain * Ugain (18)
Ygain = |G(j(‘))|2 (19)
gl,gain 20
egain = 92,gain (20)
93,gain
0 2—(2-D,)?
1,gain — wgv
0 _ 1
2,gain — wgv
63,gain = Kj
Ugain = (ul,gain U3 gain u3,gain) (21)

U1,gain = w? |G(jw)|2
Uz, gain = —w*- |G(iw)|2
U3 gain = 1

Applying the above described algorithm of the parameter
estimation on equations 18 to 21, the valve parameters w,,,
D,, and K, can be identified. Only the parameter T .4
remains unknown. It can be identified from the phase shift ¢:

Yphase = gphase * Uphase (22)
2D, -2
_ wOv

Vphase = @ + arctan o2 (23)
g

gphase = —Tieaa (24)

Uphase = W (25)
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5 Practical implementation on the drive
controller

The processing power of the controller and the available
signal quality are the key points for the practical
implementation. The identified system sets its characteristic
requirements towards high signal quality and sampling time.

5.1 Signal quality

The noise on the measured signals is a major problem during
the practical implementation of the identification algorithm.
Due to electromagnetic interferences, the existing signal
quality is rather low. Mainly the frequency converters and
electric motors induce a significant noise level on the
machine signals. The identification of the valve dynamics
does only require the movement of the valve spool. Therefore
the frequency converters and electrical motors are completely
switched off and only marginal noise occurs such that no
additional filters are necessary.

However, for the identification of the hydraulic system, the
deep drawing press needs to be in full operation where high
electromagnetic interferences and signal noise occur. The
machine signals are filtered and the derivatives are calculated
as symmetrical derivative over several measure points. The
aim was to retrieve an acceptable signal quality while at the
same time retaining the dynamic of the signal with a
reasonable effort and complexity towards the applied filter.
The chosen signal filter is a moving-average filter (see /8/ for
further information). More complex filter algorithms may
offer a better filter behavior, especially in the frequency
domain, but the moving average filter offers best usability for
the chosen application. It can easily be implemented within
the machine controller as well as connected to the
identification algorithm while at the same time delivering
sufficient results for the time domain encoded and processed
signal. For every time step k, the filter calculates the average
over a set number of measure points. Equation 26 shows the
moving average filter for a width of M = 5. The equation for
the symmetrical derivative is given in eq. 27 for a width of 5.
The effect of a rising filter width is shown in figure 8. The
equations are formulated for an offline-processing in order to
reduce the time delay. For the practical implementation on the
controller this requires to save (M + 1) data points where
the filtered data is calculated with a time delay of
[0,5- (M + 1) - T,] . This needs to be applied to all measured
signals in order to retain synchronism.

_ Yk+2 T Vk+1 T Vit Vi1t Vi

Yritte = 5 (26)
+ — Vi1 — Vie
yﬁlt‘k _ Yik+2 T YVk+1 _ V-1~ Vk-2 27)
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Figure 8: Effect of different filter parameters on the signal
processing

In order to determine the optimal filter parameters, a
simulation model of the hydraulic system was used together
with a model of the occurring noise. With the help of the
simulation model, a noise-free reference could be found for
the identification. The filter parameters could be optimized in
a way that the identification result with noise and the result
without noise were compared for best results. The method is
shown in Figure 9:

Identification Noise parameter
Test signal
Machine Noise
Simulation model
Noise free N Noise signal
measurements
uy
Sienal fil Filter
1gnal filter parameter
Parameter
estimation

System parameter @

Figure 9: Method for finding optimal filter parameters

The machine simulation is a verified system model of the
deep drawing press from previous research activities (see /9/
and /10/). The noise model was generated from analyzing the
actual occurring noise as seen in figure 10. Signal noise can
be considered as white noise for most applications /11/.
Therefore the measured signal noise was evaluated. Its
deviation is similar to a normal distribution, though it does
not pass the Chi-Squared-Test. This can be explained as there
are specific frequencies that occur more frequent, such as at
50 Hz and 100 Hz. Nevertheless, most frequencies are evenly
distributed and the parameters for a normal distributed white
noise signal can be obtained with reasonable effort. The
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corresponding parameters of an ideal white noise signal for
the current test setup are given in table 1. The median yu is
zero for all measured signals and the standard deviation o
differs due to the different gain factors for the analog signal
Processors.

Table 1: noise parameters for the modelled white noise
signal with normal distribution

Pressure Position Valveposition
0 Pa 0m 0%
22 X105Pa | 1,2 Xx10™*m | 6,8 x 1073 %

Measured signal for valve position [%]

9.4
9.6
9.8
10

0 005 01 0,15 02 Timetins

Noise signal deviation (number of data points)
1500

1000

ol
500 THT
0 __.-lllillllllllllll

0,2 %

02 -0,1 0 0,1

Discrete fourier transform
T T

T T

150 200 250 300
Frequency in Hz

0 50 100

Figure 10: noise on the valve position signal and the
occurring deviation

The quality of the filter will be evaluated by computing 150
parameter estimations with the added noise model with one
set of filter parameters. Due to the chosen random noise
generator, the estimated parameters 6; will result in a
different result for every single simulation. The bias and
standard deviation of all 150 estimation results will be used
to evaluate the quality of the chosen filter parameters.
Figure 11 shows the deviation of the system parameter 85 for
150 simulation with the noise parameter as shown in table 1
and no filter applied. All values are normalized. The mean
value of the identification result is at 6% of the value without
noise (Bias) and the standard deviation within the 150
simulations is at 48% (interval from -42% to 54%). This
means that the parameter estimation does not deliver reliable
results.
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Figure 11: Bias and Standard deviation for 05 without filter

This process is repeated for a different set of filter parameters
from M = 0 ... 50 for the moving average filter as well as for
the symmetrical derivative with 150 simulations for each
filter. The bias of the identified system parameters for 8; 5 is
shown in figures 12 to 14 in dependence from the filter
parameters for a time step of the machine controller of
T, = 2ms. It can be seen that the parameter 6, delivers best
results with a maximum relative deviation of 0,702 %. This
is because there is no signal derivative necessary to calculate
its value:

Bias of 64

0.702
g 50 N
7 0409 =
= £
2 40 0238 E
5 2
= 30 0.138 .2

<

2 0.08
45 20 o
E 0.047 %
s
10 =
0027 ©
7 B ~

0.016

10 20 30 40 50
Moving average filter

Figure 12: Bias of 0, for different numbers of data points
for the moving average filter and the symmetrical derivative

Both other parameters 8, 3 show a clear dependence. For 6,
the number of data points on the symmetrical derivative and
the moving average filter should be similar and even a high
filter parameter still delivers good results.

Bias of 6,
- 76.649

g 50 X
2 23409 o
= g
= 40 7.149 £
o) 2
= 30 2183 .8
s 5
.8 0.666 o
% 20 5
0203 .2

<

Em 0.062 o
n [

10 20 30 40 50
Moving average filter

Figure 13: Bias of 0, for different numbers of data points
for the moving average filter and the symmetrical derivative
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However, the accuracy of parameter 65 decreases with rising
filter parameters. The optimum for the filter parameters can
be found at about M = 20 ... 30 for the moving average filter
as well as for the symmetrical derivative.

Bias of 65
" 61.419
14 X
>
B 23732
S 40 =
2 917  §
O B
< 3p 3543 S
s 5
.S 1369 3
E 20 °
2 0.529 .2
s
Em 0204 g
1) ~

10 20 30 40 50
Moving average filter

Figure 14: Bias of 05 for different numbers of data points
for the moving average filter and the symmetrical derivative

The standard deviation shows a similar behavior for all
identification parameters. The value decreases monotonous
with rising filter width, as shown in figure 15.

Standard deviation of 0,
218.613

154.582
109.305
77.29
54.651
38.644

Symmetrical derivative
Relative deviation (%)

27.325

10 20 30 40 50
Moving average filter

Figure 15: Standard deviation for 8, for different numbers
of data points for the moving average filter and the
symmetrical derivative

5.2 Sampling time

A constant sampling time of the machine controller is
essential for the algorithm as all signal derivations are
calculated within the algorithm. The Nyquist-Shannon
sampling theorem states that the measuring frequency
theoretically should be double the highest frequency content
of the signal. Otherwise, aliasing would occur. The
identification algorithms requires a signal that includes no
less than the highest system frequency, otherwise the system
cannot be identified correctly. Each of the subsystems has its
own dynamic and for each identification, the sampling time
must be low enough to measure this dynamic and additionally
to allow for sufficient filtering in order to suppress noise. For
the valve dynamics subsystem the limiting frequency is the
eigenfrequency of the valve, respectively the highest applied
test signal frequency. The hydraulics subsystem can be
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characterized by means of a step response test and the t4;
time constant for an assumed PT1 first-order lag element. The
te3 time constant was derived from a sample step response
test at the machine. With a step function on the valve, the
pressure response was measured. The tg4; time constant is
when the pressure signal passes 63% of its final static value.
For the assumed first-order lag element, the t45 is equivalent
to the time constant T, respectively the inverse breakpoint
frequency 1/wgp. The sampling time should be as low

as 0.1 tg3.

The investigated servo-valve has a high eigenfrequency and
the test signal frequency goes up to f = 160Hz, so the
sampling time should be at about T, = 1ms. The time
constant of the hydraulic system is at tg3 = 90ms
(breakpoint frequency of merely wp = 69 Hz), sampling
time should be no higher than T, = 9 ms. It has to be noted,
that the investigated hydraulic deep drawing press has a
comparable low ram speed of v,,,, = 40 mm/s. Industrial
servo presses feature speeds of up to 300 mm/s.
Experimental data shows that the characteristic time constant
for these machines is at tgz3 = 3 ms. The sampling time
should be equally lower. With regards to the applied digital
signal filters, an even lower sampling time is preferred.
Therefore an individual task for signal processing was
implemented within the machine controller that runs at 2 ms.
The identification algorithm is executed every 10 ms. This
leads to sufficient results for the hydraulic subsystem with
minimal required processing power. However, the
identification for the valve subsystem is calculated in a
specific task at 1 ms to take the high system dynamic into
account.

6 Identification results

The above described parameter estimation algorithm was
successfully implemented on the machine controller of the
die cushion in a hydraulic deep drawing press.

The identification of the valve dynamics subsystem is shown
in figure 16. A frequency of ( 10,20 ...160)Hz at 0.5V (5 %
of the nominal valve voltage) was applied at the servo valve
and the magnitude and phase shift calculated by means of the
orthogonal correlation. Due to the low voltage level, no spool
velocity saturation should occur. This also means that the
different behavior for different amplitudes is not modelled
and the model is only valid for low voltage magnitudes.
During identification, no signal filter was applied as all
machine drives were switched off and there was no
significant signal noise. The parameter estimation algorithm
identified the system parameters for the assumed second
order system with an additional dead-time (see eq. 13). The
system parameters are as follows:

Damping ratio: D = 0.6735
Natural frequency: wq, = 183.9 Hz
Gain: K, = 1.005 and

Dead Time: Tgpqq = 0.00s
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The Bode plot of the identified system model shows a good
accuracy in comparison to the measured data (see fig. 16).

2

Magnitude in dB
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\ D X
= co | X Measured data | | «X
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-80 —_
20 50 100 200

Frequency in Hz

Figure 16: Magnitude and Phase shift for the identified
servo valve in in the deep drawing press

The identification of the hydraulic subsystem is more
difficult, as it sets higher standards towards signal quality and
correct implementation of a signal filter. With the applied
filter, the identification algorithm delivers good results.
Figure 17 shows the identification of the bulk modulus over
time from the machine controller with the implemented
recursive least square identification algorithm. It can be seen
that it approaches towards a constant end value. The
parameters were as follows:

Sampling time (signal processing): ts = 2ms
Sampling time (identification): t; = 10 ms
Moving average filter (width): b = 31
Symmetrical derivative (width): d = 25
Forgetting factor: A = 0,998

Parameter initial values: 6; , =1
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Figure 17: Identification of the bulk modulus
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The identification result and the speed at which it approaches
towards the static value can be improved by setting initial
values as a “good guess”. However, the algorithm still shows
good results at a reasonable speed even with the defined
initial values being set at “1°.

The identification algorithm was executed numerous times in
order to determine its stability and robustness. The
identification results for 30 consecutive measures are shown
in figure 18 for the nominal volume flow, the dead volume
and the bulk modulus. The figure also shows the mean value
though all identifications with a solid line. It has to be noted
that the oil temperature is not constant throughout all 30
measures, but rises from 26°C for the first identification to
32°C for the last identification. This explains the
characteristic of the nominal volume flow Q,,0m due to
changing properties of the hydraulic fluid.
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Figure 18: Identification results for 30 consecutive
experiments
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7 Outlook

The paper shows the successful implementation of an
identification algorithm within the machine controller of an
industrial type hydraulic deep drawing press. This offers a
high potential for further applications to reduce manual
maintenance and increase the performance of the hydraulic
drive. The online-identification algorithm is able to detect
changing system parameters that can be used for condition
monitoring, predictive maintenance or fault diagnosis. The
described method can further be applied for other hydraulic
systems and is not limited to the deep drawing press. In
addition, the now fully identified system model can be used
for controller design. The implementation of a feed-forward
element based on the volume flow characteristics of the servo
valve is a common method to improve the control quality of
hydraulic die cushion drives [12] and the system parameters
Qv noms APnom and y, could significantly improve the system
behavior. Experimental results for the control behavior of the
die cushion that was described in this paper are shown in
Figure 19.

5 150 } }
2. /\: |
= [N
2 & 100 X
e o
% 8 50 + {
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L I I
a 0 } }
-0,5 0 Time tins 1
Regular PI-Controller
— ——=— With feed-forward element

Figure 19: Control accuracy of the die cushion
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Abstract

Using the example of a wheel loader, this paper presents a cloud-based system architecture
enabling intelligent machine behavior. In order to achieve the final goal of a fully automated
bucket filling routine, while controlling the loaders engine, travel drive and attachment, dif-
ferent levels of automation are processed gradually. As a first step towards automation, driver
assistance can be considered. The paper explains the design choices for a cyber-physical-
system architecture in the context of construction machinery. This comprises the commu-
nication framework and the cloud-application for self-adapting systems (i.e. the MAPE-K
loop). As a validation of the architecture and as a demonstrator, a driver assistance func-
tionality has been implemented. Calculations from the cloud-application give the operator
feedback about efficiency, loads and task status. A developed visualization app on a tablet
serves as user-interface. Concurrent simulation allow an optimization of control algorithms
for the machine control and the trajectory planning. Besides changing the parametrization of
the underlying models, a solution to change ECU-code at run-time without interrupting the
operation is presented. The developed system architecture is the basis for further implement-
ations of adaptive algorithms that improve future machine operation.

Keywords: cloud computing, smart metering, IIoT, construction machinery, systems archi-

tecture

1 Introduction

Applications in the field of automation and cyber-physical
systems (CPS) are still a recent topic of research. For mo-
bile machinery, the development tendencies in this direction
are obvious, both in industry and academia.

Besides the typical challenges of control engineering in hy-
draulic systems and the abstraction of operating processes for
automation purposes, new challenges arise, i.e. to design a
suitable system architecture for CPS applications in the do-
main of construction machinery.

Within this paper, a proposal for a cloud-based architecture to
operate an automated wheel loader is described. The goal is
to implement an assistance function to automatically fill the
wheel loader’s bucket and design an appropriate driver inter-
face. As the working conditions for a wheel loader are rarely
constant and predictable, a self-adaptable and experience-
based automation strategy is feasible. This means, that the al-
gorithms for detecting the pile, computing a target trajectory
as well as controlling the loaders engine and hydraulic sys-
tem are parametric and can vary throughout various operation
cycles. Increasing flexibility and guaranteeing self-adaption
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in combination of optimization requires to change the ma-
chines control algorithms. An interruption of the machine us-
age for changing a control strategy will not be accepted by the
operator. Therefore, a run-time exchange of machine software
is necessary. To collect, store and process the required data, a
cloud-based network architecture has been implemented.

The availability of a comprehensive network that is able to
monitor the machinery and to manipulate its operating logic,
reveals new fields of applications. As a typical practice, ad-
ditional information of the machine and its working condi-
tions can be provided for the driver. The processing of raw
data to meaningful information (i.e. called smart metering)
integrates well with the proposed architecture and creates ad-
ditional value for the driver as well as for the monitoring site
operator. These assistance features are the first steps to ap-
proach the goal of an automated machine and it serves as a
proof-of-concept for the implemented network architecture.

The following chapters will describe the implemented system
architecture in detail. Chapter 2 describes the initial situation
and the state-of-the-art in the field of CPS in construction ma-
chinery. Chapter 3 gives an overview of the applied architec-

SICFP2017 7-9 June 2017
Linkoping, Sweden


http://www.ep.liu.se/ecp/contents.asp?issue=144

ture and chapter 5 deals with the software adaption strategy
on run-time. In chapter 4, the driver assistance functionality
is described and finally, chapter 7 summarizes the paper and
gives an outlook.

2 State of the Art
2.1 Levels of Automation

Designing a completely autonomous construction machine
from scratch demands enormous efforts. In order to ap-
proach this goal gradually, a development starting from a non-
automated system seems much more realizable. The levels of
automation of decision and action selection by [1] can serve
as a guidance on the way to an automated construction ma-
chine. A coarse classification, based on the SAE-standard
J3016 [2] transferred to mobile machinery depicts as follows:

e No Automation
The driver monitors and controls the system at all times
and is fully responsible to move into a safe state.

e Driver Assistance
The system partly sets the controls whereas the driver
has to monitor the system at all times and is able to con-
trol it manually.

o Partial Automation
The system sets the controls partly over a certain period
of time whereas the driver has to perform the remaining
tasks at all time.

¢ Conditional Automation
The system sets the controls completely over a certain
period of time whereas the driver has to monitor the sys-
tem and needs to be ready for control at all times.

e Highly automated
The system sets the controls completely over a certain
period of time whereas the driver has to take the control
after automated operation.

e Fully automated
The system sets the controls completely whereas the
driver does not need to monitor the system. The driver
can take control but the system is able to go into a safe
state at any time.

In industrial hydraulic applications, the boundary conditions
like temperatures, process forces and duty cycles are mostly
good known. Furthermore, there is a less cost pressure be-
cause investments into plants recoup early due to large quant-
ities of produced products. This results in a higher level of
automation like shown on an example of a hydraulic power
unit in [3]. But the task of monitoring and analyzing data
is application independent. Concerning mobile hydraulic ap-
plications, just a few assistance functions like a return-to-dig
routine in a wheel loader are integrated in mobile machines
(Driver Assistance), nowadays. Most of the tasks are operator
controlled (No Automation). This is mainly due to the di-
verse working tasks, the harsh environmental conditions like
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vibrations, dust and a wide temperature range in combination
with a required high availability of the machine. However,
the continously increasing demands on productivity and effi-
ciency require the steps of automation, because the operator
cannot have an overall comprehension of the process and ad-
ditionally has a decreasing productivity due to an increasing
tiredness. An example is the filling and dumping cycle, which
can be repeated sufficiently often in order to apply automa-
tion in a productive way. As stated in [4], the efficiency of
wheel loader bucket filling strongly depends on the trajectory
of the bucket. Inexperienced drivers are likely to move too
much soil through the pile and hence, the filling is expensive
in terms of energy. An energy-efficient trajectory would be to
slice a thin chip of soil until the bucket is filled [5]. Therefore,
the bucket filling is a worthwhile task for automation.The key
challenges in automation and tele-remote operation of earth-
moving machines concerning these levels of automation are
summarized in [6]. Especially, the short-loading cycle of a
wheel loader with an in-depth review of different automatic
bucket loading strategies is analyzed. The authors also ad-
dress the problem of material description as well as commu-
nication aspects. As a result, they suggests semi-automation
as short to mid-term solution for earth moving machines. For
integrating the levels of automation into mobile machinery,
the following tasks have to be solved:

e Path planning for driving
e Collision detection, avoidance and navigation
e Path planning for the work equipment

Thereby the following requirements have to be taken into ac-
count [6]

e Performance of the work task (fill factor and cycle time)
o Fuel efficiency
e Safety

According to [6] there are many publications on modeling
for control, automatic loading, pile characterization, localiz-
ation and navigation as well as path planning. Volvo has re-
searched on autonomous machines for more than one decade.
In [7] they demonstrated how an autonomous wheel loader to-
gether with an autonomous articulated hauler reached 70% of
a skilled operator’s performance during a predefined cycle in
an asphalt mine. The autonomous control algorithm and the
autonomous bucket control are described by [8,9]. However,
the paths are predefined, there is no communication between
the machines and no process optimization. Furthermore, an
industrial PC along with a Simulink-based control algorithm
is used [8], which are suitable for prototyping but not for com-
mercial applications. This example shows possibilities in the
development of mobile machines. Additional, autonomous
functionalities or services offer novel innovations. The vari-
ety of the applications is almost unlimited. Today, it is easily
possible to adapt a parameter in a control algorithm without
interrupting the machine. It guarantees a little flexibility. Un-
fortunately, it is nearly impossible to foresee all eventualit-
ies within the design of the control algorithms. There are
research approaches dealing with machine learning to con-
sider the uncertainties. It needs a lot of computer resources
that are not available on a mobile machine. The communic-
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ation technologies offer a solution. Implementing a wireless
network structure and bundling powerful computer resources
in a cloud architecture that is able to change algorithms on
a mobile machine enables a flexible and adaptable machine
control structure. Learning algorithms, optimizations or con-
dition monitoring can be executed within that cloud. The
machine itself performs the specific working tasks. If a new
task requires a completely new functionality that the machine
is currently not able to perform, the cloud-based supervisor
will learn and modify the machine’s algorithms. This concept
leads to the question of changing software algorithms on run-
time that are currently not available on the embedded device.
At the time of publication, there are no contributions to cloud-
based hardware and software architectures for realizing adapt-
ive control algorithms for mobile machines.

2.2 Cloud Solutions

Cloud platforms play a big role in the IoT world. They offer
many advantages to create large IoT applications e.g. pre-
defined analyzing functions, on demand extendable data stor-
age, and a variable amount of computational power. Im-
portant cloud providers in this area are Amazon’s AWS IoT-
Platform, the Google Cloud Platform, Microsoft’s Azure IoT
Suite, Bosch IoT, ThingWorx IoT Platform, and IBM’s Wat-
son IoT, which are presented in [10]. All of them present
different implemented modules, which internally fit perfect
together to a larger IoT solution for a variety of applications.
The modules offer data storage, analyzing features, and visu-
alization interfaces. In the year 2005, IBM published a pa-
per called "An architectural blueprint for autonomic comput-
ing" [11]. There, they present the control loop called MAPE-
k. Figure 1 shows the loop in the proposed system architec-
ture consisting of the four MAPE phases and the k represent-
ing the data storage as knowledge base. In the monitoring step
all incoming data is collected and saved. The analyze phase
offers functionality to correlate the data and to create high
level information. Then, in the planning step, the information
from the analyze step is used to compare the incoming data
with the predefined objectives that should be reached and to
adapt the system if necessary. The last part comprises the exe-
cution phase, which distributes new information to connected
applications. This loop is integrated in most processes to cre-
ate adaptable software.

IBM named its cloud architecture "open cloud architec-
ture" [12] to create interfaces for open source standards, pro-
jects, and applications. This generates an mechanism to easily
extend applications and connect them to related open source
frameworks. They also implemented e.g. OASIS, W3C,
IETF, and OMG standards and thereby have integrated the
MQTT-Protocol. The MQTT-Protocol [13] offers existing
open implementations for a lot of programming languages
like C++, JAVA, or Python. It provides a publish/subscribe
service with different quality metrics. On the lower level the
MQTT-Protocol implements sockets that enables a fast con-
nection and the possibility to use different data formats.
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3 Overall System Architecture

Figure 1 illustrates the basic concept of the chosen system ar-
chitecture consisting of the main modules wheel loader, com-
munication interface, cloud application and user interface (i.e.
a tablet).

Cloud-application

Analyse

Monitor Knowledge

publish T subscribe
v

MQTT-Broker

Wheel loader

User interface

Figure 1: Overall System Architecture

3.1 Cloud Structure and Applications

The cloud is the central node which collects data from con-
nected clients and performs the overall optimization and ana-
lysis. A client represents a specific device, a machine or a
software component within the cloud which sends and/or re-
ceives data to/from another client. The MQTT-Broker plays
a central role and manages all inter-communication processes
between different clients. The broker itself takes only an in-
termediary role and routes all data messages.

All cloud-applications implementing the concept of the
MAPE-k loop [14] in different abstraction levels covering
the four phases: monitoring, analyzing, planning, and exe-
cution, which is depicted in fig. 1 and introduced in sec. 2.2.
The data-flow between these phases is visualized by a bold
line. In the monitoring phase, the cloud application collects
all incoming sensor and machine data from the wheel loader
over the communication interface, converts it into a object
oriented data format and sends it to depending analyze al-
gorithms. Furthermore, this phase saves all information into
the connected database. This first implementation uses SQL-
ite. All processes own read and write access to the know-
ledge database. With arrival of a certain devices first message
the application creates a new database table. All following
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messages will be written into this table. Subsequently, the
analyzing phase creates high-level information by connecting
recent data with historical data. In this first implementation
step, the analyzing phase only computes the Smart Metering
data for the wheel loader application. Additionally, the ex-
ecution of Modelica-based simulation models are integrated
to test this opportunity as well. They will be used for later
optimization and the basis for generating changed algorithms
for the wheel loader’s control unit. The planning phase com-
pares actual data with the target data and decides whether an
algorithm has to be modified. Basically, two different options
are possible. While modifying a control model’s parameter-
ization does not necessarily afford an software exchange, a
replacement of a complete strategy requires downloading an-
other software version. The last step in the cloud covers the
execution phase. Modifications will be propagated to clients.
Therefore, an FTP connection transfers the generated code to
the machine and for parameterization the MQTT infrastruc-
ture is used directly.

Currently, the cloud executes every service for the implemen-
ted smart meetering application in a separate thread. It en-
ables an independent development and test of all routines.
Furthermore, all services inherit an application prototype.
This already realizes basic functions to gather data from and
commit data to the knowledge base. Python 3.5 serves as
programming language. To reduce the amount of commu-
nication overhead and redundant software parts, merging all
services in just one major cloud application is recommended
and will be realized in further developments. A suitable plu-
gin concept then allows an easy addition of new programmed
services.

3.2 Network Communication

The connection between the cloud and the machine is man-
aged by a communication interface based on the MQTT-
Protocol [15]. It guarantees the creation of an adaptable,
secure and scalable communication structure. Clients have
to authenticate themselves to the server. The messages are
encrypted by SSL/TLS. In order to add a new functionalit-
ies without changing the clouds overall implementation, the
connections to services can be accomplished on the fly (Fig-
ure 1). An MQTT-Broker with a publish/subscribe interface
is responsible for the clients communication. Different clients
can connect themselves to the broker an subscribe and publish
messages for related topics. It only requires implementing the
MQTT-Client interface. For the prototypical implementation,
the open source MQTT-Broker Mosquitto [16] is used.

According to individual machines, an initialization message
is required to register a specific machine client. Within this
initial handshake, the message protocols are exchanged. It
considers varying communication processes and guarantees
a certain flexibility. Reconfiguring the protocol only requires
an update through a new configuration message. JSON serves
as exchange format and contains application-depended key-
value pairs.
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3.3 Wheel Loader as a Network Client

Figure 2 illustrates the machine’s control architecture consist-
ing of two levels. The Machine Level represents the basic
wheel loader functionality as it could be developed for ordin-
ary operating tasks. The Adaptive Control Level implements
additional control functionality that is used for automation
and optimization during an operation.
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Figure 2: Wheel loader’s system architecture

Therefore, the Machine Level represents a master-slave con-
trol system with three different CAN-networks. Operator
devices communicate over the Machine-Interface bus with the
Machine Control. This central unit interprets the operator in-
puts and generates the subsystems’ set values according to
the implemented operating strategy. Additionally, it handles
functions such as control of peripheral systems, monitoring
and calibration routines. Each subsystem comprises a separ-
ate controller for realizing the machine controller’s demands
from the System-Control bus by controlling the subsystem’s
integrated actors. Furthermore, subsystem-specific data ac-
quisition and monitoring functions are implemented. They
are transfered via the System-States bus.

Today, a typical mobile control unit does not usually allow
changing software parts of a control algorithm on run-time.
It almost always needs a reboot to start the internal flash-
loader. This loader program expects getting a new complete
control software from an interface and stores it in its desig-
nated memory. From there, the program will be loaded into
the RAM and executed after starting the device. Operating
systems usually offer a mechanism for an easy program ex-
change without the need for rebooting the device. Unfor-
tunately, they cannot be installed on a today’s mobile con-
trolling unit. But novel developments usually designed for
multimedia applications generate powerful embedded devices
which allow running an operating system that provides this
needed functionality.

This leads to two major opportunities depending on the se-
lected embedded control unit. Using a typical mobile control
device requires a control architecture consisting of at least two
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redundant devices. While one controller executes the current
algorithm the other unit is ready for rebooting and flashing
a new program. A handshaking protocol handles switching
the control units’ responsibilities that the devices will change
their operating state. After a software update, the recent up-
dated control unit executes its algorithm while the other goes
of and waits for a flash demand. If an embedded device with
operating system shall be installed, only one device is neces-
sary. Then, the handshake process happens between two pro-
grams on the unit itself.

The implemented Adaptive-Control-Level architecture con-
sists of a teleservice device and two additional adaptable mod-
ules. The teleservice module acts as interface to the cloud. It
handles flashing and monitoring the adaptive control units as
well as gathering cloud-relevant machine data. The adapt-
ive controllers are responsible for automated tasks that shall
be modified during machine operation. They are connected
to the machine interface to send control values to the mas-
ter. These modules are typical mobile control units with an
additional Linux board installed. It enables using both soft-
ware change strategies and therefore a high flexibility. A
separate installed CAN-bus (flash) handles the communica-
tion between teleservice module and adaptive control units.
It shall guarantee a certain independence that an error within
the adaptive control level does not directly affect the main ma-
chine behavior. All three modules listen to the System-State
bus to get necessary machine information.

4 Analysis Modules in the Cloud Application

Besides several other cloud applications like on-board dia-
gnostic (OBD), smart-metering, slip and fatigue computation
will be described in the following chapters.

4.1 Smart Metering

In the context of industrial applications like mobile ma-
chinery, smart metering describes the intelligent evaluation
of machine data provided by the installed sensors in combin-
ation with an appropriate visualization for the operator so that
he can improve his control. Thereby the following questions
have to be answered:

1. Which information or which value would improve the
operator’s control?

2. How can an appropriate visualization look like?

3. Which algorithms are needed to provide this data from
the installed sensors?

Ideally, the algorithms should come along with the already
installed sensors which are needed from the functional view.
The wheel loader demonstrator already contains a variety of
sensors to measure, e.g.:

e The angles in the joints of the work equipment,

e The swash plate angle of the pumps,

e The cylinder pressures and

e The shaft torque and rotational speeds at the gear output.
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This application can be seen as an outlook for future develop-
ment opportunities. Although this demonstrator is just a pro-
totype and does not represent a today’s commercial vehicle,
the trend of installing electronic and software into mobile ma-
chines also expects an increase of sensors to detect various
system states. According to the provided data for the oper-
ator, the vehicle’s tire slip and a wear computation will be
exemplary described in this paper.

4.2 Slip Computation

The illustration of the tire slip value A can be divided into
an optimal slip section and a section with an expected in-
crease of tire wear. The operator shall recognize an un-
necessary high tire wear and be able to reduce the wheel
loader’s output torque via its drive pedal. The optimum varies
between 5 - 20 % depending on the environmental conditions
like weather or ground conditions. This is expressed by the
tire slip - friction coefficient curve displayed in fig. 3.
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Figure 3: A-p-curves for different surfaces according to [17]

Because the machine only provides the output torque and ro-
tational speed of the travel drive, there are two tasks for estim-
ating the actual tire slip. First, an calculation algorithm is re-
quired and secondly, the machine’s slip-free velocity vicnine
has to be measured. The calculation of the longitudinal tire
slip A, is given by eq. (1), whereas n,pe0; and Dyypee; are the
rotational speed and diameter of the wheel.
T Myvheel - Dwheel — Vinachine

Ay = ey

max ( T Nypheel * Diwheel s Vmachine)

In the case of deceleration the numerator causes a negative
velocity difference and the maximum function in the denom-
inator becomes Vyucnine resulting in a negative slip. On the
other hand, an accelerating wheel has a positive numerator.
The denominator becomes T - 11,001 - Dyyieer @and a positive slip
is returned. Furthermore, the ratios of the differential gear and
the wheel hubs as well as the dynamic wheel diameter must be
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taken into account. Because these values are specific machine
parameters, they have to be transferred from a machine client
to the cloud application during the subscription process. The
tire slip calculation is implemented in the programming lan-
guage Python. It gathers the gear ratios, the dynamic wheel
diameter, the output torque and rotational speed of the travel
drive, the actual time as well as the machine velocity from
the knowledge data base. In return, the routine publishes its
actual tire slip estimation as a result to the data base. Due to
the wheel loader’s permanently coupled wheels, the algorithm
only generates one common slip value.

4.3 Fatigue and Wear Computation

With information about the current tire slip, it is possible to
estimate the tire wear. A simplified first implementation in
Python calculates the cumulative frequency W;;,. if the tire
slip exceeds the deformity slip range. There, due to the glid-
ing slip, a higher wear is expected and can be estimated ac-
cording to eq. (2).
J
— Y i, if A > i (2)
life i=1

Wiire =

Another exemplary feature is the monitoring of mechanical
damage based on the calculated stress and providing it to
the operator. To estimate the load acting on the structure,
it is necessary to solve the equations of motion as well as
the kinematics of the equipment. To reduce calculation time,
the nonlinear equation system of the kinematics has to be
avoided. Therefore, the angles are calculated with causal
equations instead of nonlinear systems of equations. With
those calculated values and the sensor data, the equation of
motion of all bodies becomes a linear problem with the un-
known joint forces. This system can be solved with a QR
decomposition algorithm. The execution of this calculations
is done in real time and thus the results can be saved in addi-
tion to the raw data on the cloud storage. To predict a failure
of a component, the joint forces have to be transformed to a
load spectrum. Afterwards, the fatigue can be derived. The
total fatigue accumulation serves as an indicator for failure or
wear.

4.4 Implementation

The algorithms have been virtually tested in a simulation en-
vironment. The next step includes the validation of the ser-
vices by means of the real machine. Therefore, a sensor to
measure the slip-free machine velocity must be installed. The
most important use case for optimizing the tire slip of a wheel
loader is presumable filling the bucket while driving into a
pile. This requires a good accuracy at lower velocities. Be-
cause GPS-sensors do not fulfill this requirement [18], altern-
ative techniques have to be discussed. Optical sensors address
this problem but are cost-intensive at the same time [19, 20].
Inertia measurement units are one promising technology for
mobile machines as shown in [21]. Additionally, they will
be needed to compensate dynamic effects in the calculation
of digging forces or loaded mass from the cylinder pressure
signals. On the basis of the slip calculation, traction control
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algorithms can be developed in future work to reduce the tire
wear and to increase the driving behavior during an autonom-
ous loading cycle.

S Planing Modules in the Cloud Application
5.1 Software Adaption on Run-Time

Figure 4 illustrates a basic software architecture that is applic-
able for both hardware variants (board with Linux operation
system and mobile controlling unit). It represents a state ma-
chine and an algorithm component. This approach allows a
separation of static code from variable software algorithms.
While the state machine implements algorithm-independent
software parts that usually do not vary between software up-
dates, the algorithm component realizes a specific changeable
strategy. The two interfaces StmInterface and Algorithm al-
low an interaction between them. A concrete algorithm has
to provide the interface Algorithm for updating and reseting
its output values. The architecture considers automated func-
tions that prohibit an interruption during the process as well as
interruptible semi-automated functions. Therefore, a concrete
algorithm uses the StmInterface to lock and unlock a deactiv-
ation or a shutdown process. The teleservice module is able
to send different commands to the adaptive control devices.
They will be redirected to the state machine. If an activate
command is received the state machine will execute the al-
gorithm logic by calling its update function. The deactivation
command disables updating the algorithm. A reboot com-
mand shuts down the controller. Restarting the device allows
flashing a new control software. A change request turns the
devices’ activation. The currently operating algorithm will be
disabled while the inactive algorithm will be enabled. Addi-
tionally, a kill command forces a reboot of the device.

Stminterface ConcreteAlgorithm

lock() ¢ statemachine

unlock()
T v

Statemachine Algorithm

update() algorithm update()

change() reset()
activate()
deactivate()
changed()
reboot()
kill()

Y

¢ currentstate

State

update()
change()
activate()
deactivate()
changed()
reboot()
kill()

lock()
unlock()

Figure 4: Components

Figure 5 defines the state machine’s states and transitions.
Depending on the current state, a received command causes
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a different change in state. There are eight states available.
After booting, the device stays inactive and the algorithm is
reseted. An activation command instantly activates the in-
stalled algorithm by switching the controllers state to pro-
cess whereas a change request leads to the intermediate state
change requested. This synchronizing state guarantees that
the currently operating algorithm turns inactive before an-
other strategy can be performed. The new algorithm stays
inactive until the device receives the notification changed
from its counterpart. The process state cyclically calls the
algorithms update operation. If an automated service is activ-
ated that shall not be interrupted, the algorithm can lock the
state machine and the current state switches to operate. From
there, various intermediate states are available. All also trig-
ger the current algorithm to update its values until they will
be unlocked. Depending on the previous command, the state
machine then changes over to its desired state.

!
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change() | entry/ <
\ algorithm.reset()
| | Change
Requested Y
activate() deactivate()
Y
Process
do/
changed() algorithm.update() change()
reboot()
A
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reboot() "deactivate() change()
Shutdown Inactive Change
Requested Requested Requested
do/ do/ do/
algorithm.update() algorithm.update() algorithm.update()
! unlock() unlock() unlock()

Figure 5: State machine

5.2 Flash Function

The flash function is the key point to change the run-time code
on control units. It is implemented on the Teleservice device
as an event based algorithm. It gets a new binary code file
from the cloud via ftp connection. A separate start command
initiates the flash sequence to download a new software ver-
sion to a machine’s control unit. It is shown in Algorithm 1.
At the beginning, the routine searches for the current inactive
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slave module. If an inactive node is detected, the algorithm
will reboot and flash it. Otherwise, a failure will be repor-
ted to the cloud. After the node successfully changed its
software, restarted, and reported back its status, both control
nodes receive a command to change their current operating
state. From this point, the flash sequence waits for the active
control device to deactivate itself. Receiving a new binary file
from the cloud, again restarts the process.

Data: file = new binary flash file
Result: algorithm successful
inactive node = get inactive node;
if inactive node is null then
start error correction;
return false;

end
reboot (inactive node);
flash (inactive node with file);
while inactive node is not restarted do

| wait;
end
send change activity command;
while active node is changed to inactive do

| wait;
end
reboot (second node);
flash (second node with file);
while second node is not restarted do

| wait;
end
return frue;

Algorithm 1: Flash Algorithm

The flash memory’s write cycles are usually limited. It is use-
ful to reduce the need for flashing a controller. Two addi-
tional opportunities are implemented. If a modification only
consists of a changed parameter set, the Teleservice device is
able to pass a new set from the cloud to a control node without
changing the whole software code by the flash loader. There-
fore, the JSON-based messages are transformed into CAN-
based messages and sent to the specific node. Another pos-
sibility exists if more than one algorithm is implemented into
the current control software. The abstraction to a general al-
gorithm interface allows an easy exchange of the current lo-
gic by redirecting the state machine’s algorithm reference to
a new designated strategy.

6 Virtual Validation
6.1 Simulator

During the development process, it is necessary to test new
functions and services quickly and with little effort. Attempts
on a real machine are not always the easiest way to accom-
plish that. This has various reasons, e.g. a real machine is
not always available, ready for use or an experiment would
be to expensive. An alternative to experimental validation is
virtual validation, in which the real environment is replaced
by a virtual mock-up. For this purpose, a simulation tool has
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been developed, which allows coupled simulations between
machine and process models. The structure of the software

tool is shown in fig. 6
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Figure 6: Interactive Machine and Process Simulator

The machine (wheel loader) was created as a comprehens-
ive system model in the description language Modelica [22].
The model exists in different levels of detail, starting with a
simple mechanical multibody system up to complex variants
representing also hydraulic parts and control systems. The
simulation model is exported as an Functional Mock-up unit
(FMU) [23]. FMU is a tool-independent standard for the ex-
change of system models among both proprietary and non-
proprietary software tools.

The process model, which is designed to simulate the beha-
vior of the granular material, is based on the Discrete Element
Method (DEM) first mentioned by P. A. Cundall [24]. For
computation, the open source software LIGGGHTS® [25]
has been applied. Due to the efficient use of multi-processor
architectures, as well as the large number of available con-
tact models, LIGGGHTS® is considered to be particularly
powerful. In recent years, various methods to link and com-
municate among LIGGGHTS® and Modelica Models [26] or
FMUs [27] have been developed. In order to correctly link the
machine and process model, the FMU require defined inputs
and outputs. Outputs are position, orientation and speed of the
wheel loader’s bucket. These values and necessary geometric
information are transmitted to LIGGGHTS®, whereupon the
resulting normal and tangential forces on the bucket are calcu-
lated. The outcome is returned to the FMU via corresponding
input signals.

An extra simulation MQTT-client is responsible for the simu-
lation control. It guarantees the proper data exchange after
each calculation step and saves relevant results for post-
processing.  Additionally, the simulation master interacts
with the cloud’s MQTT-broker and regularly transmits cur-
rent state values.

There are two possibilities for controlling the wheel loader
during simulation run-time. The first option is the applica-
tion of predefined trajectories. They can be calculated by al-
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gorithms or originate from real measurements and stimulate
the machine model. The second option is an interactive user
control. Therefore, the Modelica_DeviceDrivers library [28]
is used. It contains models and functions for reading signals
from external control devices such as joysticks or keyboards.

6.2 Smart Metering Application

An Android application running on a separate tablet gives
the operator feedback about machine status, current working
tasks and performance values. The device is not directly con-
nected to the machine and needs an internet connection to
show the cloud services’ evaluations. Therefore, the tablet
application also inherits the MQTT-Client interface and sub-
scribes to its needed topics. The visual design consists of
different modularized views. Incoming messages triggers up-
dating all of them. Figure 7 represents an exemplary view.
This consists of five modules. The illustration (1) above left
shows the actual bucket’s position and reports its height and
the loaded mass as a numerical value. In the middle of the
upper line, the bar graphs (2) informs about the estimated tire
slip. Depending on the current values, the graphs change their
color. While operating in a green range means an optimal
traction, a yellow to red colored bar expresses a to high tire
wear. The list (3) above right tells the operator about its re-
maining tasks. They are prioritized, named and supplemented
with deadlines and objectives. The current progress status is
presented as well. On the left side of the lower line, the per-
formance graph (4) compares the efficiency of the last load-
ing cycles. Each value represent the amount of moved ma-
terial related to a cycle’s energy consumption according to
eqg. (3). Thereby, the working efficiency P, is defined as
the weight of loaded material m,.yi; devided by the total
amount of consumed energy within one working cycle E,
(loading a bucket starting at i.e. floating position ending in
with a defined bucket height for transportation) respective to
the cycle time span z.y/e.

Pwork _ Mpaterial (3)
Etotul : tcycle

The last figure on the lower right illustrates the pile’s virtual
cross section (5) and its planed optimal bucket trajectory.

7 Summary and Outlook

The presented paper proposes an overall system architecture
for cyber-physical systems in the context of construction ma-
chinery. The IIoT messaging protocol MQTT is well suited
for these kinds of applications. Multiple clients can con-
nect to the cloud and are integrated in the cloud application
services. The cloud implementation follows the design of a
MAPE-K loop. The central knowledge base stores the data
history of the system. The analyse modules perform compu-
tations on raw data and the plan modules modify the logic for
client. This structure has been implemented in a prototype
and has been tested using a driver assistance user-interface.
Physical-based simulations emulates the machine’s behavior
and feed the current cloud application. A monitoring visual-
ization app on a tablet represents a service application inside
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Figure 7: Application Screenshot

the CPS. The implemented cloud architecture enabled an ad-
aptable driver assistance and defines the basis for further de-
velopments achieving high level automation functionality in
mobile applications. Therefore, additional sensor technolo-
gies for environment detection are needed. With the help of
the simulation models, bucket filling strategies can be easily
tested but they have to be calibrated with real measurements.
For further developments, an assisted, partially automated
bucket filling process is obvious. In the long term, a highly
automated bucket filling procedure is desirable whereas the
operation of a fully autonomous wheel loader for a construc-
tion purpose seems less conceivable. The currently developed
cloud implementation will be extended to an adaptable fog
architecture. This means the use off more locally available
computational infrastructure to split time-critical algorithms
from the machine to near computational elements and not all
to the cloud. This decreases latency.
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Nomenclature
Designation Denotation Unit
A tire slip %
Nyheel wheel’s rotational speed min’!
u friction coefficient -
Dyyheel wheel diameter m
Vinachine slip-free machine velocity m/s
Wiire tire wear %
Tpife life time h
t; time variable h
Pork working efficiency kg/(1-s)
Material weight of loaded material kg
Eioral energy consumption J
teyele loading cycle time
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Abstract

Systems with independent metering offer a high potential for increasing the functionality and
efficiency of valve-controlled hydraulic drives. But nowadays there are only a few prototypical
applications. One reason for that are the so far insufficient safety investigations. Besides the
structural investigations carried out at the research institute, this contribution deals with a fault
detection by means of limit checking of the applied pressure sensors. A detection algorithm is
derived from several software-in-the-loop simulations of the independent metering system
applied at an excavator arm. The functionality and limits of the fault detection will be shown by
means of measurements. As a result, all safety-critical faults can be detected which leads to a
Diagnostic Coverage of DC =99% and thus allows the use of independent metering up to a

Performance Level PL = e.

Keywords: hydraulic systems, independent metering, machine safety, 1SO 13849, fault detection

1 Introduction

A significant contribution to the improvement of machine and
process efficiency of mobile working machines is the use of
(semi-)automated functions. Hydraulic drive systems with
independent metering offer outstanding prerequisites to fulfill
the requirements of (semi-)automated functions. Besides
good structural properties and the further degree of freedom
to control the system, there are additional potentials by
transferring the functionality into the electronic control
device and for the software. Thereby, the function’s
flexibility increases. Furthermore, the use of standardized
valves becomes possible leading to reduced component costs.
Despite these potentials there are only a few industrial
applications with independent metering systems. One main
reason is the so far insufficient analysis of safety and
reliability aspects.

Previous contributions have shown which kind of system
architectures meet the different safety requirements of mobile
machines [1]. One suitable valve structure in combination
with pressure sensors and a single-variable control approach
was applied to the boom function of an excavator test rig at
the research institute [2]. This system can reach a maximum
Performance Level PL =e if the Diagnostic Coverage is
DC =99%, which depends on the fault detection. Fault
detection methods were categorized and evaluated by
Isermann [3]. An overview over these fault detection methods
with corresponding publications on hydraulic drive systems
is displayed in Figure 1. Additional publications for example
on electrical drives can be found in [4]. There is a variety of
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publications on model-based fault detection methods as it can
be seen in Figure 1.

Fault detection methods

single signals Multiple signals / models
 —— | |

- Signal Process
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Figure 1: Fault detection methods [3] and related
publications

On the one hand this is due to the fast detection and the
diagnosis possibility of faults. On the other hand model-based
methods require sufficient system models which result in a
high implementation and computing effort [5]. These are
reasons for simple approaches like limit checking being
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widely spread in mobile hydraulic applications. Nevertheless,
Nurmi and Mattila used a model-based approach to detect
faults in typical mobile hydraulic valves in a crane
application. With a reduced-order model, the measurement of
the cylinder positions, the chamber pressures, the tank
pressure, the pilot pressure and the intermediate pressure
between the pressure compensator and the main spool as well
as an adaptive threshold generating algorithm sensor biases
of 3 bar can be detected [6]. But this contribution on the one
hand only makes investigations on component level (focus on
the valves). On the other hand a constant pressure system is
assumed which is not typical for a mobile hydraulic system.

Concerning safety aspects of independent metering systems,
there are only a few publications. Schmitz presents a steer-
by-wire system consisting of eight 2/2 valves, two electronic
control units (ECU), a redundant supply unit and two sensors
to measure the steering wheel and wheel angle respectively.
The main focus of this work is the development of a robust
closed loop angle control of the wheels in order to
compensate certain faults. In case of high control deviations,
an off-duty self-test as well as an on-duty model-based fault
detection on the basis of parity equations is introduced. Tests
show that the fault detection only works sufficient with
pressure compensated valves with a very low hysteresis [7].
To avoid the high component effort Fischer presents a
superimposed steering system with independent metering. As
well as Schmitz, Fischer focuses on fault compensation
through an appropriate control concept. This makes the use
of limit and trend checking methods for fault detection
possible, because the safety shutdown of the electrohydraulic
steering part is not time-critical any more [19]. The
requirements on the working hydraulics’ drive system vary
greatly from the steering system’s requirements. Besides the
well-known load situation, there are mostly no cross-
influences between several actuators due to the priority valve
in steering systems. Furthermore, energy efficient operation
modes have an impact on the system states. Similar to
Schmitz and Fischer, Siivonen developed a fault tolerant
controller for a digital hydraulic valve system consisting of
20 seat-type screw-in on/off valves. He uses an online fault
diagnosis on the basis of measuring electrical quantities for
re-configuration [20]. But the problem is the detection of
sensor faults. Additionally, Siivonen developed an off-line
fault detection algorithm based on pressure sensors [21]. He
proved the functionality of both detection methods on a
mobile crane test rig using a constant pressure net and a
dSpace microcontroller system [22]. But during the off-line
test the system cannot be used. To the author’s best
knowledge, there are no publications on online fault detection
for the working hydraulic of mobile machines using
independent metering systems. Rannow introduces a fault
tolerant algorithm for the reconfiguration of an existing
independent metering valve product. But in his paper he
assumes that faults are already detected and diagnosed [23].

In this paper the development of an online fault detection
based on limit checking of pressure signals, using software-
in-the-loop, is described. Therefore, the system model and
validation will be shown firstly. After that, the fault detection
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algorithm will be derived from system simulation. The
parameters of the limit checking are tuned by measurements
on an excavator test rig. Finally, these tests as well as a
discussion about the accuracy and the limits of the fault
detection will be described.

2 Design of fault detection

Basis of the design of the fault detection is a model of the
excavator test rig at the research institute. The system layout
is displayed in Figure 2. It consists of the subsystems supply
unit, input, logic, output, actuator and the work equipment.
The supply unit comprises an electric motor, which is
operated at a constant speed of n;=1450 min?, an
electronically controlled variable displacement axial piston
pump, a pressure relief valve and oil treatment elements like
a filter. The operator generates a command signal through the
joystick as part of the subsystem input, which are connected
via CAN with the ECU (subsystem logic). The ECU
calculates the valve's control current depending on the
operator command. Therefore, the ECU contains the control
algorithm for each axis, the operation mode management, the
failure insertion for the test of system faults and the fault
detection algorithm. The subsystem output represents the
valve block with independent metering. The displayed valve
system is just one possible solution but provides a high
flexibility, so that different control concepts can be
investigated. It consists of two 2/2 bidirectional proportional
spool valves (no. 5-6) for velocity and pressure control and
four 2/2 bidirectional switching poppet valves (no. 1-4) for
connecting each cylinder chamber with pump or tank line. A
load independent movement is achieved through the
individual pressure compensator (IPC — no. 8). To ensure that
the inlet flow is always regulated from the IPC, an additional
switching valve (no. 7) is installed. The system is described
in detail in [2].

OPC

receiver

Output

Figure 2: System structure / Test rig setup

SICFP2017 7-9 June 2017
Linkoping, Sweden


http://www.ep.liu.se/ecp/contents.asp?issue=144

At the test rig, pressure sensors in the pump line and each
cylinder chamber, displacements sensors on the proportional
valves and the pressure compensator as well as angle sensors
for the boom, stick and bucket from which the position of the
concerning cylinders are derived are installed. But for the
proposed fault detection only the pressure sensors are used.
Due to the fact that load on each cylinder depends on the
equipment’s mass distribution, a multi body-system with
CAD-data has been built up. The valves have been measured
separately on a valve test rig. The static characteristic diagram
of the proportional valves and their dynamics are
implemented in the model. The pump is modeled as a volume
flow rate with its efficiency and dynamic. The model
parameters especially the volumes are gained from the
excavator test rig. The supply unit, the valves, the actuator,
the work equipment and the input are modelled by using the
system simulation software SimulationX. The control
algorithm and fault treatment is directly programmed in the
development environment CODESYS. This has two main
advantages: Firstly, the restrictions from the hardware
(discrete cycle time of 10 ms) should have taken into account
by developing the algorithms. Secondly, a premature
software implementation reduces commissioning costs. An
OPC Server is used for the communication between the tools
CODESYS and SimulationX. Since a fully extended
equipment without loaded mass delivers high frequent
pressure signals, the fault detection will be developed using
the boom cylinder as a worst case scenario in this paper.
Because of the kinematics of the work equipment the rod side
of the boom cylinder is always on the high pressure side. This
results in a retraction with a resistive load and an extension
with an overrunning load during the lifting and lowering
cycle.

2.1 Model Validation

The main goal of a fault detection is the feature generation.
Therefore, it is necessary to know about the system’s usual
behavior. For that the built-up system model must be
validated. Figure 3 displays the comparison of the software-
in-the-loop simulation and measurements on the test rig of the
lifting / lowering cycle using the boom cylinder.

The lift movement proceeds from 0 — 10 s and the lowering
movement from 10 — 20 s. In the upper diagram the target and
actual nominal velocity of the boom cylinder and in the
diagrams at the bottom the corresponding pressure values are
displayed. The simulation results, displayed in dashed lines,
fit well to the measurements, displayed in solid lines.
Deviations in the velocity signal are due to neglected leakage
in the valve model. The higher velocity in the simulation
leads to a movement of the boom cylinder into the end stop
by using the same target velocity (operator command). This
is why the pressure po rises up to 250 bar at approx. 9 s. Due
to the internal leakage of the cylinder, the pressure difference
between the cylinder chambers equals slowly from 9 -16 s.
During this time the set velocity is zero. At approx. 16 s the
lowering movement starts. To that, the valve 6 has to control
the volume flow, so that the overrunning load can be
controlled and therefore the cylinder pressure pa does not
drop to zero (anti cavitation). During the movement phase
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from 16 —-20s the simulation results fit well to the
measurement. Overall, the system model represents the
normal behavior very well and is therefore suitable for the
development of fault detection.
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Figure 3: Model validation on lifting / lowering cycle

2.2 Analysis of fault behavior

To analyze the fault behavior, faults must be impressed upon
the model. The fault insertion can be divided into four
different levels:

1. Machine condition

2. Fault location

3. Type of fault

4. Moment of the fault occurrence

The machine condition is given through the considered cycle.
Regarding the fault location, faults will be impressed upon
the three pressure sensors and the valves 1 — 7. Faults of the
IPC are not investigated because the compensator is
(hydraulically-) mechanically controlled and thus basic and
proven safety principles can be applied. The standard
ISO 13849-2 defines fault types for mechanical, electrical,
electronical, pneumatic and hydraulic elements [24]. The
relevant faults for the insertion upon the model are
summarized in Table 1.
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Table 1: fault types regarding to 1SO 13849-2

1 | Change in switching times
2 | Failing to switch (stay fully closed or fully open
or in every single position between)
3 | Change of neutral position without command
g 4 | Leakage
©
> | 5 | Change of leakage volume flow during operation
time
6 | Burst of housing and fasteners
7 | Hydraulic faults which cause uncontrollable
behavior
» | 1 | Changes in the data acquisition and the output
3
c
]

Concerning a deep fault diagnosis a good description of the
fault is necessary to identify the cause of the failure. But for
the detection it is sufficient to know that there is a fault.
Therefore, a fault needs to have an impact on the system
behavior. The bigger the impact, the more critical the system
behavior will be. Another question is how to insert these fault
types into the model and the test rig. Because of the use of
electronic controlled components it is obvious to use
synthesized signals to manipulate the set values. To cover the
fault types from ISO 13849 except valve fault six the signals
in Figure 4 are used. The burst of the valve housing can be
covered through the basic and proven safety principles like
oversizing.

|11 | maximum
y | 100 high
mp: J
:};_: get stuck target
Y, ﬁelay
— f . —_—>
t, toolow t, no signal t

Figure 4: Synthesized signals to insert fault types

From the system’s view a maximum signal equals a signal
which is too high but with a bigger impact. In the same way
no signal equals a signal which is too low and a signal delay
with regard to a certain time. In the context of detecting safety
critical states and to limit the variant only the signals
“maximum”, “delay” and “no signal” will be investigated in
this paper. Finally, the time of the fault insertion can be varied
asitis displayed in Figure 4. Therefore, it has to be mentioned
that there are fault combinations which are not appropriate,
e.g. the fault type “get stuck” when the set signal is constant
or the fault “no signal” on a valve which already gets no
signal due to the control algorithm. On the basis of this
investigations a failure insertion unit with a related
visualization as user interface has been programmed in
CODESYS. The SIL simulation has been used to analyze the
fault variations displayed in Table 2. Here only valve faults
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are shown. The simulation results with inserted sensor faults
has shown that the impact on the cylinder movement is the
same as inserting valve faults. This is due to the control
algorithm, which reacts on the pressure signals to set the
valve currents.

The simulation results show that there are six safety critical
faults, which are highlighted in Table 2. A fault is safety
critical within the context of the excavator application if:

e The boom will move faster than commanded from
the operator or,

e The boom will move in the opposite direction than
commanded from the operator or,

e The cylinder pressure will rise higher than the set
value of the pressure relief valve.

The last case occurs when the boom cylinder extends and the
downstream valves are closed. Due to the differential cylinder
the chamber pressure pg will be precisely higher by the
amount of the area ratio of the differential cylinder (see
section 3.1). The other fault variations lead to no movement
or cavitation while the target movement is reached. Due to
the defined safety function “safe stop”, these faults do not
need to be detected. But in the context of availability the
identification of these faults enables countermeasures like a
quick repair or reconfiguration. But in the following the
safety critical faults will be described and a fault detection
algorithm derived.

Table 2: fault variations for SIL simulation

no. | location type time
1 | Valvel Maximum t
2 | Valve 2 | No signal t
» 3 | Valve 2 | Maximum ty
S 4 | Valve 3 | Nosignal f
£ 5 | Valve3 | Maximum to
% 6 | Valve4 | Maximum t
€ | 7 |Valve5 | Nosignal ty
= 8 | Valve5 | Maximum ty
= 9 | Valve5 | Getstuck to
5 | 10 | Valve 6 | No signal t
11 | Valve 6 Maximum to
12 | Valve 6 | Get stuck )
13 | Valve 7 No signal t
14 | Valve 1 Maximum to
15 | Valve 1 No signal t
2 | 16 | Valve?2 Maximum to
g 17 | Valve 3 Maximum to
g 18 | Valve4 | No signal t
© | 19 | Valve 4 Maximum t
g 20 | Valve 5 No signal t
£ | 21 | Valve5 | Maximum t
& | 22 | Valve5 | Get stuck t
2 [ 23 [ Valve6 | No signal i
- | 24 | Valve 6 Maximum to
25 | Valve 6 | Get stuck to
26 | Valve 7 No signal t

In the following fault no. 1 and 24 will be investigated
exemplary. Therefore, both simulation and measurements
were taken out. The measurements complement the
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simulation and serve to analyze the behavior of the operator.
The simulation and measurement results of fault no. 1 are
displayed in Figure 5. During the cycle, the work equipment
lifts due to a retracting boom cylinder which drives against
the load. In the fault-free state from 0—4.8s the pump
volume flow is directed into the rod side (chamber B) of the
boom cylinder through the open switching valve 3 and the
correspondingly open proportional valve 6. This leads to a
pressure built-up in cylinder chamber B at approx. 2.5 s. At
the same time, the valves 5 and 2 are open which allow a
volume flow from cylinder chamber A to the tank. As a result,
the cylinder begins to move as it can be seen in the solid grey
line in the velocity diagram of Figure5. During the
movement, the simulation results (dashed lines) fit again well
to the measurements. Since there is no ground contact in the
model, the initial values of the pressure pa and ps are higher
than in the measurement.
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Figure 5: Results of fault no. 1

If the switching valve 1 unintentionally opens in the event of
a fault at approx. 4.8 s, the pump is connected to the tank via
the normally open switching valve 2. The pump pressure falls
to a pressure level of approx. 10 bar at 5 s, determined by the
pressure losses across the IPC and the switching valves.
Likewise, the rod side of the boom cylinder, which is under
pressure, is connected to the tank via the valves 1, 2 and 3.
Thus peg falls and the load force can no longer be overcome
by the cylinder force. The boom sinks downwards due to its
weight, which can be seen in the solid grey line of the nominal
velocity vivmax. Since the velocity of the piston and thus also
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the direction of the volume flow through valve 6 is reversed,
ps initially drops to O bar, and then rises again to the value of
the pressure loss over valve 6. Since the piston speed slows
down before the movement direction reverses, the volume
flow conveyed via valve 5 also drops. By the same opening
cross section of valve 5, the pressure drop decreases and thus
also pa. Since only pr prevails before valve 5, not enough oil
flows into the piston chamber as would be required by the
cylinder velocity v. As a result, pa falls further and remains at
0 bar. While the target velocity in the simulation (displayed
in dashed red lines) remains constant due to a not modelled
operator the reaction of a real operator can be seen in the solid
red line. The measurements were performed in pairs. One
controlled the fault insertion and the other one moved the
joysticks. The operator reinforces the faulty lowering
movement intuitively which can be seen in the velocity
diagram of Figure 5 between 5 -6 s.

Looking on the fault-free case of the lowering movement
between 0 — 5.5 s in Figure 6, the rod side is connected to the
tank by the correspondingly open valve 6 and the open
valve 4. The piston side is connected to the pump by the
correspondingly open valve 5 and the open valve 1. When
sinking, a pulling load is applied to the piston (load force and
velocity vector point to the same direction). The control edge
on the load side B has the task of braking the piston. The ECU
calculates the opening cross-section, so that a feed pressure
pa of approx. 10 bar is maintained on the piston side.
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Figure 6: Results of fault no. 24
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Fault no. 24 is displayed in Figure 6 from 5.5 s to the end of
the movement. In this case, the proportional valve 6 on the
load side opens to the maximum. This valve error has an
immediate effect on the boom axis since there is a deviation
between the required and actual opening cross-section
immediately. The piston speed v rises significantly. This
results in a pressure drop ps and due to the equilibrium of
forces at the cylinder also in pa. Since the boom falls much
faster, it moves into the end position of the cylinder with a
given joystick presetting before the switching valves close in
the simulation. Therefore, there is no pressure peak in pg. The
measurements show a slightly different situation. As it can be
seen in the target velocity (solid red line) the operator is
overwhelmed with the situation. A quick and strong
displacement of the joystick in the opposite direction
indicates that the operator firstly wants to compensate the
fault. Due to that command po increases to the maximum
bounded by the pressure relief valve at approx. 6.6 s. Shortly
after that he releases the joystick. The target velocity is at zero
and all the valves are closed at approx. 7 s. The high velocity
of the boom cylinder is braked by the closed valves. This
leads to the stop of the cylinder and to high frequency
oscillations in the pressure signals pa and ps. As mentioned
above, this leads also to the risk of bursting hoses. A
countermeasure is a secondary pressure limitation function
(see section 3.1).

2.3 Description of fault detection algorithm

As described above, all fault variants displayed in Table 2
were simulated. Concerning the lifting movement, the
comparison of the pressure signals in every simulation run
leads to the following equation for the fault detection:

P > Po When v, < 0 1)
pa < pr When vy, <0 2)

Relation 2 has the disadvantage that it is likely also true in the
error-free case. A fault detection based on this equation would
then provide false alarms. Valve 5 acts as an outlet throttle
during lifting and generates power loss due to the pressure
drop. To save energy, valve 5 can be fully opened due to the
independent metering system. This minimizes the pressure
drop across valve 5 and thus also the pressure losses. The
pressure pa is consequently also minimal and calculated as
the sum of tank pressure pr, the pressure losses of the fully
open proportional valve 5 Apys and the open switching
valve 2 Apya.

Pa = pr +Apy; + Apys (3)

Then, pa will be only slightly above pr especially at slow
movements, and fall below pr when the boom oscillates. Due
to the application of more energy efficient operation modes,
relation 1 should be preferred. Either way, relation 2 also
occurs in the error-free case at the beginning of the movement
between 2 s and 2.5 s (see measurements in Figure 5). Due to
the applied flow matching control algorithm the pump
pressure po is zero at the beginning of the movement, and thus
lower than pg. As a result, the boom would lower and pa falls
to O bar.
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Concerning the lowering movement, the comparison of the
pressure signals in every simulation run lead to relation 4 for
the fault detection:

pa < pr When v, >0 4

Equation 4 can also be true in the error-free case. This occurs
in particular when the valves are being opened at the start of
the movement and the necessary pump pressure has not been
established yet, similar to the lifting movement. One
countermeasure for this problem is a delay between the
control of the pump and the valves (virtual load holding
valve). By opening the proportional valves at a later time, the
pump has an appropriate amount of time to increase the swash
plate angle and thus build up a pressure po upstream of the
valves. A time constant is however not effective, because the
pressure build — up is dependent on the required volume flow,
and also the valve dynamics depend on the target value. An
alternative solution is discussed in the next chapter. At the
very least, error detection should be designed in such a way
that short — term minima of pa are tolerated. For that a fault
must remain for a certain amount of time until the fault
reaction (close every valve) is initiated. Because from the
dynamical pressure signal view, lifting and lowering are
different, the following relations are used to check the faulty
time:

tfault = Atmax,lift (5)
tfault = Atmax,lowering (6)

Regardless of the type of fault detection, a well —tuned
system with a robust control concept allows a simpler and
safer parameter finding. As it is displayed exemplarily in the
pa-signal in Figure 6 between 3.5 s and 5.5 s a good pressure
control wouldn’t cause false alarms. Aspects of the control
algorithm are discussed in detail in [2]. Another aspect is the
pressure built — up problem which will be discussed below.

2.4 Special event handling

Particularly in the case of low volumetric flow requirements,
the disadvantages of the use of a time constant for the query
of the pressure build — up become clear. If sufficient pressure
has not yet been built up in the pump line and the valves are
actuated, the boom first drops. During lowering, the proposed
error detection in equation 4 would report false alarms for the
period shortly after the pressure build-up phase. In order to
solve these problems, the pressure build — up phase has to be
determined by pressure signals. The pressure build —up
phase (p_up) is terminated for lifting when po = ps. Thus, the
pumping pressure can support the load force in any case and
sagging is prevented. In the case of lowering, the pressure
build — up phase (p_up) is not to be terminated until the pump
has built up a pressure of pa = 10 bar in the piston chamber.
As a result, the pump has already been increased its swash
plate angle and can deliver the full required volume flow from
the time in the valve 6. As a result, a sufficient volume flow
can be fed into the piston chamber from the beginning, and pa
does not drop. During the pressure build —up phase, the
currents of the load — side valves are zero, whereby single
valve errors are also intercepted during this phase due to the
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series circuit. The effect of the pressure build-up phase can be
seen exemplarily in Figure 5. There is a time — delay between
the target (red line) and the actual (grey line) velocity at
between 2 sand 2.5 s.

To summarize the aforementioned arguments, the proposed
fault detection with limit checking is based on the equations
and parameters, which are derived from several SIL
simulations.

Table 3: Fault detection equations and parameters

Lifting movement: v, < 0

Equation P — D1 > Pror1 Np_up = False
Proi,1 [bar] 3
Atmax,litt [MS] 200

Lowering movement: v, > 0
Equation Pa < Pror2 Np_up = False
Prol2 [bar] 3
Almax lowering [MS] 200

3 Implementation and test of fault detection

The presented fault detection algorithm has been integrated
into the control software and has first been tested by means
of SIL simulations on the model. Here again the advantage of
the SIL simulation has been demonstrated. By means of early
detection of programming errors, a quick commissioning on
the test stand was possible. The tests for the secondary
pressure limiting function and the safety function "safe stop"
at the excavator arm test stand are presented below.

3.1 Test of the electronic secondary pressure relief
function

As described in section 2.2 there are high cylinder chamber
pressure in some cases, which can lead to bursting hoses.
Usually, separate valves are used in mobile machines for this
function. Since systems with independent metering require a
higher number of components on the one hand and lead to
flexible flow paths and thus a high degree of functional
diversity on the other hand, it is presented here how an
electronic secondary pressure limitation can be implemented.
To avoid influences of this function on the movement of the
cylinder, the valves on the load side must not be changed in
their control. This means that a pressure reduction is only
possible via the opposite side of the load. This control has two
stages. If the pressure of a cylinder chamber exceeds the first
threshold value, the switching valve which controls the
incoming volume flow (valve 1 or 3) is first closed. Thus, the
pressure which in the unfavorable case is reinforced by the
cylinder, cannot increase further. If the pressure of a cylinder
chamber exceeds the second threshold value, the tank valve
(valve 2 or 4) on the opposite chamber side of the load is
being opened. The hydraulic clamping of the cylinder is
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thereby canceled and both of the cylinder chamber pressures
can be reduced down to the static pressure resulting from the
applied load force. The functionality of this algorithm is
displayed in Figure 7 exemplarily for the case of fault no. 23
(closed downstream valve, here valve 6). The normalized
target and actual cylinder speed is shown in the upper part of
the diagram. Below, the pressure signals and the normalized
control currents of the switching valves of the opposite side
of the load are shown. For an improved representation of the
results, the time interval in which the pressure stages are
exceeded is selected. The values of the pressure stages, which
are selected exemplarily, are Ppstage 1 =180 bar and
Pstage_1n = 240 bar.
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Figure 7: Experimental test of secondary pressure limitation
at occurrence of fault no. 23

It can be seen how valve 1 closes when the first pressure stage
is exceeded and valve 2 opens when the second pressure stage
is exceeded. The functionality of the secondary pressure
limitation function has thus been demonstrated. This
complies with the requirements of ISO 4413. However, it
should be checked which additional requirements apply by
the use of electronic pressure relief valves. But overall this
shows which functions can be integrated into independent
metering systems.

98 SICFP2017 7-9 June 2017

Linkoping, Sweden


http://www.ep.liu.se/ecp/contents.asp?issue=144

3.2 Test of the safe stop function

Finally, the functionality of the developed fault detection is
demonstrated, both in the normal operation and in the event
of a fault. In Figure 8, the lifting and lowering cycle is
depicted as in the case of the model validation. The
equipment is lifted by the retracting boom cylinder between
0 sand 10 s. The pressure built — up phase can be seen in the
time delay between the target and actual velocity again. In
that time (between 4 s and 5 s) the fault variable teayri rises up
to a value of 90 ms. This is because the switching valve 2 of
the load opposite side is already controlled. Thereby the
pressure pa drops under 3 bar. However, to detect valve faults
during this phase, for example a faulty open tank valve 2 or 4
which would prevent the pressure built—up, a smaller
increase of the fault variable trur is used. On the one hand this
ensures the required pressure built — up and allows the fault
detection on the other hand. Subsequently, the lowering
movement takes place by the extension of the boom cylinder.
At approx. 13.8 s the fault no. 24 (fully open valve 6) is
inserted. The error begins to affect the movement at approx.
14 s. A detailed view of this phase is displayed in Figure 9.
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Figure 8: Experimental test of safe stop function by
occurrence of fault no. 24
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Figure 9: Enlarged section of Figure 8

The effect of the fault can be seen in the increasing cylinder
velocity v. As a result of that pa drops under the specified
limit of 3 bar at approx. 14.2 s. This leads to the rise of the
fault variable tmu: up to the specified limit of 100 ms.
Therefore, all valve currents are set to zero at 14.3s. The
falling boom is hydraulically stopped by the closing
switching valve 4 at 14.36 s. Because of the high velocity
difference, the pressure peaks in pg and thus also in pa are
significantly high (need for secondary pressure limitation; see
section 3.1). An enlarged section of the error phase is shown
in Figure 10.

3.3 Discussion of limits and accuracy

Fault no. 24 is the most safety critical fault due to the high
boom cylinder velocity. Thus, the accuracy and limits of the
proposed fault detection will be discussed using fault no.24.
Figure 10 shows the trajectory of the excavator arm. The red
dots highlight the movement during the occurrence of the
fault. In the time between fault formation and fault reaction,
the excavator arm lowers by approx. 593 mm. This drop
height can be quantified with the difference of the Tool-
Center-Point height Ayrcp and is made up of the following
parts.

Ayrcp = AYaetect + AVremain + AVreact (7)

The first part is the fall height Aygetect OF the equipment, which
arises in the time of the fault occurrence to fault detection and,
therefore, the limit py is exceeded.
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Figure 10: Trajectory of the excavator arm in case of fault
no. 24

The required detection time depends on the following
influencing factors:

e The current load situation,

e The current cylinder velocity,

e The pressure reduction time which depends on
the dead volumes in the tubing and

e  The specified limit pror.

Because the first two aspects are given through the operator
command only the last two can be influenced in construction.
The second part is the fall height Ayremain Of the equipment,
which is given during the time of the selected limit Atmax Of
the fault variable trur. If the system immediately reported an
error according to the detection algorithm, this component of
the fall height could be reduced to zero. To ensure that this
fraction of the drop height is kept small and the fault detection
is still robust against false alarms, Atmax should be as small as
possible. The value was successively reduced from 200 ms
over 150 ms to 100 ms on the test bench. As a result, the
overall fall height could be reduced by 244 mm. Here, there
is little optimization potential for reasons of machine
availability.

The last part of equation 7 represents the fall height Ayreact
which is returned in the time of the fault reaction. The fault
reaction measures related to the safety function “safe stop"
are the simultaneous closing of all valves and the reduction
of the swash plate angle of the pump. Influence factors of
AYreact are:

e  The dynamic behavior of the applied components in
combination with

e The control concept and thereby the cycle time of
the ECU and again

e The operation point of the drive (load and velocity).

Again, the last aspect cannot be influenced because the
operation point is given through the work task and the
operator, respectively. But with fast components and an
adequate control algorithm this time and the fall height
respectively can be reduced. The measurements with the
aforementioned variations of Atmaxshowed that the overall fall
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height Ayrce is significantly influenced by the reaction time
of the system (AYreact / Aytce = 66 %). 32 % of that value are
attributable to the valve dynamics. The rest of Ayreact (68 %)
arises from the boom cylinder oscillations before the static
value of Ayrcp is reached. Only 25 % of Ayrcp are related to
the selected maximum time limit Atmax When the fault is
detected and another 9 % arise from the detection itself
(Pa < prol2). As a result, a large part of the fault detection’s
optimization potential lies in the system parameters (volumes
between valve and cylinder) and the dynamic of the
components.

Finally, Table 4 gives an overview of the determined fall
heights of the safety critical tests carried out.

Table 4: sensitivity of detection parameters

Fr?gllt Description ?rt;“;]x [A%Tr;;
1 Valve 1 maximum signal 200 144
6 Valve 2 maximum signal 200 132
24 | Valve 6 maximum signal 200 837
24 | Valve 6 maximum signal 150 751
24 | Valve 6 maximum signal 100 593
25 | Valve 6 get stuck 100 465

4 Conclusion and outlook

With the help of the validated simulation model, calculations
with a targeted imprinting of previously defined errors could
be carried out. The result of these simulations is on the one
hand the knowledge about the safety-critical conditions in the
system. On the other hand, information on deviations from
error cases to normal behavior is provided. By analyzing the
simulation results, it was possible to derive clear error
patterns. These form the basis for the developed fault
detection by means of pressure sensors. The use of the same
pressure sensors for function and error detection does not
incur any additional costs, which makes this solution
particularly attractive.

Final tests at the test stand excavator arm show the
functionality of the fault detection and the safety function.
Unintentional false alarms are not reported during the
movement in the normal mode of the independent metering
system and all safety critical faults can be detected. Thus a
Diagnostic Coverage of DC =99 % can be assumed. This
allows the use of this drive structure up to a performance level
of PL=e. But unfortunately, the fall height during the
detection and reaction is very high. Future work should
address this problem. Nevertheless, the results provide a good
basis for the further development of fault detection by means
of pressure sensors and show the limits of simple detection
methods like limit checking for mobile hydraulic systems.
However, the dynamics of fault detection and the
consideration of extended operating modes of the
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independent metering system, dynamic load changes as well
as parallel driven consumers still offer considerable
development potential. An expansion of fault detection for
fault locating would also significantly improve the
availability of systems with independent metering.
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Nomenclature

Designation  Denotation Unit

DC Diagnostic Coverage -

Ny Rotational speed of motor mint

pa Cylinder chamber pressure A bar

Ps Cylinder chamber pressure B bar

Po Pump pressure bar

pr Tank pressure bar

Prol Tolerated pressure limit bar
Secondary Pressure limitation

Pstage,i stage i bar

p_up Internal pressure built-up var. -

Apyi Pressure drop over valve i bar

PL Performance Level -

trault Fault variable ms

Almaxii Time limit i ms

v Cylinder velocity mm/s

Vinax Maximum cylinder velocity mm/s

Vet Target cylinder velocity mm/s

Y1cp Height of tool center point mm

Aytcp Height difference of TCP mm

Ayaeect :c-|eight diff(_arence of TCP during mm
ault detection

Ayremain Zteight difference of TCP during mm

max,i

Ayreact :c-|eight dif_ference of TCP during mm

ault reaction
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Abstract

Many modern off-road construction machines incorporate traction control systems to provide
better performance and stability in harsh driving conditions. These systems are capable of
controlling wheel slip in such a way that the tractive force is increased, tire consumption is
reduced, and the overall safety of the machine is improved. However, the driving surface
conditions can have a strong impact on the optimal control parameters for the traction control
system. This paper sets forth a method of automatically tuning the controller parameters in real
time, so that the system can maximize the tractive force on its own.

Toward this end, a simple longitudinal wheel dynamics model is developed using a construction
machine as a reference. This model incorporates considerations for the generation of tire force,
wheel slip dynamics and machine transmission. Then, a simple traction control structure using
proportional-integral-derivative (PID) control is presented which attempts to keep the machine
wheels from slipping excessively. Finally, a real-time optimization scheme using the extremum-
seeking algorithm was included in the system in order to automatically improve the setpoint of
the controller by maximizing the pushing force of the machine. Using the vehicle model of the
system, the auto-tuning controller is tested to determine the capability of the system to improve
the performance. The optimization scheme allows the controller to find the optimal point,
meaning that the output force can be increased when starting at a poor setpoint. Given the
availability of a proper feedback signal, this system should be widely applicable to a wide range
of different vehicle systems for incorporating traction control.

Keywords: Traction control, electro-hydraulic braking, optimization, automatic parameter tuning

1 Introduction

Traction control systems have become standard components
in on-road vehicle systems over the past decades. Other
industries such as heavy construction machinery have not
seen such a strong proliferation of these systems, though there
are some examples of traction control in commercially
available construction machines [1]-[3]. The benefits gained
by achieving a proper control of a vehicle’s tires are well
documented, and they include reduced tire consumption,
increased traction force and increased vehicle drivability and
safety. Therefore, it is desired to design an appropriate
traction control system for use with construction equipment.

While the previous efforts listed above toward traction
control for construction machines have been successful in
reducing slip in certain operating conditions, little effort has
been documented in literature in the direction of systems
which can adjust to actually improve the traction control as
conditions change. This paper describes the structure of an
automatically-tuned controller for an electro-hydraulic
braking system that reduces wheel slippages by acting on the
wheel brakes. In the case of excessive torque from the
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transmission system causing slip at one wheel, the controller
applies a proper braking torque to set the wheel at an optimum
slip condition. The vehicle considered as a reference is a
wheel loader (fig. 1).

One of the most difficult aspects of designing a traction
controller is determining the setpoint for the control signal.
Construction machines present a very particular set of
problems, due to the unpredictable rapid changes in the
operating conditions and diving surfaces used. Because of
this, the controller parameters have to be able to quickly adapt
to different conditions to avoid poor performance.

Therefore, this work focuses on devising a strategy for
updating the controller parameters of the traction control
system in real time so that the controller can function in the
best possible condition on all surfaces. To do that, a simple
traction control system has been designed and simulated to
determine the effectiveness of the auto-tuning control
approach.

In order to determine the effectiveness of a potential traction
control strategy on the reference machine, a simulation model
was created using standard vehicle dynamics formulations.
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This model was then run using a simple feedback control
structure to actuate the brakes in order to reduce the
occurrence of excessive wheel slip. The simulation model
incorporates both the dynamics of the machine itself and its
wheels, as well as a model of the tire-road surface interaction
and generated forces at each wheel.

This paper sets forth the outline of such a self-tuning
controller. First, the dynamic system model is described,
taking into account both vehicle dynamics and tire force
generation. Next, a simple but effective control structure is
developed which can keep the machine wheels from slipping
beyond a desired value. Then, the ES optimization algorithm
is incorporated into the model alongside the traction
controller. Finally, a simulation is run using the simulation
model which shows the performance capability of the system
and the usefulness of incorporating the optimization structure
into the control structure.

Figure 1: Reference vehicle and setup for testing traction
control.

2 State of the Art

Many different methods have been developed for modeling
the dynamic behavior of vehicles. The overall vehicle
dynamics model incorporated into this work is based on
models like those in Gillespie [4], Jazar [5], and Rajamani [6].
For considering the traction at the tire-road interface, a more
specific model is needed. For this study, the slip-friction
relationship of the tire-surface interface is modeled using
Pacejka’s Magic Formula tire model [7]. This is a semi-
empirical tire friction model which fits a curve of values with
particular characteristics to a data set.

Next, a simple traction control structure for maintaining
wheel traction was developed. This control structure attempts
to increase tractive force and decrease tire slip by actuating
the system brakes. There are numerous different traction
control strategies which have previously been developed for
various different vehicle systems. Often these strategies are
constructed in order to overcome specific limitations within
the system. It is very common to incorporate structures such
as sliding-mode control, adaptive controllers, and fuzzy logic
into the designed controls for these systems [8], [9]. Due to
the uncertain nature of the various system parameters, tools
like state estimators are also frequently utilized in these
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systems [10], [11]. For this work, instead, a self-tuning
proportional-integral-derivative ~ (PID)  control  was
formulated. This controller can be incorporated well into
many different systems. The optimization aspect of this
controller allows it to account for model complexities such as
the transmission system effects without requiring a
complicated model-based control structure.

After selecting the PID controller structure, the actual
parameters to be used must be determined. In particular, the
wheel slip setpoint for the controller can have a strong impact
on the system performance. Depending on the ground
condition, the optimal setpoint can change quite a bit, and a
poor setpoint will not allow the system to reach its maximum
possible tractive force. Furthermore, because of the complex
interactions of the different system components, if the wheels
are on different ground conditions, the restrictions given by
the transmission system can make determining the optimal
setpoint for all four wheels rather difficult. Therefore, an
optimization technique was employed to tune the controller
setpoint automatically.

Due to the well-conditioned behavior of the slip-friction
relationship, several different optimization techniques could
be used for this system. For the purposes of this work, the
optimization method selected is the extremum-seeking (ES)
algorithm. The ES algorithm has been shown to be useful for
real-time optimization of dynamic systems [12]. This method
has previously been used by the authors’ research team for
other real-time optimization applications, specifically with
regard to vibration reduction in a mobile crane [13], [14].
Having constructed the full system including an optimization
strategy, it can be simulated in order to determine its
capability to find the maximum tractive force.

3 Vehicle Dynamics

In order to determine the capability of the traction control
system, it must be simulated using a sufficiently accurate
model of the machine dynamics. The vehicle model needs to
account for the motion of both the chassis and the wheels, as
well as the transmission system which connects the wheels
together.

It is important to note that the system model developed here
considers only straight-line motion of the wheel loader. This
simplification is due to the fact that the primary operational
mode for implementing traction control on this system is
when the machine is pushing into a work pile. In the most
common loading and unloading cycles (e.g. the Y-cycle), the
wheel loader approaches the work pile in a straight line and
does not turn significantly until it reverses out of the pile. As
this is the primary operation which will likely need significant
traction control, the system model has only been developed
for longitudinal motion.  Should the need arise for
incorporating lateral motion into the model, that can be done
at a later time.
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3.1 Quarter-Car Vehicle Model

Before taking into account the complete vehicle system with
weight transfer and multiple interconnected wheels, the
general motion of the machine and its coupling to a single
wheel is developed. Essentially, this creates a system
modeled as a single point mass on top of a single wheel. As
the full system contains four wheels, this simplified model is
known as a quarter-car vehicle model.

Essentially, this model takes into account the force balance
on the vehicle mass and the torque balance on the wheel to
describe the motion of those bodies.

mv, = Fe — Frou SgN(Vy) — Fresise S8N(0y) 1)

Lyw =Ty — Tg sgn(w) — 14F; )

In eq. (1), m represents the quarter-car vehicle mass, vy is the
longitudinal vehicle velocity, Fx is the longitudinal force
produced by the tires, Fro is the rolling resistance, and Fresist
is all other resistive forces acting on the vehicle (including air
resistance, etc.). Equation (2) also contains the wheel
moment of inertia lv, the wheel rotational velocity w, the
input engine torque to the wheel Tg, braking torque Tg, and
the dynamic radius of the wheel ry.

For the simulation, the inputs to the system are engine torque
and braking torque. Resistive forces are typically modeled
either as constants or as functions of system velocity, though
there are other more complex models which can be applied
[5], [6], [15]. The wheel force F is typically calculated as a
function of wheel slip, which is discussed at length in Section
4 of this paper.

Of course, this model is overly simplistic for modeling a
complete vehicle system. Therefore, it must be expanded
toward a full model by including wheel dynamics equations,
equivalent to eq. (2) for each wheel. This means that the full
machine model will actually have five equations in total: four
for the dynamics of the wheels and another for the linear
motion of the vehicle chassis. However, the input to the
system remains a single engine torque, so the model needs to
be expanded further to account for the distribution of this
torgue to each wheel.

3.2 Two-Axle Vehicle Model

The next step toward developing a complete vehicle model is
examining how the normal forces at each tire shift as the
machine moves. As this model is only considering a wheel
loader which is moving forward and backward in plane, it is
assumed that the weight is balanced equally from right to left
and does not shift. This is a reasonable assumption in general,
since the only action being modeled for the machine is
straight-line digging.

On the other hand, the forces at the front and rear axles can
vary quite a lot depending on the motion of the wheel loader
and outside forces acting on it. The normal forces at the front
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and rear axles are calculated using a force and moment
balance in the plane of the wheel loader motion. This results
in the following equations.

1 P
F;1 =§mg maxT—FpT ©))

1 L 1 h h
FZZ=Emg71+§max%+Fpr, (4)

Ineq. (3) and (4), F.1 and F,; are the normal forces at the front
and rear axles, respectively. Again, these are assumed to be
split equally between the right and left wheels on each axle.
Calculating these forces utilizes the coefficient of gravity g,
the horizontal distances from the machine center of mass to
the front (I1) and rear (l2) wheels, the horizontal distance
between the axles | = I; + I, the longitudinal acceleration of
the vehicle ay, the height of the center of gravity hcg, the
external force on the wheel loader (pile force Fp, assumed
horizontal), and the height of that external force h,.
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Figure 2: Wheel loader force diagram.

As the traction control system for this machine is being
developed primarily for standard working conditions, the
simulated operation is pushing into a work pile, which is
modeled simply as a horizontal resistive force. As this work
is only focused on generating excessive wheel slip and not on
developing an extremely accurate digging material model, the
work pile itself has been represented simply as a horizontal
resistive force pushing back against the motion of the
machine. The horizontal force F, is modeled as a spring-
damper system, which only acts against the motion of the
machine once it has made contact.

_ {kpxzzJ +cpxy, X, =0 and Xp 20
p 0, else

In this equation, kp and ¢, are the spring and damper constants
of the simulation pile, respectively, and X, is the distance the
machine has driven into the simulated pile. This allows a
large resistive force to be built up quickly, but not so quickly
that it causes simulation problems.

Q)

From these equations, it can be seen that, as the wheel loader
accelerates forward, its weight is transferred from the front to
the rear axles. Furthermore, when the machine encounters
the resistive force from the pile, this also causes weight to be
shifted from the front axle to the rear axle. This assumes a
strictly horizontal resistive force from the pile. When digging
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into a material pile, the material compaction and added
weight in the machine bucket can have other effects on weight
transfer which are not considered here, as they can be
exceedingly complex to model properly. The changing
normal force at each wheel will affect the longitudinal force
that wheel is capable of producing, as the wheel force is equal
to the product of the normal force and the wheel coefficient
of friction (see Section 4.2).

3.3 Transmission Model

Having developed the model for transferring normal force
from one axle to the other, the torque distribution to the
wheels can be determined. For the wheel loader in question,
this involves modeling both the front and rear differentials,
which connect the driveshaft to the axles, and the transfer
case, which connects the transmission to the driveshaft. It is
assumed for this model that the engine torque to the driveshaft
is known, so effects like the torque converter and gearbox are
ignored here.

The first component of the transmission to be modeled is the
differential. There are two of these in the machine linking the
front and rear axles to the driveshaft. The primary purpose of
the differential is to allow the wheels on each side of the axle
to rotate at different velocities while still being driven by the
engine. Through use of a planetary gear, the torque from the
driveshaft is split in half to each wheel on the axle.

1
Ty, =Tig = ERdiffTDS,i , (6)
where Ti. and Tir are the driving torques into the left and
right wheels of axle i, Rgis is the gear ratio of the differential,
and Tps,i is the torque input to axle i from the driveshaft.

In order to split the torque evenly, the differential allows the
wheels at each side of the axle to turn at different speeds. Of
course, there is still a relationship between the driveshaft
speed fps,; and the wheel speeds 4.; and .

. Rd 'ff . .
Ops,i = TL (Qi,L + 9i,R) ()

That is to say, the driveshaft speed is equal to the average of
the wheel speeds on a given axle, scaled by the gear ratio.

What remains is to determine the driveshaft torque to each
axle. In some vehicle systems, the driveshaft itself is driven
by a central differential, splitting the torque evenly to the
front and rear axles. The wheel loader in this study, however,
has what is known as a locked transfer case, which means the
front and rear section of the driveshaft are connected directly.
This means that, instead of each section being able to rotate
independently, they are constrained to turn at the same rate.
Therefore, the torque to each axle can vary based on the load
at that axle. By treating the driveshaft as a rotational mass-
spring-damper system with some simplifications (as in [16]),
the following equations result for describing the torque
distribution to each axle.
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kps
TDS,F = ETE - T (HDS,F - QDS,R)

(8)
C . .
- % (905,1: - gDS,R)
1 k
TDS,R = ETE + % (QDS,F - gDS,R) ©)
C . .
+ % (905,1: - gDS,R)

In eq. (8(8) and (9), Tos,r and Tpsr are the torques distributed
to the front and rear axles via the driveshaft, respectively, Te
is the torque into the transfer case from the engine, 6psF and
Ops,r are the angular positions of the front and rear sections of
the driveshaft, respectively, and kps and cps are the rotational
spring and damper constants of the driveshaft sections.

Using equations (1) through (9), the full vehicle dynamics for
straight line motion have been described. Assuming a good
estimate of the input torque to the transfer case and the
braking torque at each wheel, this model should be
appropriate for simulating the system to get an idea of
controller performance.

3.4 Braking System Dynamics

A simplified schematic of the braking system designed for
implementing an electronic traction control in the reference
machine is shown in fig. 3 below. The traction control system
uses a pressure reducing valve (1) to command a desired
pressure based on the controller output. A check valve (2) is
used to ensure that the higher pressure is always selected and
sent to the brake caliper (3). This allows the system to operate
as normal when no pressure is commanded from the traction
control system, meaning that the pressure from the standard
braking foot valve is seen directly by the brakes. The system
is also unable to decrease the braking pressure below that of
the foot valve. This is done for safety reasons, but it also
means that the current system cannot implement an anti-lock
brake system (ABS) or any other functionality which would
require decreasing the braking pressure from the foot valve.
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Figure 3: Simplified schematic of braking system for
implementing traction control.

The modeling of this system, including valves and other
braking system components like lines and shuttle valves, was
accomplished using the Simscape library in Matlab Simulink.
Using this library allows the simulation to account for valve
dynamics, fluid compressibility, and other important
hydraulic system effects. The resulting system model was
then verified by comparing it with real-world system test data.
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4 Tire Slip Dynamics

Where traction control is concerned, the most important
component of the entire vehicle system is the interface
between the tire and the road surface. This interface
represents the only connection between a typical vehicle and
the road, and it is also the location where the forces for
propelling the vehicle are generated. Correct modeling of the
interaction between a vehicle’s tires and the road surface is
crucial to properly modeling the wvehicle system and
generating an acceptable traction control structure.

4.1 Wheel Slip

Under normal operation, wheels which are being driven or
braked do not rotate at a velocity which matches exactly the
velocity of the road surface. In general, any time a torque is
applied to the wheel deformation in the tire and other
phenomena cause a small amount of slip (or micro-slip) to
occur at the tire-road interface [15].

This micro-slip is different from visible slip (or macro-slip)
one tends to think of when discussing wheel slip, such as
spinning or sliding against the ground. In fact, micro-slip is
a necessary component for force generation at the tire-road
interface, as the primary force production mechanism there is
friction between the tire and road surface.

Of course, it is possible to have too much slip at the tire-road
interface, and in cases of excessive slip, the amount of friction
force generated can decrease significantly, while also causing
problems such as increased tire wear and controllability. In
order to determine the effect of tire slip on tractive force, a
proper model is required.

4.2 The Magic Formula Tire Model

Perhaps the most widely used model for representing the
relationship between slip and force is Pacejka’s Magic
Formula model [7]. The Magic Formula tire model was
developed as a relatively compact and simple way of
representing the relationship between tire slip and the friction
coefficient (i.e. tractive force) between the wheel and the road
surface. It is a semi-empirical model, meaning that it is a
relationship based on the general shape of slip-friction curves,
which is adapted to best fit a data set for a given driving
condition.

The Magic Formula is not based directly on physics
equations, but it is adequate to describe the behavior of most
systems. It has the form:

ti (k) = Dy sin(Cy; tan™ [By ik

_Ex,i (Bx,iki - tan_l[BX.iKi])]) 4

where uy; and ; are the longitudinal friction coefficient and
the slip ratio at wheel i, respectively. Coefficients By, Cxi,
Dy, and Ey; are parameters affecting the shape of the Magic
Formula curve, and they are adjusted in order to approximate
a given data set as closely as possible. The data itself can be

(10)
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generated through several different methods, such as the one
developed by Rajamani [17].
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Figure 4: Example Magic Formula plots.

What results from the proper setting of the Magic Formula
parameters is a plot similar to the examples shown in fig. 4.
These example curves were taken from real-world test data
and were used for the simulations shown in Section 7 of this
work. Using the form in eq. (10), the result is an odd function.
Typically, though not always, this plot has a well-defined
maximum at some optimal value of x. The objective of the
traction control system is usually to keep the wheel slip at or
below this value.

To convert the friction coefficient from eq. (10) to a
longitudinal tractive force, it simply has to be multiplied by
the normal force at that wheel.

Fyi=tyiFn, (11)

where Fy; is the tractive force and Fy; is the normal force at
the wheel in question. Depending on the desired accuracy of
the model, the normal force can either be considered constant
or it can be modeled as a time-varying force. The longitudinal
force generated from eq. (11) can then be fed back into the
equations of motion for the vehicle to update the linear
dynamics.

4.3 Tire Slip Modeling

Since tire tire-road friction (and hence tractive force) is a
function of tire slip, it is necessary to have an acceptable
model for slip ratio which approximates well the behavior of
the system.

In general, the tire slip model simply needs to quantify the
relationship between the longitudinal motion of the vehicle
and the rotational motion of each wheel. The simplest form
definition of the tire slip ratio is an algebraic relationship,
such as the one shown below [4].

TaW; — Uy
k= (12)
In eq. (12), vx represents the longitudinal velocity of the
vehicle, rq is the dynamic radius of the wheel, and w; is the
rotational velocity of wheel i. This relationship is adequate
for many modeling applications, but in some cases a more
complex definition is needed. Traction control systems in
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particular represent such a case, as the low velocities where
they are most commonly used cause eq. (12) to vary rapidly
with small variations in vx. Furthermore, it cannot be used in
the case where the vehicle stops completely (vx = 0).

Therefore, a different tire slip formulation is needed which
does not have such issues at low velocities. For the purposes
of this research, the following definition has been defined,
based on the work of Bernard [18].

1% Tqw; — V.

Ki + %Ki = —d lB X )
where B is the longitudinal relaxation length of the tire, and
all other coefficients are the same as above. This new tire slip
definition is a differential relationship, as opposed to the
previous algebraic relationship. Thus, the velocities are
allowed to approach and reach zero without creating the same
problems.

(13)

Using eq. (13) to model the wheel slip and eq. (10) with the
proper parameter values, the force generation dynamics at
each tire of the vehicle can be adequately modeled.

5 Traction Control Design

A traction control system seeks to achieve relatively simple
goals. First, there should be a reduction in tire macro-slip (i.e.
significant visible slip against the ground surface) to reduce
the amount of tire wear and increase system stability.
Furthermore, this reduction in slip should also see payoffs in
terms of tractive force. By maintaining better traction against
the ground surface, the system is able to attain higher pushing
force at each wheel. Both tire slip and pushing force are
measurable quantities which can provide a numerical value to
the performance increase when using the traction control.

The control structure chosen for this work is a very simple
proportional-integral-derivative (PID) controller. The PID is
a very common control structure with well understood design
principles [19]. It is also typically well-behaved for many
different kinds of systems, so it is suited quite well to the
machine system considered here.

System Plant

[}
rie) = k* e(t) | controller | 4(t) :’ Braking Tilt) 5| Vehicle e =k
Ny (PID) I System Dynamics |
N /

\

Figure 5: Overall control system block diagram.

Once the controller itself has been determined, it is important
to determine how the controller should be incorporated into
the overall system design. It is necessary to define an error
signal from which the controller can generate the signal for
the braking system. For this investigation, the control system
was defined as seen in fig. 5.

From this figure, it can be seen that the feedback variable
being used in this construction is the tire slips x. Here, x is
usually a vector of slip values at all four wheels. By
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comparing the wheel slips to some vector of desired values
x*, an appropriate error signal e(t) is created.

One consideration which should be noted about the slip
setpoint for traction control systems is that while the general
controller design attempts to keep the slip at a certain value
x*, in actuality the goal of the system is to keep the wheel slip
at or below that value. As brakes are single-acting actuators,
only capable of acting against the motion of the wheel, the
signal itself is physically saturated in the real-world system.
However, for some simulations it may be necessary to
saturate the output to zero to ensure the brakes are not
attempting to increase the wheel speed. The concept of
brakes as single-acting inputs also plays an important role in
developing the optimization algorithm in Section 6 of this
work.

6 Real-Time Controller Setpoint Optimization

Having defined a proper control strategy for the traction
control system, it is important to correctly set the parameters
of the system for the best possible control performance. The
simplest way to do this would be to pick a wheel slip setpoint
which is reasonable for all wheels and allow it to remain
constant. While such a setup would most likely show an
improvement over no traction control system, it is also
probable that a better setup can be achieved. Ideally, the
controller would be able to identify the slip setpoint which
maximizes traction force (see fig. 4) on its own.

6.1 The Extremum-Seeking Algorithm

For this particular work, the optimization strategy chosen is
the extremum-seeking (ES) algorithm. This is a non-model-
based approach which uses sinusoidal perturbations to
ascertain the gradient of an objective function. The parameter
or parameters to be optimized are then adjusted according to
the cost function gradient to either minimize or maximize the
objective  function. The general continuous-time
implementation of this algorithm is shown below (as
formulated by Ariyur [12].

B System to be JB)
Cd . .
optimized
Integrator HPF
Ml & S e
*‘ s s+h |
a sin (wt) sin (wt)

Figure 6: Basic extremum-seeking optimization scheme.

Essentially, the ES algorithm begins with an estimate of the
optimal parameter value . By applying an additive
sinusoidal perturbation to this signal, the actual parameter
value £ which is used in the system in question causes a
response in the objective function J(8). By passing the

SICFP2017 7-9 June 2017
Linkoping, Sweden


http://www.ep.liu.se/ecp/contents.asp?issue=144

resulting signal through a high-pass filter (labeled “HPF” in
fig.6), “demodulating” it with using a multiplicative
perturbation of the same frequency, and using an integrator to
remove high-frequency components, the estimate of the
optimal parameter value £ is driven toward the actual optimal
value for the system f*.

If the objective function of the system J(5) has a well-defined
optimum J* at f*, the ES algorithm has been shown to
converge to that value, given proper setting of the ES
parameters [12]. Perhaps the most difficult aspect of
implementing the ES algorithm: it introduces four new terms
which must themselves be set before using the optimization
strategy: o, the frequency of the perturbation frequency, a,
the additive perturbation gain, h, the high-pass filter pole, and
k, the integrator gain. These parameters do add a degree of
difficulty to implementing the optimization, but once they are
tuned sufficiently, the algorithm can work quite well.

It should also be noted that this particular system is quite
well-suited to the ES optimization technique. In general, the
slip-friction characteristic of tire-road surface interfaces
looks something like the plot in fig. 4. These plots are
continuous, and each has a single, easily definable maximum
at some slip «* > 0. Therefore, given proper settings for the
ES algorithm, the system should be able to find the best
setpoint for the controller relatively efficiently.

6.2 Integration into Controller Structure

There are multiple important parameters within the
controller, including the gains Kp, K;, and Kp for the
proportional, integral, and derivative components of the
control law, respectively. These can have a strong impact on
the system if set incorrectly, even causing an otherwise stable
system to become unstable in certain circumstances [20].
However, once set correctly within reason, small changes in
other parameters, specifically the tire slip setpoint, should not
cause the system to become unstable. Therefore, the
controller gains were not chosen as the optimization
parameters for the ES algorithm.

r(t) = k*
ES Algorithm |€
J(t)
/T e8| controller u(t) | system Plant [—
N7 (PID) (Vehicle) >
»- y(t) =k

Figure 7:Control system block diagram including setpoint
optimization.

Instead, the parameter to be optimized for each wheel is the
tire slip setpoint. By selecting the slip setpoint instead of the
controller gains, at most one value per wheel needs to be
optimized, instead of potentially three or more for each
wheel. This greatly simplifies the optimization process.
Furthermore, the tire slip setpoint is controlled directly by the
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operating condition for the vehicle, so it should be a fitting
parameter to use for optimizing the controller.

In order to do this, the ES algorithm must be inserted into the
block diagram of fig. 5. What results is a system in which the
tracking setpoint r(t) is modified in real time. This reference
trajectory is the equivalent of g, the output of the ES
algorithm in fig. 6.

6.3 Feedback Signal Considerations

As optimization methods require a quantifiable objective
function, the ES algorithm in fig. 7 receives some feedback
information J(t) from the system plant. The signal chosen for
this feedback can have a drastic effect on the capability of the
ES algorithm to optimize the controller performance.

In general, J(t) needs to be chosen as a signal which quantifies
the system performance in some meaningful way. For
traction control systems, the primary desired output of the
system is tractive force at the wheels. In standard on-road
vehicle applications, the force can be approximated using the
linear acceleration and wheel velocities, etc., as the vehicle is
only propelling itself and is not attempting to interact with an
external body [21], [22]. For construction machines like the
one in question, however, the range of operating conditions
and uses is significantly higher. In fact, the typical driving
operation for this machine takes place at relatively low
speeds, and its weight is enough that loss of traction when
driving is usually not an issue.

For implementation in a real-world machine, a representative
objective function needs to be constructed from available
sensor data. This may not always be simple, but when
specifically considering wheel loaders, a good estimate of the
wheel force could potentially be generated using implement
boom and bucket cylinder pressures and angles. Similar
systems have already been developed for estimating the
payload in the machine bucket [23], [24].

On the other hand, simulations allow for much more direct
access to the system states. Therefore, the objective function
for simulations can simply be the total pushing force Fy ot Of
the machine. That is,

J(@®) = Fytor = Z Fyi (14)

This objective function may be overly simplistic for some
applications. For instance, Osinenko [25] includes a term for
“traction efficiency,” which can be included as an
optimization tradeoff. Other systems may want to take into
account the amount of wheel slip when creating the feedback
objective function. Nevertheless, for the sake of this study,
the purpose of the optimizer is simply to maximize the total
pushing force of the machine.

The ES algorithm updates parameters based on the
assumption that all changes in the parameters are reflected in
the objective function. However, if the current braking
control signal is negative, the wheel speeds are not being
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affected at all. Therefore, during instances where the control
signal is negative, the optimization code receives incorrect
information about its effect on the system. This can cause the
algorithm to converge to an incorrect point. Therefore, some
logic has been added to the ES algorithm so that it does not
modify the guess of x* unless the wheels are being braked
(fig. 8). The scheme incorporating this update logic is
referred to in this work as the augmented extremum-seeking

algorithm.
Read brake
control command,
previous k*

Are wheels
being braked?

x* unchanged

Standard ES
Algorithm

¥

Update k*

End

Figure 8: Augmented extremum-seeking algorithm.

7 Simulation Results

Now that the system has been properly constructed and the
optimization algorithm set in place, it is necessary to
determine how well the system can perform. For this work,
the performance metric will be assessed using a simulation
conducted in Matlab Simulink and based on the model
developed in Sections 3 and 4 of this paper.

Before the traction control simulation was conducted, it was
first desired to assess the accuracy of the vehicle model. This
was done by running a test with a series of accelerations and
braking actions and recording an estimate of the input torque
to the system. This torque was then used as an input to the
simulation model. The resulting simulation was compared to
the results of the machine test (fig. 9).

The next simulation used for this system was a simplified
digging cycle, similar to the setup shown in fig.1. In the
simulation, the machine approaches the simulated pile and
pushes against it for a few seconds. During that time, the
controller and optimizer work together to maximize the
pushing force of the machine. In theory, this increased
pushing force translates, in real-world operation, to increased
digging force along with decreased tire slip.
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Figure 9: Simulation model validation.

For the first test, the vehicle is on a ground condition with
relatively high friction for all four wheels (the high-u example
from fig. 4). The wheel loader begins the simulation by
advancing toward the work pile without the wheels slipping
against the ground. Once the machine reaches the pile and
begins pushing against it, however, the tires begin to slip
(with the vehicle velocity actually slowing down) and the
tractive force is reduced. As the wheel slip increases, the
traction control system activates and slows down the wheels
until they are kept at the proper slip ratio. The vehicle and
wheel velacities for this simulation are shown in fig. 10

7
: Contact with pile

6 {

w

——Vehicle velocity

F=y

Wheel velocities (w - r)

Velocity [m/s]
w

N

[y

Time [s]

Figure 10: Traction control simulation velocities (high-
friction simulation).

The overall effect of this is that the tractive force is increased
and the machine can dig farther into the pile. Figure 11 shows
the pushing force of the machine over time for the machine.
It makes contact with the work pile after just before 1 second
and quickly begins losing tractive force. As the traction
control activates, at first the brakes are actuated too strongly.
This causes an overshoot where the vehicle is actually slowed
down for a brief moment. Very quickly, however (within two
seconds), the optimization algorithm finds the correct
setpoint value, and within three seconds the system has
converged to a very good tractive force value. In fact, the
system achieves a final force which is 54.7% higher than the
final force without the traction control system (21.9 vs. 14.1
kN in this simulation). Furthermore, the wheel slip is greatly
reduced in this case. This indicates that the controller is in
fact meeting the requirements set for it in Section 5 of this
paper. The speed at which the algorithm is able to converge
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suggests that this system could be well-suited for
implementation on a real-world machine.

30 ] .
Contact with pile
25
_20
=
=3
v 15
=
(9]
w
10
Control OFF
5 Augmented ES
0
0 1 2 3 4 5

Time [s]

Figure 11: Longitudinal force for vehicle simulation in
high-friction condition.

Figure 12 shows the result of the setpoint optimization for this
simulation using the augmented extremum-seeking
algorithm, as well as a comparison to the same simulation
using an unmodified ES algorithm (i.e. exactly as shown in
fig. 6). The tire-road interface has a known maximum friction
coefficient at a slip ratio of around k* = 0.5. This is found by
determining the location of the maximum friction coefficient
for the slip friction curve, shown in fig. 4. To determine the
location of the slip that maximizes the friction, the curve is
differentiated with respect to x, and then the location where
the derivative curve crosses zero is taken as x*.

It can be seen that, even when the system is not being braked,
the unmodified ES algorithm still attempts to use the force
information to update the setpoint. As a result, it ends up
overshooting the actual optimum value and, as the force
continues to change, it could potentially wander farther from
the correct point. If, on the other hand, the optimization is
updated only when the brakes are being actuated (as in the
augmented ES algorithm), the optimization avoids the effect
of bad objective function information. Therefore, instead of
the haphazard development of the standard ES algorithm, the
updated ES algorithm pauses when no wheels are being
braked and consistently approaches the correct setpoint as
time progresses.

0.75 o
Contact with pile

o
N

0.65

o
o

0.55

Actual k*
0.45

Standard ES

Setpoint from optimizer, k*
(=] o
=Y [6,]

0.35 Augmented ES
0.3

Time [s]

Figure 12: Performance comparison of standard ES
algorithm with updated version (high-friction).
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A second simulation was then run using the same system in a
different ground condition. This time, all four wheels were
simulated as being on slick ground (the low-u example from
fig. 4). In this condition, the traction control system must
work much more to keep the wheels from spinning.
Furthermore, the maximum pushing force is found at a
different value of slip ratio (x«* = 0.36). This means that,
whereas the ES algorithm needed to increase the setpoint in
the previous simulation, with this condition it must decrease
the setpoint somewhat. The results of this simulation are
shown in fig. 13.

. 05 ——— 10
X Contact with pile 9
_
g 0.45 8
E 7
g 04 6 ¢
£ Actual k* 5
O 035 4 Z
= =
= 3
‘g_ 03 Setpoint 2
= Force 1
7]
v

0.25 0

0 1 2 3 4 5

Time [s]

Figure 13: Simulated system performance (low-friction).

In this simulation, the controller setpoint was again initialized
at a non-optimal value. In fact, it started at the same point as
the high-friction simulation (xo = 0.4). In this case, the ES
algorithm decreased the setpoint during the simulation, so
that it achieved a better setpoint. Furthermore, the traction
control system was able to contain the wheel slip to an
appropriate value such that the tractive force was maximized
(again, after some initial overshoot where the tractive force
was briefly decreased). Even in a worse ground condition,
this system far outperforms a simulation with no traction
control.

These simulations indicate that the system developed in this
work is capable of determining and reaching an optimal slip
value given the proper feedback signal for the optimization
objective function.

8 System Potential

Generating the feedback signal is relatively simple in
simulation, as most states can be computed fairly easily. In
practice, however, it is more difficult to obtain, for instance,
a proper estimate of the wheel force. Nevertheless, if an
acceptable objective function can be computed, this system
should be equally applicable to real-world vehicle systems.
In terms of generating a longitudinal force estimate, the wheel
loader presents some potential for accomplishing this. For
instance, if it is being used to dig or push, the pressure in the
implement boom and bucket hydraulic cylinders can be
processed in such a way that a reasonable estimate of pushing
force can be determined. This could potentially incorporate
a system similar to the payload sensing apparatus described
in [23], [24].
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Nevertheless, if a suitable feedback signal can be generated,
this system has quite a lot of potential toward being applicable
to other systems. Using a basic PID structure for the
controller means that there are very few parameters which
need to be adjusted in order to apply it to a new vehicle. Other
more complex model-based controllers may have somewhat
better performance, but they are also very specific to the
machine for which they are designed, and transferring them
to other systems could require some rigorous work.

Furthermore, using the extremum-seeking algorithm also
makes the controller design relatively simple to transfer to
new machines. As long as the objective function is well-
behaved and has a relatively well-defined maximum (or
minimum), the ES algorithm is a fairly robust method for
optimizing the system. Therefore, this system should be
applicable toward the development of other traction control
systems without very much needed modification.

9 Conclusions

This paper presents a self-tuning controller for eletro-
hydraulic traction control systems in vehicles. By focusing
on the case of a construction machine, a simple vehicle model
is developed for simulating the performance of the traction
control system. This model includes considerations for wheel
force generation, including wheel slip dynamics. A relatively
simple controller consisting of a PID structure was then
included in order to control the wheel slip to some value.

Much work was conducted toward finding the optimal wheel
slip value, which can change from one ground condition to
the next. Therefore, a feedback structure was created which
utilized a real-time optimization method (the extremum-
seeking algorithm) in order to determine this value online. In
order to do this, an objective function for the system was
designated and the extremum-seeking parameters were tuned
to appropriate values.

By using the automatic tuning controller, simulations were
run which showed that it has the ability to determine the
optimal slip value for the wheels on its own and to control the
wheels to that value. This resulted in a simulation in which
the wheel force was optimized in real time while pushing
against a work pile (modeled as a resistive force). Inall, this
control structure shows promise for tuning traction control
systems in vehicles which work on varied surfaces.

Nomenclature

Damping rate of pile resistive

Designation Denotation Unit
ax Longitudinal acceleration m/s?
Tire longitudinal relaxation
B m
length
Bx Magic Formula parameter none
Cx Magic Formula parameter none
c Damping rate of driveshaft N'm-s
bs section rad
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G force model N-s/m

Dy Magic Formula parameter none

Ex Magic Formula parameter none

F Force N

g Acceleration of gravity m/s?

h High-pass fllter_ pole for. none
extremum-seeking algorithm

hee Height of center of gravity m

hp Height of pile force application m

lw Wheel moment of inertia kg-m?
Objective function value for

J L none
optimization

K Integral gain for extremum-

4 . none

seeking algorithm

Kps Spring rate of driveshaft section  N-m/rad

K Spring rate of pile resistive N/m
force model

I Horizontal distance m

m Vehicle mass kg

Raifr Gear ratio of differential none
Reference trajectory for control

r none
system

I Dynamic radius of wheel m

T Torque N-m

Vy Longitudinal vehicle velocity m/s

Xp Distance of travel into pile m
Optimization variable(s) for

i i . none
extremum-seeking algorithm

- Estimate of variable optimum none

p value for ES algorithm

g

0 Rotational position rad

Ki Slip ratio at wheel i none

Ux Longitudinal friction coefficient none

wi Rotational velocity of wheel i rad/s
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Abstract

Power losses in machine tools, e.g. during production process, are converted into thermal energy.
This leads to a warming of the machine frame and further machine parts and accordingly to the
displacement of the tool center point (TCP) of the machine. Consequently, the accuracy of the
machine during the production process is reduced. The warmed-up parts or components need to
be cooled; therefore, fluidic systems are installed to prevent this effect. Previous research projects
mainly focused on the energy demand of the machine tool and its main drives, reducing the energy
consumption by developing more efficient components and control strategies. However, the
thermal behavior of the fluidic systems, especially of the cooling system, has not yet been
described in detail. Therefore, a detailed analysis of the existing cooling system and its effectivity
is necessary.

The main target of this paper is to analyze the thermal behavior and improve the system structure
of the cooling system in a demonstration machine tool. This investigation will help to examine
the efficiency of the cooling system for an idle and a manufacturing process. This makes it
possible to study new concepts for the system structure of the cooling system in order to ensure
a uniform temperature distribution of the machine tool at minimal energy consumption.

Firstly, the paper will describe the main fluidic systems of the demonstration machine DBF630
with a special focus on the cooling system. Secondly, with the aid of experimental investigation
the thermal behavior of the cooling system will be investigated. Furthermore, a network-based
model of the cooling system for two processes is developed and validated against the measured
data. Lastly, the new concept of a decentralized supply unit will be studied with the
network-based simulation model.

It can be shown that the decentralization of the cooling system has a high potential towards a
better thermal behavior and a lower energy consumption of the machine tool. The simulation
results show a more stable temperature profile of the components as well as a lower energy
consumption of the cooling system.

Keywords: Fluidic system, Machine tools, Simulation, Cooling system, Thermo-elastic
deformation, Energy consumption

1 Introduction

Besides increasing the productivity, the demand for a high
accuracy of the workpieces and improved energy efficiency
of the production processes also increases. The thermo-elastic
characteristics of machine tools are strongly controlled by the
fluidic systems such as cooling system. Typical fluidic
systems in machine tools are the cooling system, the cooling
lubricant system, the lubrication system, and the hydraulic
system. On the one hand, fluidic systems (cooling, cooling
lubricant and lubrication system) allow heat dissipation from
the overall machine tool structure as well as the main
components in order to achieve lower temperature changes
and to homogenize the temperature distribution. On the other

Peer-reviewed Paper,
Accepted for publication on 2017-04-25.

hand, fluidic systems themselves are essential energy
consumers and, therefore, a significant heat source within the
machine tool. Previous studies were carried out in [1, 2, 3] to
analyze and determine the energy consumption and the
energy distribution at the machine tools. However, these
focus on decreasing the energy consumption of the
components of the machine tools through constructive
measures as well as developing a shutdown control of
components during waiting times. The thermal behavior and
the effectivity of the fluidic systems, especially the cooling
system has not yet been described in detail. Therefore, a
detailed analysis of the existing cooling system structures and
their thermal behavior is necessary to increase the efficiency
of the machine tools and provide a uniform temperature
distribution. A well-designed fluidic system should therefore
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improve the accuracy while at the same time being more
energy-efficient.

The main goal of this work is to analyze the thermal behavior
of the cooling system and its subsystems for two different
processes, idle and manufacturing process. This investigation
will help to obtain information concerning the efficiency of
the cooling system. This makes it possible to derive new
optimization approaches, such as a decentralization of the
system structure. This allows to improve the thermal behavior
of the cooling system by providing a stable temperature
profile of the components and reducing the energy
consumption of the cooling system.

Chapter 2 gives an overview of the fluidic system with the
special focus on the cooling system. Here, the status quo
analysis of the cooling system for an idle and a manufacturing
process as well as the modeling approach for the simulation
are shown. In chapter 3 the decentralization concept of the
system structure and its potential against the current system
structure is presented.

2 Status quo analysis of the fluidic system

The selected and experimentally analyzed demonstrator
machine in Figure 1, type Scharmann DBF630, has three
linear feed axes with ball screw drive (X, Y, Z) and one rotary
feed axis (B). The additional U axis is used only for the
turning process and is inactive during the drilling or milling
processes. The spindle of DBF630 is a gear spindle with two
gear steps. In gear step 1, the spindle rotation speed ranges to
1200 min-1, and the transmission ration is i1=8.2080. In this
step, a high cutting performance due to high torque of
1700 Nm could be applied. In gear step 2, the spindle rotation
speed ranges to 3500 min-1, the transmission ration is i2=1.5.
So the spindle speed range can be varied by the transmission
ratio and by motor through the frequency converter. The
overall driving power of the machine is 35 kW [4].

¢ ‘F; ' Y ~d

Figure 1: Schematic representation of axes configuration of
DBF630 [6]

Detailed information about the demonstration machine and
the function of their fluidic systems can be found in [5, 6]. As
mentioned previously, the fluidic system in machine tools are
divided into cooling, hydraulic, lubrication and cooling
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lubricant system. Figure 2 shows the main fluidic systems of
the demonstration machine DBF630.

i

Cooling lubricant system
(process cooling and lubrication)

Lubrication circuit
(mech. component’s lubrication)

Cooling circuit
(cooling of main heat sources)

Hydraulic system
(clamping)

Figure 2: Main fluidic system of DBF630 [5]

2.1 Status quo analysis of the cooling system

As shown in Figure 3, the cooling system consists of three
subsystems: electrical cabinet 6, rotary table 4, and main
drive 7. A fixed displacement pump 14 supplies the cooling
medium with a flow rate of 40 I/min at a pressure level of
5.2 bar according to the machine documentation. As cooling
medium, a mixture of water and at least 20 % Antifrogen® is
used. The rotary table 4 and the main drive 7 are cooled
directly by the cooling medium that flows through integrated
cooling channels. The cooling of the electrical cabinet takes
place via an air heat exchanger 12. The cooling unit 13 in
DBF630 is integrated directly into the return flow side and
cools down the heated fluid to a set temperature. Its functional
principle is a two-point temperature control similar to that of
refrigerators. The cooling unit is switched on as soon as the
temperature exceeds the upper limit of the set temperature,
and is switched off when the cooling medium is cooled to the
lower set temperature.

oA 5v<£* '{QEI —
e 4

1) Column ©6) Ele. cabinet 11) Tank

2) Headstock 7) Main drive 12) Air-cooling cabinet

3) Bed 8) Y axis drive  13) Cooling unit

4) Rotary table 9 ) X axis drive 14) Fixed displacement pump
5) Workpiece 10) Z axis drive 15) Flow valve

Figure 3: Cooling system of DBF630
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In order to determine the thermal behavior as well as the 34 s ir— 34 | |
energy consumption of the machine and of the individual 932_”“5“ o 0032_”‘&5“  ase? y Phased
subsystems, experimental machine measurements were £ £
carried out. Additional temperature sensors (thermocouples %30' £30;
type T class 1) and flow sensors were installed. For the 28 gzg_
investigation of DBF630, four phases were chosen: warm up %26_ g
process, idle process, setup process, and manufacturing s 2 261
process. The results of the idle and the manufacturing process 24 ———— 24 ——
are shown in this paper. The idle process of the DBF630, see a) 300 520 740 960 11801400 b)300 520 740 960 1180 1400
Figure 4, is based on the 1SO 230-3 [7], where typical load 34 L U Tme s
cycles are considered. Referring to the idle process of O3 © 35 ] : :
DBF630 in Figure 4, at the beginning, the main drive i 30 <
accelerates several times to its maximum speed of 3500 min-! % ] Ei %01
and decelerates again. Afterwards, the rotary table rotates 2328- S 28
with its maximum rotational speed for approx. 10s. £ 26 g 26 |
Following this, the linear axes X, Y and Z are moved. = ” i R = o
In the production process, several steel blocks (5235 JR) were €)300 520 740 960 11801400()300 520 740 960 1180 1400
face-milled with two different tools. The tool-specific Time in s Time in s
characteristics and the resulting cutting conditions are shown Inlet temperature Outlet temperature
in Figure 5. Tank temperature
woof AT ‘ A . Joono g Figure 6: Temperature characteristics in the idle process a)
E WV E ‘ s Electrical cabinet b) Rotary table ¢) Main drive d) Tank
€1000- [ T 17 2000 g,
E 1 ‘ < ‘ 2 With the aid of the measured temperatures T and volume flow
S 08 I il < ', the heat flow Q and the thermal energy E of the electrical
2 | f ES= E== L - cabinet, the rotary table and the main drive (spindle) are
e ‘; T calculated as follows:
500k j : b —_1000 % 1
— H’160“H1é°.‘“26°uTime‘insl QszthICfluid'AT-F;'AP )
—Spindle position x (mm) ——Spindle speed x (rev/min) 2
— Spindle position y (mm) Rotation of table E = f Pypdt 2)
—Spindle position z (mm) 1

Figure 7 and Table 1 depict the heat flow and the thermal
energy in the idle process. In phases 1 and 3, the generated
= s heat of the spindle is dissipated by the cooling medium.
R390-32T16-11M  R390.080Q27-17M However, the electrical cabinet and the rotary table are heated

Figure 4: Idle process of DBF [4]

Sulier Gaeter | Samm £ by the cooling medium. A clear difference is recognized when
e B e the cooling unit is switched on in phase 2 between ton= 600 s
Speed 2100 min 1100 min’ and toff - 900 s.
Feed rate 630 mm/min 660 mm/min
Teeth number 3 6 1600
T = h
Coolant supply  Internal, external  External Phase‘l !Ph‘seZ I P‘aSE3 2 Phaseil !thseZ I P“'lase
£1200 [———-———F——-d 5
3
. . . S 800
Figure 5: Cutting tools used for manufacturing process [4] <
= 400
©
Due to the two-point temperature control of the cooling unit, § 0 .
all temperature profiles of the idle process can be divided into = 400
three phases: in phase 1 and 3, the cooling unit is off whereas 0 350 700 1050 1400 0 350 700 1050 1400
it is being activated in phase 2. Figure 6 shows the Timein s Timein s

temperature of the cooling medium at the inlet side and the Main drive (MS) Electrical cabinet (EC) Rotary table (RT)

outlet side of the electrical cabinet, the rotary table, the main

drive and tank. At the electrical cabinet and the rotary table, Figure 7: Heat flow and thermal energy in the idle process
the temperature difference between the outlet and the inlet is
about -1 K, so the cooling medium is cooled while the When the cooling liquid is actively cooled, the heat flow
components are warmed up. Only the main drive is cooled increases and all three components transfer thermal energy to
actively during all phases. Here, the outlet temperature of the the cooling system and are thus cooled.
cooling medium is higher (AT=1.5K) than the inlet
temperature.
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Table 1: Thermal energy of electrical cabinet (EC), rotary
table (RT) and main drive (MS) during idle process

AQgcink] | AQprink] | AQusink/
Phasel | -99 -280 230
Phase 2 165 248 656
Phase3 | -101 -183 651

These three different cooling phases can also be found in the
temperature profile of the manufacturing process, see Figure
8. In phases 1 and 3, the cooling unit is activated while in
phase 2 it is turned off. The temperature development in the
electrical cabinet and rotary table is similar to that in the idle
process. The temperature difference between the outlet and
the inlet at the electrical cabinet and the rotary table for
phase 2 is about -0.3 K to -1 K, so the cooling medium is
cooled while the components are warmed up. Only the main
drive is cooled actively during all phases, the maximum
temperature difference between outlet and inlet is about
33K

With the aid of equation (1) and (2), the thermal energy of
electrical cabinet, rotary table and main drive for the
manufacturing process are calculated. The cooling unit is
switched on in phase 1 (from 0 s to 95 s) and in phase 3 (from
820s to 1100 s). Figure 9 and Table 2 give an overview
concerning the heat input during the manufacturing process.

3000 1500
I I - | I
H = : H
; Phase 2 H = 1000 | :' Phase 2 H
- 5 |4 .
- E E. I ase 3
E 2 500
k=3 ©
[0} € ]
I 5 0
F I
-1000 | . | F 500 | . .
0 275 550 825 1100 0 275 550 825 1100
Timeins Timein's

Main drive (MS)

Electrical cabinet (EC)

Figure 9: Heat flow and thermal energy in the
manufacturing process

Table 2: Thermal energy of electrical cabinet (EC), rotary
table (RT) and main drive (MS) during manufacturing

process
AQgcin kJ AQgrin kj AQysin kj
Phase 1 44 110 233
Phase 2 -58 -147 627
Phase 3 -32 -248 642

Rotary table (RT)

36 | Phase 2 | 36 | Phase 2 |
O34 48! : g :
c c &

o 32

2 30 -

o

°é.’_28 E

K 26 v H
all | |

a)0 275 550 825 1100 p)O 275 550 825 110C

Timeins Timeins
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.. |8 e |8
© 32 - n-. é 32 4=
= N H h
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ué 28 1 8 28 |
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o 26 4 @ 26 - |
24 r T T 24 r r T
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Timeins Timeins

Inlet temperature
Tank temperature

Outlet temperature

Figure 8: Temperature characteristics in the manufacturing
process a) Electrical cabinet b) Rotary table ¢) Main drive
d) Tank
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2.2 Model development and simulation

Simulation models offer a good and flexible way to
investigate the behavior of a system. In order to be able to
derive reliable statements from simulation models, it is
necessary to analyze the behavior of the real system. The aim
of the modelling is to describe the real system with
appropriate mathematical and physical approaches [8]. The
rules of Kirchhoff’s circuit laws, Kirchhoff’s node rule, and
Kirchhoff’s loop rule in electrical engineering and the laws
for series and parallel connection of resistance can be applied
to the hydraulic and thermodynamic domain. The calculation
of the thermal and hydraulic resistances R and Rny between
two nodes is based on the following relationships [9, tab. 1]:

AT

Rth = — (3)
]
A

Riy= 5 (4)

Regarding to node rule of Kirchhoff:

T:%Ji@l-dt (5)
p=CihyjiVl-dt ©)

Figure 10 illustrates a basic thermo-hydraulic network model.
The fluid volume or the mass properties are concentrated in
the junction points. These nodes display the hydraulic and
thermal capacities. Thermal and hydraulic resistors connect
the nodes to each other.
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Figure 10: Basic description of the thermo-hydraulic
network model [10]

Additionally, the convective heat transport through the
cooling medium in the pipes is taken into account. The heat
transfer coefficients are determined by the following
equations [11]:

DH'V

Re = 7
e= 1 @)
Corin oD v
pr— fluid " P )
Afluid
Nu = 0.0235 - (Re®® — 230) - (1.8 Pro3
2
d;\3 9
—-08)-[1 + (T) ]
Arpuig * Nu
Xcon. = ﬂu% (10)
i

A Simulation model of the cooling system was developed
based on the model description as well as the machine
documents. The cooling system consists mainly of a pump,
flow control valves, hydraulic pipes, a cooling unit and the
component (electrical cabinet, rotary table, and main drive)
as heat source. In the simulation, each hydraulic pipe is
modelled by a hydraulic volume and a hydraulic resistance.
The geometrical parameters (length, inner and outer
diameter) of the pipes are taken directly from the machine
documentation. Moreover, the heat transfer between the pipes
and the environment is taken into account. Figure 11 shows
the model structure of the cooling system implemented in the
simulation.

For the model-based study of the system, a domain-crossing
system simulation with SimulationX (ESI ITI GmbH) was
carried out. Figure 12 and Figure 13 show a direct comparison
of the simulation and the measurement of the idle and the
manufacturing process. The simulation model of the cooling
system shows a high accuracy of the thermal and hydraulic
quantities of the considered components. The simulation
model could therefore be validated and will be used for
further studies such as a sensitivity analyses [12].
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Figure 11: Model structure of cooling system for the idle
and manufacturing process
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Figure 12: Comparison of temperature development
simulation and measurement in the idle process a)
Electrical cabinet b) Rotary table ¢) Main drive d) Tank
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Figure 13: Comparison of temperature development
simulation and measurement in the manufacturing process
a) Electrical cabinet b) Rotary table ¢) Main drive d) Tank
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3 Potential analysis of decentralized system
structure

The investigation of two demonstration machines shows that
the fluidic systems together require in the idle process 44 %
(DBF630) and 51% (DMUB8Q) of the total energy
consumption of the machine tool [5, 6]. Therefore, there is a
major potential for reducing the energy demand and
increasing the efficiency of machine tools by improving the
function of the fluidic systems. Furthermore, the investigation
of the DBF630 in the idle and in the manufacturing process
depicts that sufficient cooling capacity exists but that the
cooling is insufficiently adjusted to the process and to the
individual demand of the machine components. In order to
address this deficit, it is necessary to think about new
concepts and new structures of fluidic systems. Such an
approach is the decentralization of the system structure.
Figure 14 displays the decentralization of the cooling system
at different individualization stages [13].

Central pump +
flow control valves
Decentralized, networked
Decentralized, networked
pumps + heat exchangers

a) b) c)

Figure 14: Decentralization steps of system structure a)
Current structure b) Distributed pump, stage I ¢)
Distributed pump and cooling unit, stage Il

Decentralized, independent systems allow an adequate and
component-specific supply and thus a targeted temperature
control. The studied variants for optimizing the cooling
system are evaluated according to the following criteria:
stable temperature profile in the components, low pump
pressure (short hydraulic pipes), and low energy
requirements. As previously shown, in a centralized cooling
system, a fixed displacement pump delivers a constant
volume flow to the system. The volume flow does not
correspond to the individual requirement and to the
temperature development of the respective component.
Therefore, the cooling medium is cooled while the
components are warmed up (negative heat flow). Another
deficit is the two-point temperature control of the cooling
unit. This controls the mixing temperature in the tank and not
the component temperature.

Optimization according to stage |

Figure 15 shows the first optimization step, stage |, applied to
the DBF630. The components are cooled with individual
pumps that are connected to a common tank and cooling unit.
This system design does not require a flow control valve to
control the volume flow to the components. The control of
the cooling system compares the actual and set temperature
of the individual components and on this basis, adjusts the
speed-controlled pumps. Therefore, each pump delivers a
different, demand-oriented cooling volume flow. If the
temperature development in the component does not exceed
predefined limits, the pump remains inactive. The cooling
unit remains in the two-point temperature control and refers
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to the mixing temperature of all components. The temperature
signal acwa coOrresponds to the average component
temperature. The temperature detection is carried out via
sensors in the components. For this purpose, a suitable
concept for sensor integration is necessary.

In the decentralized simulation model, three set temperatures
were defined for the components, for the electrical cabinet 9t
= 26 °C, for the rotary table 9s=27 °C and for the motor
spindle 9s=28 °C. This individual temperature control is not
possible with the current system structure. In addition, an
average equivalent heat flow was determined from the
calculated heat flows in the idle process for each individual
component. It was 1500 W for the main drive and 150 W for
the electrical cabinet and rotary table. Moreover, only static
operating points of the cooling system were considered in the
simulation, so that the thermal capacity of the components
was not required.
Main drive J)

Rotary table

Te set Electrical cabinet
Te_act Qe

System
control

== Thermal ion — Hydraulic
3 Th. capacity C, O Hydr. capacity C,
[ Th. resistance R, = Hydr. resistance R,
= Heat in-/output @ @ Pump: V. p

s Tank

Figure 15: Decentralization of the cooling system structure
according to stage |

Figure 16 shows the simulation results of the fluid outlet
temperature development in the electrical cabinet, rotary
table and main drive as well as the required cooling volume
flow in the decentralized system in comparison of the central
system. Figure 16 a - ¢ represent the direct comparison of the
fluid outlet temperature between central and decentralized
system. The fluid outlet temperature of the component
remains constant at the set temperature (26 °C, 27 °C, 28 °C)
in the decentralized system despite an increased power loss.
In the central system, the fluid outlet temperature increases
with rising power losses, therefore the actual temperature of
the fluid is dependent on the heat input to the component.
With a closer look into the volume flow characteristics of the
pumps, it should be noted that the cooling medium flow in the
decentralized system increases with rising power losses, in
contrast to the current system, were the volume flow is
constant. In example of the machine tools main drive (motor
spindle), the pump in the decentralized system delivers the
cooling medium flow based on the components temperature,
depending on the current power loss. The delivered flow rate
varies between 8 I/min to 16 I/min.

As shown in Figure 16 d, the volume flow control is a way to
design the system in a more energy-efficient way based on
each individual components demand. For the simulation, it is
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assumed that the pumps are located next to the components,
i.e. shorter pipe lengths were taken into account. For this
reason, the pump pressure is also very low.
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Figure 16: Simulation results fluid outlet temperature of
component in the decentralized system in comparison of
central system a) Electrical cabinet b) Rotary table ¢) Main
drive d) volume flow profile

Figure 17 illustrates the total hydraulic power of the pumps
in the central and decentralized system for different power
losses. The total hydraulic power at maximal power loss of
the pumps in the decentralized system is 80 W. The hydraulic
power of the fixed pump in the central system is approx.
370 W (40 I/min at 5.5 bar), hence, a significant energy
saving is possible. The new functional principle of the pump
is significantly more energy-efficient compared to the current
state of the DBF630 with a continuous flow volume.
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Figure 17: Pump performance, decentralization stage |
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4 Summary

In order to increase the productivity and manufacturing
accuracy of the workpieces with a simultaneous decrease of
the energy consumption, the minimization of thermo-elastic
deformation and, consequently, a minimization of the TCP
displacement is necessary. The warmed-up parts or
components need to be cooled, therefore, fluidic systems such
as cooling system are an essential element for controlling the
thermo-elastic characteristics of machine tools.

The main goal of the paper was to analyze the thermal
behavior and improve the current system structure of the
cooling system in a demonstrator machine tool.

Firstly, the authors showed the existing fluidic system of the
demonstrator machine DBF630 and described in detail its
cooling system. With aid of experimental investigation and
machine documents a network-based model of the cooling
system for two processes, the idle and manufacturing process,
was developed and validated against the measured data. The
validated model was used for further studies such as
decentralization of supply unit.

As a result, the investigation of the cooling system of the
DBF630 in the idle and in the manufacturing process shows
that sufficient cooling capacity is available but that the
cooling is insufficiently adjusted to the process and to the
individual demand of the machine components (negative heat
flow in Figure 7 and Figure 9). Furthermore, independent
systems and demand-oriented component cooling was
studied with the help of a simulation model. The delivered
coolant flow is controlled individually according to the
temperature development in the component. The simulation
results have shown that a stable fluid outlet temperature of the
components compared to the initial state can be achieved.
Moreover, the demand-oriented fluid supply of the pumps
leads to a successful improvement of the machine tools
energy efficiency. This results in a reduction of the required
total pump power for the DBF630 from 370 W to 80 W.
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Nomenclature

Designation  Denotation Unit

A Area of pipe m?

Cros conctant presure koK

Cin Thermal capacity JIK

Chy Hydraulic capacity m3/Pa.

Dn Hydraulic diameter m

di Inner diameter m

E Energy J

| Length of pipe m

m Mass flow Kagls

Nu Nusselt number -

Re Reynolds number -

p Pressure Pa.

Ap g#é?'é/nlcr;let pressure Pa.

Pr Prandtl number -

0, P Heat flow W

t Time S
Thermal energy of the

Qec,Qrr,Qums  electrical cabinet, rotary table,  J
main drive

14 Volume flow m3/s

) Temperature °C

a Heat transfer coefficient Wimz.K

T Temperature K

AT Outlet/ Inlet temp. difference K

Aftuia Thermal conductivity W/im.K

v Kinematic viscosity m2/s

p Density Kg/m3
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Abstract

Individual meter-in and meter-out proportional control of hydraulic cylinders allow more
flexible strategies how to handle a payload while optimising certain aspects of the motion.
An optimal control approach based on the Hamiltonian is used to plan a motion path for
a separate meter-in and separate meter-out system. One goal is to avoid oscillations at the
end of the motion in the sense of active vibration damping. With the mathematical model
presented, it is possible to include the cylinder pressures into the optimisation goals. Not
only the the final values for position and speed of the load can be acquired, but also desired
values for the pressures at the end of the motion. Maintaining a minimum pressure level is
important in order to avoid cavitation and to keep the stiffness of the system. The course
of the pressures follows from the design of the motion and will reach the desired values in
an open loop control. In order to estimate the computing effort, the algorithm was tested
on three platforms. One of those is an ARM-based hardware that represents the computing
power of modern embedded systems, to demonstrate that an implementation on such system
is possible. Several motion experiments were carried out in simulation to study the behaviour

and to discuss application issues.

Keywords: Hydraulic actuator, optimal control, separate meter-in/separate meter-out

1 Introduction

In standard hydraulic systems with proportional valves speed
is controlled by opening or closing two orifices on a single
spool. Careful design of load-sensing and pressure compens-
ation is necessary for a good performance [1]. Introduction of
a second valve in separate meter-in/separate meter-out con-
trolled systems (SMISMO) gives possibility to control one
additional variable, usually back actuator pressure independ-
ent from speed of the actuator [2] [3] [4]. This possibility to
control the back pressure is especially useful when moving
high inertia loads fast, since in this case, stopping the load
using only one valve without having oscillation is extremely
difficult [5] [6]. In those cases SMISMO has the potential to
make the hydraulic system stiffer, to increase the back pres-
sure, and with this to obtain less vibrations [7] [8].

Motion of payloads needs energy, causes oscillations and
wears mechanical systems. For this reasons, optimisation
methods are of increasing importance to minimise or max-
imise some physical property. In vibration damping, op-
timisation is applied in order to have a high energy dissipa-
tion [9]. Or, the motion path of a manipulator is planned so,
that stress is equally distributed over the links [10]. Effort is
done to integrate optimal control in the function of a hydraulic
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valve [11]. Since hydraulic systems are highly nonlinear, it is
also evident to consider such behaviour for design of optimal
controllers [12].

Several approaches are used for optimisation. A common
technique is input shaping, that forms the signal sent to the
servo-valve in order to suppress oscillations. Such shaping
filters can be applied to the input of a drive system [13], to the
input of a control circuit [14], or within a loop between con-
troller and system [15]. The latter presents an application in
a hydraulic system. Another approach is the design of linear-
quadratic regulators (LQR) based on the solution of the Mat-
rix Ricatti differential equation [11] [12]. Optimisation based
on the Hamiltonian (e.g. in [9]) is used for the actual work.

Recent development of electronic hardware and software al-
lows an increasing integration of complex algorithms in in-
dustrial control. Modern hydraulic valves offer simple in-
tegration of separate meter-in and separate meter-out control
with various operation modes [16]. This makes optimal con-
trol techniques more appealing for practical application in
servo-hydraulic systems.

In this work a Hamiltonian-based approach is presented,
which offers movement of the high inertia loads without os-
cillations and open-loop control of speed and position of the
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cylinder. Additionally, the pressures in the actuator are in-
cluded in the design. Firstly, a mathematical model of a
servo-hydraulic drive is derived in state-space representation
as a linear time-invariant (LTI) system. Then the optimisa-
tion goal is described in the form of a functional. Using the
Hamiltonian, the differential equation system, which delivers
the optimal control, is found. The numerical solution requires
finding the initial conditions first, before the system can be
solved. This is demonstrated with an example. Then imple-
mentation and numerical effort are considered in order to es-
timate calculation times. Finally, in section six, some case
studies are shown to demonstrate the correctness of the ap-
proach and to allow discussion.

2 Model of the System
2.1 Mechanical System

The mechanical system consists of a big mass moved with
a lever rotating around the point O (fig. 1). For modelling
purposes the mass of the system is concentrated in a single
point with a mass of M, the lever of the length L is regarded
to be massless. A hydraulic cylinder applies the force F to
the small lever of the length /. For small motions around the
actual point the effective mass is

2
m= <§> M. (1

The motion is carried out horizontally, hence no force of grav-
ity is regarded.

O

F /

—»

Figure 1: Sketch of the mechanical system

2.2 Hydraulic System

The main parts of the hydraulic system in fig. 2 are a double
acting, single rod cylinder and two proportional valves that
allow individual control of the oil flows g4 and gp. Auxiliary
components, like load-sensing and pressure compensation are
not displayed in the figure.

2.3 Mathematical Model

If the position of the mass m in fig. 2 is designated as xi, the
motion equation follows with

miy (t) = pa(t)-Aa—pp(t)-Ap—b-%1 (). (2)

In a system with hydraulic actuators, friction consists of sev-
eral components. The motion of the payload contributes, also
the motion of the steel structure. Oil flow over an orifice de-
pends on the pressure and hence causes additional damping.

Peer-reviewed Paper,
Accepted for publication on 2017-04-19.

—

O

Figure 2: Hydraulic system

Finally, the sealing in the cylinder offers a highly nonlinear
friction behaviour. A comprehensive mathematical model of
friction includes Coulomb and viscous friction, stiction and
the Stribeck effect [17]. In the actual machine, the main con-
tribution is coming from a rotating load that performs a cut-
ting process. It is assumed to be viscous with a coefficient of
b in the dynamic model eq. (2).

The motion is controlled with two independent valves. The
electronic control provides several operation modes [16], e.g.
to establish constant oil flows automatically corrected with
the help of integrated pressure sensors. This allows direct
control of the oil flows, hence we use the oil flows g4 and gp
as inputs, which change the pressures in the cylinder

(qa(t) —Ax-%1 (1))

palt) =
' (gB (1) +Ap-%1(1)).

3)

1
G
Cp
The hydraulic capacity can be calculated for a volume V with

C=% “)
where E is the bulk modulus of the fluid. The hydraulic capa-
cities C4 and Cp depend on the volumes of the chambers and
hence on the position of the piston, which results in a nonlin-
ear system. The assumption of a constant capacity means, that
the considerations are valid only for small position changes.
The compliance of the tubes between valves and cylinder also
contribute to the capacity. For simplification, we assume both
chambers to have the same values, hence C4 = Cg = C.

If a new variable x; is introduced for the speed of the system

X1 = X2, (5)
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the system can be written in its state-space formulation

% 0 1 Ao 0 x1
. A
o0 _A% i I n
PA 0o -2 0 0 PA
pB 0 % 0 0 pB
0 0
0 0
1, ~(qA).
C 1 qB
0 ¢

(0)
3 Optimal Control

The state-space representation can be used to design a digital
controller according to methods found in [18]. Here an op-
timal control approach is chosen based on variational calculus
using the Hamiltonian [19].

If the quality criterion is selected to be

1
J(x.q) =3 / (x"Qx+q'Rq) -dr, 7

the matrix Q rates the state variables during the motion, and
the matrix R regards the input variables, which are the oil
flows in and out from the cylinder chambers. The matrix R
rates the sum of the squares of the flows ¢, and g, during the
motion.

Usually the functional is used to minimise energy consump-
tion, but in the case of hydraulic systems, the power delivered
by the supply is not to be described with linear functions.
Anyway, it is a good idea to minimise the square of the oil
flows, since it is related to the opening of the valve orifices.
In the similar way, the square of the motion variables (rated
with the matrix Q) minimises elongations and oscillations in
the system.

Now the Hamiltonian [19] can be formulated as
1
H=—> (x"Qx+q'Rq) + ¢’ (Ax+Bq). 8)

Moving on the optimal path,

OH

a—q =0 ©)
yields the control law
—2Rq+BTy =0 (10)
and finally
q= %R‘lBTq/. (11)

The adjunct system y follows from the canonical equations
with

) JH
Y= =20x-ATy (12)
and then
x:—gl:/:Ax—i—Bq:Ax—&-;BR]BTu/. (13)
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Putting Equations 12 and 13 together delivers the canonical

system
. 1pR-1RT
(v)=(8 ™" ) () o

The numerical solution of this system yields the controlled
variable q, which is a vector of the input flows g4 and gp,
from the adjunct system y in eq. (11).

4 Numerical Solution
4.1 Initial Conditions

For solving the canonical system in eq. (14) the initial condi-
tions of

x(0)=( x(0) x(0) pa(0) ps(0) )" (15

with a number of n = 4 are known. The system is eight by
eight, the initial conditions

v(0)=( vi(0) vw2(0) ws(0)
are still missing. With the final conditions

x(tr) = (x1(ty) x(tr) palty) pslty) )’ (7D

the initial condition for y can be found. With the abbreviation

1pp—I1RT
M:(g zBfATB ) (18)

T

v (0) ) (16)

the canonical system eq.(14) turns to

()w(3) o

This system can be solved for the final target time 7, with the
help of the exponential matrix and gives

()= (38)

After partitioning the exponential matrix

S S
Mty _ 11 12 21
¢ ( So1 Sz > @D
the initial conditions can be found with
v (0) =Sy, - (x(t7) — S11-x(0)). (22)

4.2 Solution and Control

Now the canonical system eq. (14) can be solved as an stand-
ard initial value problem (IVP). Then, with the help of the
control law eq. (11), the oil flows g4 and gp follow, which
should be used as controlled variables for the hydraulic sys-
tem. The numerical solution of eq. (14) additionally yields a
model of the physical system. It also contains the pressures as
state variables. This information can be compared with sensor
values of the real system and help to add some feedback cor-
rection for the nonlinear characteristics of the valves.
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4.3 Application Example

The system parameters are cylinder areas of A4 = 0.06m?
and Agp = 0.04 m?, a reduced mass of m = 300 000kg, the hy-
draulic capacity of one oil chamber C = 10~''m3Pa~!. The
viscous friction b was assumed to be zero to ensure, that all
oscillation damping is done by the control algorithm.

Now the quality functional eq. (7) is established with the mat-

rix
1 0
R= ( 0 1 ), (23)

which rates the squared size of the oils flows. Here g4 and gp
have the same weight.

The matrix Q describes the contribution of state variables to
the functional eq. (7), which should be minimised. With

0 0 00
0 0002 0 O

Q= 0 0 00 24
0 0 00

the speed variable x; is rated. All state variables (the position
x1, the speed x;, and the pressures p4 and pp) have defined
initial and end values. Taking the speed into the matrix Q
leads to the damping of oscillations.

The initial parameters are a position x; (0) = Om, an initial
speed x2 (0) = Oms ™! and the pressure p4 (0) = 10bar. The
dynamic and static force is initially zero, from this follows the
initial value for pp.

The target time for the motion is 7 = 0.8 s, the position should
be xy = 0.01m. The pressure in chamber A at the end of the
motion should be py (7) = 50bar. The pressure in B follows
from p4, when no external load is present at the end position.

The simulation result in fig. 3 shows that the motion targets
are accomplished. The load stands still, no force is applied,
hence no oscillation remains, and the cylinder chambers have
the desired pressure levels.

5 Implementation
5.1 Computing Procedure

The procedure to plan and to control a motion follows three
steps.

5.1.1 Model Initialisation

At first eq. (18), which is the dynamic matrix of the canon-
ical system, must be established. The matrix depends on the
physical parameters of the system and will not change during
the motion. When the load changes, for example, the matrix
will be affected and the step has to be repeated.

5.1.2 Processing Boundary Conditions

The next task in planning the motion is to process the desired
target values (maybe from operator input), the initial condi-
tions (usually from sensors) and the final time. The planned
final time of the motion ¢ is required to find the exponential
matrix for eq. (20), to partition it and to invert the partition
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Figure 3: Variables during the motion

S12 in eq. (22). With the boundary conditions of the state
variables x, eq. (22) yields the initial values for the adjunct
system Y.

5.1.3 1IVP solution

Now the initial value problem (IVP) eq. (14) can be solved.
It delivers the state variables x, which is a simulation model
of the system. Furthermore, the IVP solution outputs y. The
oils flows g4 and gp follow with the help of eq. (11) and can
be output as controlled variables.

There are two possibilities to solve the IVP.

1. Solution before the start of the motion: The calculation
is done after processing the boundary conditions, but the
output of the controlled variables starts afterwards to-
gether with the motion cycle. For this case, a fixed-step-
size ODE solver from a library can be used.

2. The solution is done during the motion. On each sample
time instant values for the outputs are computed, which
are forwarded to the valve control. This computing mode
needs fixed-step-size ODE solvers that can return a new
single value after each call. In the examples in this work,
a simple forward Euler method was implemented.

5.2 Hardware and Software

Electronic controllers for industrial control must be robust
and dependable. In order to achieve this also for the program-
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ming software, standard languages were developed early [20]
and are still used today. They are not suitable to program
complex systems, like they are demanded today [21], con-
sequently modern industrial controls allow to implement soft-
ware modules written in different languages. The optimisa-
tion algorithms described in this work could be written dir-
ectly in C++, using e.g. the ODEINT library to solve the
IVP. To avoid a general purpose language, cross-development
can be used to generate code that can run on a real-time sys-
tem. For example, Matlab®/Simulink® provides a suite for
this purpose. The C code generated with such tools can be
compiled in the environment of the programmable controller
und be integrated in the automation system.

A second approach to integrate a program for complex al-
gorithms with a machine control is to utilise modern commu-
nication, preferably UDP from the TCP/IP suite. The optimal
control can run on an industrial PC that communicates with
the PLC.

5.3 Computing Times

For the task to implement the actual algorithm on a computer
or an embedded system, it is important to know about the nu-
merical effort. In order to give a feeling for the required cal-
culation, three time measurements were done. The first was
a PC with Windows, i3-2120 CPU @ 3.3 GHz (PC/W in tab
1), the second a PC with Linux, i5-4210U CPU @ 1.70 GHz
(PC/L in tab 1), and the third, closer to an embedded system,
a Raspberry Pi 3B with Raspbian Linux, ARM Cortex-AS53
@ 1.2GHz (ARM in tab 1).

The language for the test was Python with the advantage, that
the same code runs on all three platforms without any modi-
fication. The results are shown in tab 1.

Table 1: Computing times.

Step PC/W PC/L ARM Unit
Initialisation 24 0.33 6 [ms]
Boundary conditions 30 13 210 [ms]
IVP solution 0.6 0.3 6.4 [s]

IVP solution per step 36 19 410  [us]

The initialisation is just the assembling of the matrices, pro-
cessing boundary conditions requires mainly calculating the
exponential of an 8 by 8 matrix and the inversion of a 4 by 4
matrix. The solution of the IVP is done with Forward Euler
method in 16 000 steps.

5.4 Practical Aspects

The numerical solution of the canonical system eq. (14) deliv-
ers the adjunct system y, from which the vector g (containing
the controlled variables g4 and ¢gp) follows with eq. (11). If
the voltage signals fed to the servo valve represents the open-
ing of the orifices, the resulting oil flows are not proportional
to the control output. Hydraulic or electronic pressure com-
pensation improves the situation.
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With additional pressure sensors, a control loop can be estab-
lished to maintain the desired oil flows, e.g. like in [16].

In [22] the following approach was presented and verified.
Valve opening is predicted for one flow direction with

A = Vo 2 VAN

ma QN V PP — PA (25)
e O VAR

" On Vps—pr’

where y4 and yp are the signals from the controller (here the
desired value for flow, g4 or ¢B), Yimax 1S the limit for the input,
Q represents the desired flow value. O and Apy are the nom-
inal parameters of the orifice, pp is the pressure on the pump
side, and pr on the tank side. When a pressure sensor fails,
the pressure terms in eq. (25) can be omitted. Further fail-safe
features in different operating situations can be found in [22].

The solution of the canonical system eq. (14) also outputs the
state variables of the mechanical system. This is a simulation
model, which delivers also predictions for the pressures in the
cylinder. The information about the desired pressures p4 and
pp can be used to establish a multi-variate control for flow
and pressure.

6 Simulation Results
6.1 Some Case Studies

Figure 3 shows that the motion ends with the desired load
position and a speed of zero after the proposed time. Addi-
tionally, the cylinder pressures meet the demanded values.

High pressure levels increase the power loss, lower levels may
cause cavitation and reduce the stiffness of the oil volume. In
the motion example in fig. 3 pressures do not fall under a
value of 10bar. If the motion is turned into the other direc-
tion (fig. 4), cavitation occurs after the start. In this case, the
system gets nonlinear, and the simulation model is not valid
anymore. With the initial lowest pressure of 50 bar, the prob-
lem does not occur (fig. 5).

Consequently it is better to keep the desired pressure at 50 bar
for this example. The forward motions will look like in fig. 6,
where the lowest pressure occurs in the breaking phase.

The motion in fig. 7 is too fast to damp the oscillation prop-
erly without causing cavitation.

Figure 8 displays the results of a longer or slower motion.
The solution gives a constant value for the speed after the
oscillation is vanished. It shows that the problem could be
split into a start phase and a stop phase. This approach can
be used for a travel with constant speed, and the design of the
path will be independent from the distance.

When the travelling time is increased while the number of
steps is held constant, the step width has to grow. Figure 9
shows that the solution of the IVP, eq. (14), does not meet the
end conditions exactly. This is a problem with stiff numerical
systems. It turns out, that many solvers have the problem
with the actual example. One critical point is the computation
of the exponential matrix in eq. (20) [23]. Current work is
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Figure 4: Reverse motion with too low initial pressures

done to work on a solving method that always meets the final
conditions exactly [24].

6.2 Comparison With Start/Stop Motion Control

A system is taken for a simulation with Simulink®, which has
the same properties as the system before, but with a damping
of b =5-10°. For a motion a constant input signal was gener-
ated with a ramp-up and ramp-down of 0.1 s. The input level
was adjusted experimentally so, that the same travelling dis-
tance is reached. The oil flow g4 is directly proportional to the
signal input, gp is determined by an orifice, that opens syn-
chronously with the input signal. The size of the orifice was
chosen experimentally such that the desired pressure levels
at the final position are obtained. In the real system, this is
a standard operating mode provided by the electronic valve
control [16]. Additionally meter-in and meter-out valves have
a first-order time delay of 30 ms. A positioning experiment is
done and compared with the results of the proposed method.
In both cases the valves are closed after the target time of
0.8s.

Figure 10 shows the positions over time, fig. 11 the speeds,
fig. 12 the pressures in the cylinders, and fig. 13 the oil flows.
It can be seen from these diagrams that the proposed proced-
ure brings the load to the end position without leaving os-
cillations after the end time. The time delays of the spools
with a value of 30 ms were not included in the design of the
optimal control, since the numerical solvers used could not
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Figure 5: Reverse motion

find a solution for this problem. A new approach [24] will
make this possible. The additional delay is the reason, why
the valves do not close immediately at the end time. The con-
sequence is a short delay of the stopping time instance, but
still the target conditions are met without oscillation, which is
an advantage against the start/stop control.
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7 Conclusions

The proposed method of designing a motion for a SMISMO-
controlled hydraulic system allows suppressing oscillations
at the end of the motion. In a separate-meter-in/separate-
meter-out system it is possible to include the pressure levels in
the cylinder into the motion design procedure, which means,
desired values are met after the motion is finished. This
is important to keep the pressures low for energy efficiency
and also to avoid cavitation. The computing times are short
enough to be applied for motion planning in industrial auto-
mation or even in embedded systems.

Some case studies with a simulation model with different
speeds in both directions show that the results are practically
reasonable. The outputs of the calculation are desired flow
values. To establish constant flow in the physical system, hy-
draulic or electronic pressure compensation is required. This
can be provided by modern valves with integrated electron-
ics. As an alternative, a proposal to control a proportional
valve with an external linarisation model was given.

It turns out that ODE solvers have problems, when the
planned time exceeds a certain length. Even dedicated stiff
solvers can fail. A simple Euler method with small step size
turned out to work well. This kind of numerical problems is
a topic of ongoing research.

Nomenclature
Designation Denotation Unit
X1 Position of the load m
X Speed of the load m/s
ty Final target time of the motion S
PA Pressure piston side (chamber A)  Pa
PB Pressure rod side (chamber B) Pa
pp Pressure valve input on pump side Pa
pr Pressure valve output on tank side Pa
qa Flow into chamber A m/s
qB Flow into chamber B m3/s
(0] Oil flow through a valve m3/s
On Nominal oil flow of a valve m>/s
PN Nominal pressure for Qy Pa
y Control input of valve \Y%
Ymax Max. control input of valve A%
m Reduced mass kg
Ap,Ap Areas m?
b Viscous friction coefficient Ns/m
C Hydraulic capacity m3/Pa
E Bulk modulus N/m?
v Volume m’
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Abstract

Independent metering valve (IMV) control of working hydraulic systems in mobile machines has been studied for more than
two decades and during the past few years it has also been adopted to commercial excavators. The main advantages of the
IMV systems, compared to load sensing and open centre systems are the possibility of optimizing the pressure losses of the
metering edges and the possibility of re-routing the hydraulic energy between actuators. Energy re-routing can be realized
without storing the energy to accumulators and thus avoiding the losses of additional routing valves and energy conversions.
IMV combined with a hybrid system allows even more improved energy efficiency. Digital hydraulic IMV (D-IMV) allows
additional benefits to the IMV systems with more fault-tolerant operation with robust components, faster and more precise
control and leak-free valves.

The purpose of this study is to apply a D-IMV system to a midsize (20t) excavator and to study the differences in energy
consumption of the working hydraulic system with four actuators. This paper presents the controller designed for the D-IMV
and a simulation model for analysing the system. The energy consumption of the D-IMV is compared to the measured energy
consumption of a state-of-the-art excavator with a load-sensing hydraulic system.

The Controller of the D-IMV system is realized with a sub-optimal mode control, so that instead of calculating and optimizing
the total energy consumption of all possible mode combinations, simpler control logic is defined to remove the complex
structure of the controller and ease the computational burden. Simulation study shows that the hydraulic input energy can be
reduced 28-42% compared to a standard LS-controlled excavator. Detailed analysis of where the reduction emerges is

presented.

Keywords: Digital hydraulics, Independent metering valve, mobile hydraulics, excavator

1 Introduction

Demands for the off-road machine builders by markets and
legislations are driving new technologies to the traditionally
conservative field of hydraulic engineering. Many of the
construction equipment vendors have brought the hybrid
systems to the markets and a few manufacturers are also
utilizing independent metering valves (IMVs) in off-road
machines. Excavators are the biggest machine type along
with the wheeled loaders, which makes them perhaps the
most important research subject in the field of mobile
machines.

Most common state-of-the-art excavator valve systems are
based on open centre flow control (OFC) or a load-sensing
(LS) principle. There seems to be a trend that LS systems can
be found in excavators below the 25 ton-class and above that
the excavators have an open centre valve system. LS systems,
and especially electronically controlled eLS systems, have
proven to be more energy efficient, but have only become
popular among European excavator manufacturers, while
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Asian and American manufactures seem to favour open
centre type valve systems. Main energy consuming features
of current excavator valve systems are the throttling losses
occurring when multiple actuators are used simultaneously
and throttling losses occurring when an actuator operates far
from the designed operation point due to the mechanically
coupled inlet and outlet metering edges of the spool. Often it
is considered a typical LS system lacks the operator feeling
and response that operators tend to like.

Studies recently have also proposed many alternatives for the
open centre and LS systems. These includes, for example
flow demand-based eLS control systems [1], multiple
constant pressure rail systems [2, 3], displacement control
systems [4, 5] and different kinds of hydraulic hybrid systems
[6, 7].

The advantage of an IMV-system compared to other
technologies is the relatively simple system components. The
system can be improved with only a single pump, keeping the
manufacturing costs of the machine low. An IMV allows the
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hydraulic system to transfer hydraulic fluid between actuators
and actuator chambers through the supply line or through the
return line without additional routing valves. An IMV also
can operate without additional pressure compensator valves.

(8]

It is possible to implement the IMV technology to existing
excavators with relatively small changes, and it can further
improve energy consumption of LS systems by using
differential and regenerative modes when the load force is
suitable. An IMV also allows more flexibility in
programming the boom control as requested by the user. [8,9]

For full performance, IMV systems require relatively high
demands from the valves. Valves need to have high enough
bandwidth, low pressure losses at high flows, bi-
directionality, good repeatability and robust operation in
changing environmental conditions. [10]

IMV systems are still used in only a few commercial
applications; for example, the Caterpillar 336E H excavator,
in which the IMV technology, or as they call it, the Adaptive
Control System (ACS), is used together with a hydraulic
hybrid system. [11]

1.1 Digital hydraulic independent metering valves

D-IMV systems consist of 4 independently controlled
metering edges per actuator. Each of the metering edges
consists of a series of parallel connected on/off-valves. The
benefits of parallel connected digital valves, compared to
traditional proportional valves, are the fault tolerance, the
robustness and the fully repeatable and fast flow control. In
some of the previous studies, a fifth flow metering unit
between the A and B chambers also has been proposed, to
give an extra degree of freedom for the system. [9]

In most cases, both IMV and D-IMV systems require pressure
sensors in actuator ports, in the supply line and in the return
line, and sophisticated control algorithms that estimate the
load force and act upon it. Algorithms of IMV and D-IMV
systems generally consist of the mode selection, and to
calculate a target flow rate for each metering edge. [8]

2 Digital hydraulic IMV in an excavator

2.1 Digital hydraulic valves for an excavator

The D-IMV studied in this paper consists of four actuators:
The boom, the arm, the bucket and the swing. Independent
metering is realized with four flow metering units per
actuator. The system layout is shown in Figure 1.
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ARM

BUCKET

PA AT

Figure 1. D-IMV valve system in excavator consisting of two
pressure lines, 16 flow metering units and four actuators and
chamber pressure sensors.

Pressure line P in Figure 1 is an electronically controlled LS-
pump pressure supply line and the pressure line T is a return
line with a low pressure realized with a spring loaded check
valve or a pressure relief valve. Each of the flow metering
units, also known as digital flow control units (DFCUs),
consists of seven on/off-valves with mixed PCM (Pulse Code
Modulation) & PNM (Pulse Number Modulation) coding of
the valve sizes. In PCM coding, each valve has a different
flowrate capacity, and the number of different available
flowrate combinations is 2"-1, where n is the number of
valves. In PNM coding, each valve is equally sized. In
practise, the flowrate capacity is adjusted by adding an orifice
in line with part of the valves. Table 1 presents selected valve
sizes for this study. [12]

Table 1. Selected flow rate series of each metering edge of the
excavator. [I/min @ 0.5MPa]

Valve: 1 2 3 4 5 6 7

Boom: PA-edge, PB-edge
& BT-edge. Arm & Bucket: 35 35 35 171 87 43 2.2
all metering edges

Bmc;‘i;:;ezdgge‘: swing:all ac 35 171 87 43 22 12

Figure 2 shows the control-flow characteristics of both of the
control edge varieties presented in Table 1. The number of
different possible opening combinations varies from 68 to 96.
Control resolution, i.e., the relation between the maximum
flowrate and the maximum flowrate step between two
consecutive steps varies from 52.3 to 71.5. Resolution was
selected based on simulation responses to handle cylinder
motions without additional oscillation compared to the
measured system and also based on available on/off valves.
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Control resolution: 52.3/71.5
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Boom control edge PA
Boom control edge AT
0 L 1 ! T T
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state [-]

Figure 2. Possible flow rates of metering edges PA and AT of
the boom at 1.5MPa.

2.2 Operation modes of IMV

The different modes are referred to as: PTe, PTr, TPe, TPr,
PPe, PPr, TTe and TTr, in which the first letter describes
whether the pump line (P) or tank line (T) is connected to the
A-chamber, while the second letter describes which line is
connected to the B-chamber. The third letter describes the
direction of the movement, e for extending and r for
retracting. Figure 3 presents the active metering edges with
each mode.

Differential modes
Mode PPe
'Y

InflowOutflow modes

Mode: PTe Mode TPr Mode TTe
LY ya LY

Movemen
directian

TAAP TAde Ak Thar
Regenerative-modes Regenerative Differential modes
Mode PTr Mode TPe Mode PPr Mode TTr
& LY & &

=T
TAAP TAAP TAArP

Figure 3. Different operation modes of the D-IMV system.

3 Controller

Many of the digital hydraulic valve controllers presented in
earlier studies have been designed for powerful computers,
such as the dSPACE Microautobox or PCs. More accurate
and smoother control can be achieved if a more
computationally demanding, model based valve control is
used, but it has been shown in [13] that sufficient control for
mobile application can be achieved also using simpler
controllers that can be realized with commercially available
controller units.
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Figure 4. D-IMV controller structure.

The upper-level controller structure presented in Figure 4
includes four actuator controller subsystems and a master
controller subsystem that includes the pump controller and
the power distribution. Actuator controllers are identical to
each other with a different set of parameters. Parameters are
tuned in this study so that velocities and velocity oscillations
are close to the measured responses of the reference excavator
with LS-valve system.

3.1 Master Controller

The master controller structure is presented in Figure 5.
Inputs to the controller are the measured supply line pressure
pP and the return line pressure pT, joystick signals and pump
pressure requests from the actuator controllers. Outputs are
the velocity references for the actuators, pump control signal
and the filtered supply line and return line pressures for the
actuator controllers. The Master controller realizes the eLS
pump control by selecting the maximum of actuator supply
pressure requests as a pump pressure reference and turns it
into a control signal for the pump control valve. The Power
and torque distribution block ensures that the engine will not
stall and that the desired operation of actuators is ensured
when the power demand exceeds the available hydraulic
power.

T ©T T T
U U v v
3 3o o
‘: ' ': '; user input
% i 38 pP,pT
® o 3
Filter Gain
pPfil,
max priil  ef
Flow
pPref distribution
(Power limit)
pPref
Pump vrefs
Controller
u_pump

Figure 5. Master controller structure.
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3.1.1 Power distribution and limitation

In case the controller power demand or flow rate demand
exceeds the machine limits, velocity references are lowered
so that the total hydraulic power requirement is within the
power limits of the system and maximum flow rate is not
exceeded. In case the power demand exceeds the power limit,
new velocity references for the actuators are calculated with
an equation

§ . Piimit (engine) W @
Te fnew ref QP. ef * max(pPRefs) o

where vy is the user velocity reference, Piimit(Nengine) 1S the
available power with the current engine speed, pPgey; is the
vector of supply pressure references from the actuator
controllers, Waist is a weighting factor for the actuator to
determine the priority of the actuator velocity reference and
QP is the total flow requirement. Wyist is calculated with
equation

— v
W gists k ref/ﬁmaxs . @
v '
Z(Wdists ‘refs/ v

where D, is the vector of velocity references, ¥,y is the
vector of maximum actuator velocities and W ;. is the
vector including all four weighting gains of four actuators. By
adjusting the relations between the gains, a desired relation of
the actuator’s velocities can be achieved. QP,. is calculated
as a sum of actuator flow rate demands, which is calculated
using the equation

Waise =

maxs

Uref i >0 (3)
vref_i <0

oP | Vrerifaw
refL |vref_i|AB_i'

where Aa and Ag are the cylinder chamber areas or the radian
chamber volumes of the swing motor.

If flowrate demand is exceeded, new velocity references are
calculated with equation

Qlimit(nengine) W (1)
QPref dist

vrefnew = vref

where Qiimit(Nengine) 1S the available power with the current
engine speed.

In the case of the swing actuator, desired operation is
achieved also by limiting the swing torque. New pressure
reference for the swing actuator is calculated with the
equation

pP ref_sw_new (4)
Plimit (nengine )

QPref ' maX(pPRefs)

= pPref_sw dist
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To achieve equal operation in simulations and in the reference
measurements, power distribution is limited by only limiting
the swing torque. In case the boom, arm or bucket actuators
have bigger pump pressure requests than the swing actuator,
the swing torque cannot be limited and only the velocity
reference of the swing actuator is reduced.

3.1.2 Motion Controller

In the simulation study, cylinder velocity references are
derived from the position and velocity measurements of the
reference machine. Reference velocities for the control
system are calculated with a motion controller realizing the
equation

Vref = KrerVmeas + Kp(Xmeas — Xsim) (%)

where Kge is feedforward gain and Kp is feedback gain, Xmeas
is the reference cylinder position from the reference
measurements and Xsim is the actuator position in simulations.
The motion controller is only required for simulation
purposes.

For the swing actuator, measured pilot pressures of the
control valve in the reference measurement are used to define
the start moment of the joystick actuation and a smooth
trajectory going from 0 to 1 is applied to mimic the joystick
control signal. Control duration is applied so that the steady-
state swing positions are equal to the measured reference
positions.

3.2 Mode controller

The mode controller structure is presented in Figure 6. The
mode controller is built with a sub-optimal principle. It is
known that typical pumps used in mobile machines have poor
efficiency at high pressures and low flowrates, and that high
pressures also tend to wear system components and thus to
increase maintenance costs. The differential modes are not
used to calculate the pump pressure reference, but are still
used when possible to lower the pump flowrate demand.

A DB Filter Force Calculate
PA, P estimation target dp
pPref Calc. pPref with 10-mode

Calculate possibilities of modes
Select operation mode

Calculate reference flow rate & chamber
pressures for the used metering edges

Figure 6. Mode controller flow chart.

Actuator force or torque is estimated from the measured
chamber pressures and using a filter developed in [6]. This
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non-linear filter improves the dynamics of the force
estimation, although a linear first-order filter works well in a
simulation environment.

Most of the mode selection code is realized with a
Matlab/Stateflow chart. The mode controller changes state
from idle to running mode when |v | is above the tolerance
velocity viar. If the actuator is moving, it goes to the idle mode
when [Vref| < Viol/2.

3.2.1 Target pressure difference

Target pressure difference over the valves is calculated as a
function of the velocity reference v to allow minimum
pressure difference during low and mid-high velocities, and
increased cylinder wvelocity by increasing the pressure
difference over the valves. There are two parameters for
setting the target pressure difference: minimum pressure
difference target (dpnomyy and the maximum pressure
difference target (dpnomz). dprer is calculated with equation

(6)
dp‘ref = max (dpnomlﬁ min (dpnomZ'

( |Vrer|4a m)))

delnomfmax

where Qgpinom max iS the flowrate when the valve metering
edge P<>A is fully open and the pressure difference is equal
to dpnoml.

For the swing actuator sufficient acceleration is done by using
dynamic target pressure difference calculation that increases
the dprr value when joysticks move rapidly. This will
increase the pump supply pressure more rapidly when swing
motion is started, and thus will improve the acceleration of
the swing motion. For the swing motion, dpre is calculated
with the pseudo code:

if (Vref = Vref_previous ) = Vref_diff_limit

> dpref:min(dpnomZ,dpref_previous"'inC_rate)
else if dpprevious> dpnomZ

> dpref = max(dpnoml, dpref_previous _inC_rat9/3)
else

> dpref = dpnomz

where Vet dift limit IS the parameter describing how fast the
joystick motion must be for starting to increase dprer, and
inc_rate is a parameter to adjust the length of the increased
dprer duration.

3.2.2 Supply pressure reference

The pump pressure reference pPrs is calculated for the
standard inflow-outflow modes (IO-modes), first by
calculating the required chamber pressures from the
force/torque (F) and given limitations. First, the outflow-side
pressure is calculated with the equation:
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Poue = min ( max( Pmins Pr + APout, g1y, ®)
' dpref) ’ pmax)

where pmin and pmax are given lower and higher chamber
pressure limits and dpout raio iS @ parameter to lower the
outflow side target pressure difference to improve the energy
efficiency.

Inflow-side chamber pressure is then calculated with the
equation

v>0 9)

— {(F + poutAB)/AA'
v<0

(F - poutAA)/AB'

Din

where Aa and Ag are the piston areas or radian volumes of the
motor. From these pPref is calculated with equation

pPref = min(max(pPmin, Pmin (10)
+ dpref)’ meax, Pin + dpref)

where pPmin and pPmax are limits for the supply pressure.
3.2.3 Calculation of possible modes

After pPy is calculated, the current possibility of each mode
is checked. For the positive direction, the possibilities of
modes are calculated with equations:

PT_pos = (pPref - pP) < 0.5dprer (11)
PT_notpos = pP < (pPref - dpref)

TP_pos = F < force(pT - dpref, pP + 0.5dprer)

TP_notpos = F > force(pT -dpref, pP + dprer)

PP_pos = F < force(pP - 2dpref, pP + dprer)

PP_notpos = F > force(pP - dprer, pP + dprer)

TT_pos = F < force(pT - 2dpref, pT + dprer)

TT_notpos = F > force(pT - dpref, pT + dprer)

where the force(pl,p2) calculates the equation
force(pl,p2) = plA, — p24Ag 12)

For the negative directions the possibilities are calculated
with equations:

TP_pos = ( pPret- pP ) < 0.5dpref (13)
TP_notpos = pP < ( pPref - dpref )

PT_pos = F > force( pP - 2dpref, pT - dpref )

PT_notpos = F < force( pP - dpref, pT - dprer)

PP_pos = F > force( pP + 2dpref, pP - dpref)

PP_notpos = F < force( pP + dpref, pP - dprer)

TT_pos = F > force( pT + dpref, pT - 2dprer )

TT_notpos = F < force( pT + dpret, pT - dpref )

3.2.4 Mode selection

The mode for extending motion is selected in the state
machine presented in Figure 7. For the rectracting motion the
princible is identical. For certain work cycles the controller
cannot utilize all the modes, and thus the tables
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enable_ext_ modes and enable_ret_modes are declared to
allow only certain modes to be used. The logic of the state
machine decides the best possible mode, or if none of the
modes is possible, the logic selects the hold mode to wait for
the proper supply line pressure.

POS_DIR_MODES

TT_mode
entry: Actual_mode = int8(4);
entry: Act_DFCU =int8([0 1 0 1]);
during: pPref=pPmin;

[enable_ext_|
ppmode_pos]

PP_mode
entry: Actual_mode = int8(3);
entry: Act_DFCU =int8([1 0 1 0]);

[ttmode_po$ &&...

[ttmode_notpos]
enable_ext |modes(4)]

[ppmode’ notpos]

[iomode_pos &&... 10_mode
[enable_ext_modes(1)]] entry:Actual_mode = int8(0);
entry: Act_DFCU = int8([0 0 0 0]);
during: Actual_mode = int8(1);

2 during: Act_DFCU = int8([1 0 0 1]);
[iomode_notpos]
4

HOLD
entry: Act_DFCU = int8([0 0 0 0]);
entry: Actual_mode = int8(0);

3

—

[ioregenmgde_notpos]

[ioredenmode_pos &&...
€nable_ext_modes(2)]

|0Oregen_mode
entry: Actual_mode = int8(2);

entry: Act_DFCU = int8([0 1 1 0]);

Figure 7. Mode selection in the state machine for positive
direction.

3.2.5 Calculation of reference values for the flow
controller

After the mode is selected, the controller selects which of the
metering edges are to be used. For these metering edges,
reference flowrates and chamber pressures are calculated for
each valve.

Target flowrates are calculated for PA and AT-metering
edges with equation

Qref,pajar = Vrep * Ay (13)
and for metering edges PB and BT with equation
Qref,PB/BT = —Vper * Ap (13)

Pressure references for the flow controller are set so that
outflow-side is minimized, and maximum and minimum
pressure limits are not exceeded. The inflow-side chamber
pressure is set according to the current force level.
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3.3 Flow Controller

The actuator controller includes a flow controller (Figure 8)
for each metering edge, to calculate the optimal opening of
the digital hydraulic valves. When the mode selection
algorithm sends the flow requirement and target pressures for
the active metering edges, the flow controller calculates the
flowrates for each valve with the equation

Qvalvei (p1; Pz) (12)

Ky (py — p2)™, biip1 <p2 <p1
Ky [(1 = by)p, ], Pz < byipy
—Ki(p1 —12)™,  bupa <p1 S P2
l =Ky [(1 = by)p1 177, p1 < byip;

where Kj;is the flow coefficient, xii is the exponent and bs; is
the critical pressure ratio of a single valve in the flow
direction 1->2, and Kaj, X2i, and by; are the parameters for the
opposite direction. For the simulation study, exponent values
of 0.5 and critical pressure ratios of 0.25 were used. Flow
rates of the individual valves are presented in Table 1 in
Chapter 4.

Enable

v_ref
Q_ref

© »C
CO—fo B B SN
n1ref Q —» QPA valves Cow U
p2
p2ref  piowTaesof | FLOW cost Select control

each valve

wsw
4 C_sw

—
Switching cost Memory

Figure 8. Flow Controller structure of Boom PA metering
edge.

?

To avoid excessive valve switching, the final valve opening
combinations are selected by minimizing the cost function,
taking into account velocity error and the amount of valve
state switching required. The valve opening combination is
calculated with the equation
Ustate = MIN(Tgrror _ (13)
+ Wsw (Qnom
X | (ﬁprev Xﬁones

- ﬁctrl_mtrx) |)

where 7,,...,s 1S the array of the velocity errors for each valve
opening combination, wy,, is the weighting gain for the
switching term, Qyon is a vector of nominal flow rates of the
valves, ¢, isan array of the current state of valves, %,y
is an all-ones array with a length equal to the number of
combinations and ey merx 1S @ Matrix of valve states with
each combination.
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4 Simulation Model & Reference Data

The machine selected for comparison is a 21-ton LS-
controlled excavator (Volvo EW210C, Figure 9). This
excavator has a single pump for controlling all the actuators
and the travel motors, and additional small auxiliary pumps
for fan motor, pilot pressure supply and for other necessities.
The excavator was instrumented with a pump flowrate sensor,
actuator position sensors and actuator-chamber pressure
Sensors.

Figure 9. Volvo EW210C wheeled excavator used in
reference measurements.

4.1 Simulation model

The simulation model (Figure 10) includes the D-IMV
controller and the mechanical model of the excavator realized
with Matlab Simulink. The mechanical model includes the
inertias and kinematics modelled with SimMechanics,
including the cross connection between the actuators. Supply
pressure dynamics, control valves, hoses and actuators are
modelled with Simulink. Model was verified to the
measurement data from the excavator.

“#pA & pBIA_to_actuator QA
Hu pAs & pBs
u_valves Al—»0A QB to actuator aB
pPref pP |+ mpP
pPref Pump model * QB pAs&pBs X X 3
(e
»pT
pP P Cylinder hoses Sl & *
. R o ‘
Return line
pressure . »pA& pB Hose rupture valves EW210C
Actuators  Mechanics
pT Digital valves pAs & pBs

Figure 10. Hydraulic and mechanical model of the EW210C
in Simulink.

The model of the digital valves includes four valve blocks,
including 4x7 leak free on/off-valves per actuator. Flow rates
of the on/off-valves are adjusted with orifices to
accommodate the maximum velocity of the actuators and a
control resolution that also allows low velocities.

The diesel engine is not modelled because the focus of the
paper concentrates on the hydraulic efficiency comparison.
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The pump is modelled to have typical dynamics for an open
circuit mobile pump, but the efficiency of the pump is
neglected because it is out of the scope of this study. The
return line is modelled as a constant pressure line.

4.2 Reference Data

Reference data include measurements of a simulative 90-
degree truck loading cycle and earth grading cycle that are
based on a JCMAS H 020 standard (Figure 11). The standard
defines trajectories for comparing fuel consumptions of
different sized machines in real life-like movements without
touching the earth. This standard is selected to avoid the
complex modelling of the earth and to realize as uniform
conditions as possible for repeatable measurements, although
it is does not match exactly the real world test cycles.

i

(1) — Beginning of the cycle

Y

(2) — Excavation based on arm retraction

(3) — Excavation based on bucket rolling back

S

I

b

(4) — Lifting the bucket and swing

@

(5) — Bucket dumping motion

Key
L Grading (Leveliing) length

Figure 11. Truck loading cycle phases 1-5 and the grading
cycle according to JCMAS HO020. [15]

5 Simulation results

5.1 Truck loading cycle

Figure 12 presents the actuator positions and velocities in a
single work cycle. There are some differences in velocity
curves, but the final positions of simulations and
measurements match. The simulation tends to oscillate a little
more when hitting the end of the actuators because of the lack
of a cylinder end damping model.

142 SICFP2017 7-9 June 2017

Linkoping, Sweden


http://www.ep.liu.se/ecp/contents.asp?issue=144

100

i

>

'
th

position [% of xmax]

-100

100

velocity [% of vmax]
n
= (=]

o

-100

Time [s]

Figure 11. Positions and velocities from the reference
measurements (dashed line) and from the simulated D-IMV
system (solid lines) with different phases of the JCMAS
digging cycle.

The upper graph of the Figure 13 presents the input and
output powers of the simulated D-IMV system and the
measured LS system, as well as the supply line pressure and
flow rates. It can be seen that 19 kJ more work was done in
the simulations than what was measured. This can be
explained with a slight difference in velocity curves and in
force/torque curves, but the relation to the input energy is so

small that it can be considered negligible. Most of the
difference comes from the behaviour difference of the swing
drives. The peaks in the measured input power at phase 4 are
due to the arm and bucket actuators hitting the end of the
cylinder. The simulated system does not increase the cylinder
force after hitting the end. In a truck loading cycle, a rapid
force increase is not required when opening the bucket. The
difference in the input energy comes from the lowered flow
rate requirement because of the utilization of different modes.

Figure 14 presents the different modes used during the cycle.
Phase 1 consists mostly of lifting the boom and extending the
arm cylinder. As the boom lifting requires high pressure, the
arm operates at differential modes and thus required input
energy is reduced the around 40 percent. During the closing
of the bucket in phase 2, the bucket cylinder is the only
actuator and it operates in inflow-outflow mode. During the
phase 3, inflow-outflow modes are used by the boom and the
swing actuator, and in phase 4 the bucket is opened in inflow-
outflow mode. When returning to the starting position, the
boom is lowered with the TTr —mode, in which zero pump
flow is used simultaneously with the arm retraction and swing
motion, which are done in inflow-outflow mode.
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Figure 13. Hydraulic input powers (Piv) and mechanical output powers (Pout), pump pressures and pump

(sim.) in a JCMAS

truck loading cycle (phases 1-5 divided in figure).
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Figure 14. D-IMV Actuator modes in digging cycle
simulations.

Figure 15 presents the cumulative input and output energies
of four truck loading cycles. The total input energy was
reduced 28 percent with D-IMV compared to the measured
LS system.

[ki]
4000
3591 kI

3000
2585 kJ

2000
(-28.0%)

1000

0
LS D-IMV

Figure 15. Measured and simulated cumulative energy
consumptions in four consecutive truck loading cycles.

Total energy consumption of the working hydraulic circuit
was reduced 28% in the digging cycle.

5.2 Grading cycle

Figure 16 presents the simulated and measured actuator
positions, velocities and modes in a single grading work
cycle. The bucket tip remains at a steady height from even
ground surface, and the bucket is drawn from the out position
to the in-position, and back.

Figure 17 presents the measured and simulated input and
output powers, supply pressures and pump flowrates in the
grading cycle. In the grading cycle, the main difference
comes from the arm differential mode PPe used in the out-to-
in motion and the boom TTr-mode used in the in-to-out
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motion. Also, the metering losses are reduced during the in-
to-out motion.

100 T T T T T

Boom Arm Bucket Swing ‘

mﬂx]

velocity [%o of v Tposition [% of x

Boom mode

PPe |-

0 —LH—,i
TPr b

Time

Arm mode

Figure 16. Simulated (D-IMV system) and measured (LS
system) grading cycle position and velocities and modes used
in simulation.

Figure 18 presents the cumulative input energies in four
consecutive cycles. The total required energy was reduced
41.5% compared to the measured LS system.
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2500
2000 2177kl
1500
(-41.5%)
500
0
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Figure 18. Measured and simulated cumulative input and
output energies of four grading cycles.
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Figure 17. Hydraulic input powers (PIN) and mechanical output powers (POUT), pump pressures and pump flow
rates of the measured LS reference system (meas.) and the simulated D-IMV system (sim.) in a JCMAS grading cycle.

6 Conclusion

D-IMV systems, and IMV systems in general, have great
potential to improve the efficiency of mobile machines that
often use working hydraulics with several actuators. This
paper presented study comparing the measurement from a
state-of-the art LS excavator and a simulated digital hydraulic
IMV excavator. Comparison was done with a controller that
utilizes different modes of the actuator, and thus lowers the
flow rate required from the pump. The controller also keeps
the supply pressure lower or at a similar level than that of
current LS-systems.

In this study, system modifications other than those involving
the valve system were kept to a minimum so as to compare
the IMV system to a state-of-the-art LS-valve system in a 21-
ton excavator. The comparison included only hydraulic input
energies, and it was shown that even without regenerative
modes, hydraulic energy required for the two standard
working cycles can potentially be decreased 28-42 percent.

Research continues in applying D-IMV technology to an
actual test case to validate the results and study the system in
actual work cycles.
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Abstract

In this study, sensorless position control of hydraulic cylinders is investigated. Direct driven
hydraulics units are utilized as a prime mover. Direct driven hydraulics is a valveless pump
controlled hydraulic system that uses an electric motor to drive pumps for a single actuator. This
brings energy saving and controllability advantages to traditional valve controlled hydraulics.
Advantages and disadvantages of various types of position sensors, which are available on the
market were investigated for hydraulic cylinder application. These sensors, while accurate, have
been noted to be rather expensive and not suitable for harsh environment applications. Virtual
sensors can provide an alternative to physical position sensors. Using only torque and speed
data received from electric motor controller it is possible to simulate the position of a cylinder,
provided that all relevant parameters are known. Simulation model of direct driven hydraulic
system of a mining loader test platform was realized using Matlab/Simulink Simscape blocks.
Results within the simulation show that the model can reach an accuracy within a few
millimeters for a single cycle. A cumulative error for repeated cycles was observed, which
recommends simple cylinder end or middle point proximity sensors to be used as reference

points.

Keywords: Sensorless position control,
Electrohydraulic actuator

1 Introduction

Improving the energy efficiency of hydraulic powered
machinery has led to increasing efforts to find solutions for
replacing conventional systems. In industrial and
automotive fields, the common solution has been electric
powertrains due to the high efficiency of electric power
transfer and motors. In hydraulics, electric motors have
generally been utilized in stationary applications however,
the hydraulic systems themselves traditionally have been
valve-controlled that have issues with flow losses. In
addition, hydraulic machines are experiencing more
automatization, which requires the implementation of more
advanced control technologies.

To remedy this, increasing interest has been devoted to
electric-driven pump-controlled actuators, which work as a
hydrostatic transmission for cylinders. Unlike traditional
hydrostatic transmissions, in which a combustion engine
powered variable displacement pump is driven at constant
speed, electric motors provide fast response time, which
allows the utilization of more affordable fixed
displacement pumps. This offers not only increased energy
efficiency due to reduced idling losses but also a chance
for implementing a sensorless position control system for
the cylinders utilizing sensor virtualization. The
advantages are increased redundancy and reduced the
dependency on expensive absolute position sensors
normally utilized in cylinders.
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With increased use of automated processes in hydraulic
applications such as mobile machines, the role of position
sensors has become a vital part of these systems. Several
types of position sensors, both internal and external types
exist for measuring the linear movement of hydraulic
cylinders. However, even position sensors that seem
simple and robust can be surprisingly costly or challenging
to implement in applications requiring reliability and
robustness in harsh environments. It has also been noted
that wires and connectors can be prone to damage and
devices relying on position sensors can be incapacitated if
an error or malfunction appears in sensors. Thus, it would
be useful if the position of hydraulic actuated joints could
be measured by indirect means for redundancy and cost
saving. [1]

Cylinder internal sensors apart from draw-wire types
require drilling a hole in the piston to mount a transducer
rod, which significantly increases cost. Longer pistons
require longer bore holes, which increases the difficulty
and the cost of manufacturing internal sensors for large
cylinders. Furthermore, if an internal sensor malfunctions,
the entire cylinder needs to be disassembled. External
types are cheaper and easier to install due to the transducer
being mounted on the surface of the cylinder. However,
external mounting causes the sensor and its cabling to be
more vulnerable in harsh environments. Proper protection
of these is required, which complicates servicing and
replacing parts. [1]
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Therefore, to reduce the amount of sensors needed in
machines and to provide a level of redundancy, sensor
virtualization has been increasingly researched. This
method utilizes information from other sensors to
indirectly calculate a desired value based on a physical
model of the process. Examples of application utilizing
sensor virtualization include a car electric window position
sensing from measuring current fluctuations of a DC drive
motor [2], calculating fluid level in process tank and
calculating the thickness of a steel sheet on rolling mill [3].
It is often necessary to perform test measurements from
real processes to validate and calibrate simulations and
thus try to minimize any accumulative errors. While virtual
sensors can lead to saving in component and mechanical
design costs, other design costs and time will increase.
However, with simulation becoming more routine in all
design processes, planning virtual sensors could become
more commonplace. As mentioned, sensor virtualization
provides a method for implementing position control of
pump-controlled hydraulic cylinders.

Traditional valve controlled open-loop hydraulics tend to
waste power due to idling losses either through a pressure
relief valve or open centered valves. To improve the
efficiency of hydraulic power transfer, it is necessary to
reduce wasted power during idling and partial flow to
actuators. One solution is to move from valve-controlled
systems to pump-controlled, in which a motor drives a
pump to control the flow to a single actuator. Pump-
controlled hydraulic cylinders are often known as electro-
hydrostatic actuators (EHA). In this study, a variation of
EHA, Direct driven hydraulics (DDH) will be utilized.
DDH uses an electric motor to drive a pump only when
needed, which eliminates idling losses and reduces cooling
requirements. Other benefits include reduced valve and
pipe pressure losses due to requiring no directional valves
and shorter pipelines. Pump-controlled hydraulic cylinders
have been rare due to difference in the volume between the
cylinder sides of single-rod cylinders and thus the required
flow rate. This ratio problem has usually been solved by
using double-rod cylinders where both sides of the cylinder
piston have the same area and thus equal required flow [4,
5]. However, more space is needed for the double-rod
cylinder. This can be acceptable in some applications and
for short movements however, for instance in an excavator
or a loader boom not often enough space is available for
the opposite rod. While most EHA systems have used
double-rod cylinders due to the ratio problem, systems
with the more compact and common single-rod cylinders
have been increasingly researched [6, 7]. Most common
solutions to the ratio problem involve check valves in a
single pump system or two pumps that ideally have the
same output flow ratio as the cylinder.

Typically, the driving engine and pumps are often
dimensioned to produce enough power to drive the
actuators and overcome the losses. In DDH however, every
flow resistance and pressure loss is undesired if it can be
avoided since one advantage of DDH is shorter flow lines
and less valves. Hoses and other pipelines tend to be
ignored, either due to irrelevance and small effect on
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overall efficiency or simply having to dimension them
according to how they can be fit inside a machine. In this
research, the hose sizing was found to be a somewhat
significant pressure loss source. This can sometimes be an
unavoidable problem since the size can often be limited by
the physical dimensions and movement of the machine.

Commonly the position control of these EHA systems have
been realized by using cylinder position sensors. When
accounting most benefits in a DDH system, it should in
theory, be possible to estimate the position of a hydraulic
actuator utilizing only information from the motor in a
sensor virtualization algorithm. The idea is to use torque
and speed data from a motor controller to calculate the
pressure and flow produced by the pump and estimate the
movement of the cylinder. However, in contrast to
mechanical linkages, hydraulic power transfer lines always
contains errors and losses compared to an ideal case due to
properties of hydraulic fluids. Considering position control
of a linear actuator, these errors are mainly caused by
leakages through pumps but also somewhat by
compressibility under high pressure and small leakage
through cylinder piston seals. Leakages are dependent on
various fluid properties, most importantly kinematic
viscosity, and pressure according to [8].

Examples of previous research on sensorless position
estimation of electro-hydraulic cylinders include position
estimation of a DDH actuated cylinder with measuring the
pump leakage in the locked position and calculating a slip
coefficient that accounted for all leakages [8] and
sensorless position control in an electro-hydraulic forklift
[9]. These studies were based on measurements and did not
account for temperature changes and [9] assumed constant
pump efficiencies. Results obtained in both showed error
in the range of 1-3 % during lifting and lowering. Also in
[8], accumulation of error was observed in repeated lift-
lower cycles due to inaccuracy in pressure estimation.

This study expanded on the research of sensorless position
calculation of DDH cylinders by investigating the
feasibility of sensorless position control of a DDH actuated
hydraulic bucket arm mechanism of a test platform mining
loader. The approach was to calculate the position of a two
hydraulic cylinder actuating a bucket arm mechanism
using only data from the servomotor controllers driving the
pumps. The position calculation was realized by simulating
the interaction between the DDH unit pumps and cylinder
movement with various cylinder loads and oil
temperatures. The remainder of this paper is organized as
follows. Section 2 introduces test platform, its simplified
simulation model and components and explains the
operational principles of the system. Simulation results and
analysis of error are described in Sections 3. Sections 4 and
5 contain discussion and conclusions, respectively.

2 Simulation model of the test platform

The simulation model is based on a mining loader of
conventional diesel hydraulic type that had its original
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hydraulic system replaced with DDH units and power
system with a diesel-electric hybrid drivetrain. The front
section consists of a boom and bucket. The boom is
actuated by two parallel cylinders and the bucket by one
cylinder. The base of the bucket cylinder is attached to a
linkage mechanism that keeps the bucket angle stationary
during the lifting of the boom. Figure 1 shows a 3D
visualized model of this. Table 1 presents relevant
information for the cylinders. Cylinder frictions were
based on previous measurements with smaller cylinders
and linearly scaled up to the loader cylinder dimensions
[10].

The DDH units are designed to produce flow rates to both
cylinder sides in a ratio that is as close as possible to the
ratio of the cylinder areas. The units consist of an electric
motor, motor controller, belt reduction transmission for
fine-tuning the displacement ratios, intermeshing gear
pumps [11], pressure relief valves, anti-cavitation valves,
cylinder safety valves and oil reservoir.

Table 1. Relevant parameters for the mining loader
hydraulic cylinders.

Parameter Boom cylinder Bucket cylinder
Stroke (mm) 311.15 850
A-side area (mm?*) 10261 18050
B-side area (mm?®)  7096.9 11847
Area ratio 1.4458 1.5236
Static friction (N) 570 760
[10]

Coulomb friction 170 220
(N) [10]

Viscous friction 41000 41000
(N/(m/s)) [10]

Figure 1. Visualization model of the mining loader bucket
arm.

Hydraulic circuit diagram of the boom DDH unit is shown
in fig. 2. The bucket DDH unit is identical with only
different sized pumps and one cylinder. The
instrumentation of the DDH units consist of pressure [12],
temperature [13] and cylinder rod position wire-distance
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sensors [14]. Power is received from a lithium-titanate
battery pack [15] that is recharged by the main hybrid
power system [16]. Table 2 presents relevant parameters of
the chosen pumps. Note that X2 in pump name means that
the pumps are double chambered and the displacement in
the name is for one chamber. X2 at the end means two
parallel pump units, which will work as a single pump unit.

In a DDH system, the pump speed corresponds to fluid
flow and torque to pressure, which in an electric motor can
be measured as voltage and current. Correspondingly, the
fluid flow rate affects the speed of a cylinder and pressure
on the force. There are multiple sources for non-linearities
and errors caused by the nature of hydraulics and its
components, which makes calculating positions of the
cylinders challenging. In addition, parameters of some
components are based on estimations and simple
calculations as measuring them would be impractical.

The estimation of cylinder rod positions is based on a
simulation model of the bucket arm hydraulic systems. The
model consists of kinematics and hydraulics parts. The
model is created in Matlab/Simulink using ready-made
Simscape multibody for kinematics and Fluid power
blocks for hydraulics. Due to the kinematics of the loader
arm, the cylinder loads are not constant during a lifting and
lowering cycle. Thus to simplify the calculation of required
motor torque a simple cylinder model was used with a load
force applied to each cylinder to simulate cylinder
movement dependence on pressure and pump operation.
Since pressure, pump speed and oil viscosity affect pump
leakages, the tests are performed with increasing cylinder
force and varying oil temperature at each subsequent cycle.

Hydraulic cylinder force is caused by pressure difference
acting on the piston surfaces in both piston sides as in
equation 1:

Fp:(pAAcylA_pBAcle) nhmfy, ’ (1)
where F), is the piston force, pa and pg pressures on each
piston side, Ay a and Ay g the areas of the piston sides and
Nwm_en 18 the hydro-mechanical efficiency of the cylinder.
Area on side B is smaller due to the piston rod taking part
of the space.

Piston movement is caused by the pumps forcing fluid into
the cylinder. The piston moves at speed of:

Q, @
vcyl = A_ nvcy, ’

cyl
where v, is the movement speed if the piston, O, the flow
produced by the pump and #, ., the volumetric efficiency
of the cylinder. The pump is able to produce flow dictated
by its rotational speed:

Qp:r’v,,va , 3)

where Q, is flow rate of the pump, 7., the volumetric
efficiency of the pump or relative leakage back through the
pump caused by pressure, V), is rotational displacement and
o is rotational speed.
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The pump volumetric efficiency is particularly important
here as majority of the leakage losses are through the
pump. The volumetric efficiency factor depends primarily
on pressure difference between the pumping elements,
gears in this case and viscosity of the oil. Various factors
affect the pump specific efficiency curves, mostly
clearance gaps between the gears and the chamber surface.
It is known that volumetric efficiency has a more
significant effect on total efficiency. Hydromechanical
efficiency is affected by the internal friction of the pump,
which is in turn affected by the lubricating effect of the
leakage flow. Thus, the mechanical efficiency is also
dependent on pressure and oil viscosity as well as the
rotational speed of the pump [17]. Therefore, this
simulation model uses nominal efficiencies from the
manufacturer’s datasheet. Efficiency variation is calculated
within the pump model with the volumetric efficiency
based on Hagen-Poiseuille laminar pipe flow model.

Table 2. Relevant parameters for the boom and bucket
DDH unit pumps [11].

Y. 4)
p b
rlhm
where 7, is pump torque, dp pressure difference between
pump outlet and inlet and 7, hydro-mechanical efficiency
that consists of friction of mechanical parts and fluid flow.

Hydromechanical efficiency is calculated with equation 4
and volumetric efficiency from equation 3:

V,Ap (5)
nhm: ’
TP
_Q, (©)
nv_ V s
p(JJ

Boom hydraulic circuit

g

motor to pump

Parameter Boom  Boom Bucket  Bucket

pumps  pumps ~ pumps  pumps =

A-side B-side A-side B-side "Hﬁ P I /]

PGII00 PGI100 PGII00 PGI100 r @ 1]

-008x2 - 016x2  -022x2 - va

X2 013+01 X2

1
Total 15.8 * 242 31.6 * 44.4
displacement = = __
(cm?/rev) 31.6 63.2 : : '.
Maximum 270 70 70 172 | |
circuit  work ®
pressure (bar) ’ é J és
. L
Nominal 0.93 0.94 0.95 0.95 — ©)
volumetric T
cfficiency  at Component Model
250 bar and
1450 rpm 1 Electric motor Motenergy ME1304
Nominal 0.91 0.91 0.92 0.93 2 B-side pump HYDAC PGI100
hydromechanic -
al efficiency at 3 A-side pumps HYDAC PGI100
250 bar and 4 Pump pressure relief valve ~ HYDAC DB10P-01
1450 rpm
5 Anti-cavitation valve HYDAC RV12A-01
Maximum 4200 4000 4000 3600
rotational 6 Safety valves HYDAC WS16ZR-01
speed (rpm) 7  Hydraulic cylinder EJC90 original
Gear  ratio, 28/41  41/47  28/44  44/47 § Battery Altairnano 96 V
9

A- and B-side 1.416 1.542
geared  flow
ratio

The torque required to run a pump depends on the pressure
it needs to produce:
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Motor controller Sevcon Gen 4 Size 6

Figure 2. Components of the boom DDH unit. [Courtesy of
T. Lehmuspelto. Aalto University. 2016]

As an example, fig. 3 shows volumetric and hydro-
mechanical efficiencies of several gear pump sizes in
relation to pressure at nominal pump speed of 1450 rpm.
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Of these, sizes 8, 13, 16 and 22 are used. Size 8
efficiencies are available in a similar figure. In the figure, it
can be seen that the volumetric efficiency decreases
linearly with increasing pressure. In contrast, the hydro-
mechanical efficiency increases rapidly at lower pressures
and settles to almost constant but slightly increasing value
at higher pressures. However, these efficiencies apply only
for the oil viscosity and pump rotational speed used for
measuring these graphs. Efficiencies at other oil viscosities
and pump speeds are calculated as described. Direct
measurements of volumetric and hydromechanical
efficiencies is not feasible with the available test
equipment, meaning that efficiencies will only be
calculated in the simulation model and not measured.

Based on fig. 3 and the basic hydraulic equations of pump
flow, pressure and efficiencies as well as piston force, a
hypothesis can be formed for the cylinder movement under
load. When cylinder payload increases, more pressure is
needed to move it, which requires more pump torque.
Higher pressure reduces the volumetric efficiency and thus
causes more flow losses. Thus, the cylinder lifting
movement against the load by flow produced by a pump
revolution should decrease and reversely the lowering
movement should increase. Figure 4 summarizes a diagram
of the interaction between different parts and factors
related in the sensorless position calculation process.

100

=]
o

013

%7/ R
[~

—t

90 3 \
\ 2 \022 \019 0 \013

025
)
3
s,
&
5 nmh
o
=
L
80
70 >
[} 50 100 150 200 250 300 250

Operating pressure [bar]

Figure 3. Efficiencies of several HYDAC gear pump sizes
with VG46 equivalent oil at speed of 1450 rpm. [11]
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Figure 4. Relation between DDH simulation parts in
sensorless position control.

In this study, models of the boom side DDH units is used
as an example. In fig. 5 simplified version of the boom
hydraulics blocks are presented. The hydraulics model is
built based on the original schematics. Input for the pumps
is produced by an ideal rotational velocity source that is
supposed to act as a speed controlled motor. Pipelines add
a significant amount of flow resistance and thus pressure
loss. They also provide additional hydrostatic pressure
dampening by allowing the pipelines to expand, which is
important for the stability of the model as otherwise the
model would be too stiff to allow proper interaction
between the hydraulic and the kinematic parts. The safety
valves are closed during lifting and opened during
lowering according to motor speed. Some parameters of
valves such as maximum opening areas are not given in
manufacturer datasheets so the values are calculated from
other information. Oil used is based on Shell Tellus T 32,
which is VG32 equivalent hydraulic oil meaning it has a
kinematic viscosity of 32 mm?s at temperature of 40 °C.
Viscosity dependancy on temperature data is taken from
Shell Tellus T oils datasheet [18].

& & o
ﬁ Left boom cylinder Right boom cylinder
g —

U D

777 A

‘s

%
;

Boom pump A

Boom pump A

Boom cylinder left A Boom cylinder right A

Left safety valve Right safety valve

- B A

Boom cylinder B

MOlor

Boom pump unit

Boom cylinder A

Figure 5. Simplified presentation of the Simscape model
blocks used for modelling the boom DDH and cylinders.
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Figure 6. Simplified model of the boom pump system.

Figure 6 illustrates a simplified model of the boom pump
system. The pumps are presented by fixed displacement
hydraulic machines, which can work in both pump and
motoring modes. This allows the pumps to run freely in
motoring mode during lowering movements and as such do
not cause disruptions in flow as regular pump model
blocks would. The pump model has included loss
calculation for leakage and friction. The losses can be
computed either analytically or from table data
efficiencies. Since it is often only necessary to verify
whether the pump has specified parameters that are close
enough to required, the manufacturer datasheets of the
pumps only provide volumetric and mechanical
efficiencies at one specific oil viscosity and pump speed
[11]. As it was not feasible to perform leakage
measurements with the real pumps, it was not possible to
form lookup tables for the pump efficiencies at various oil
temperatures and pump speeds, which is why the analytical
method was utilized. For the sake of simplifying the
problem, it is assumed that the physical properties of the
pumps and other hydraulic components such as sealant
wear, do not change. [19]

The analytical efficiency calculation uses mnominal
parameters of the pump to calculate Hagen-Poiseuille
coefficient for laminar pipe flows. The nominal parameters
of rotational speed, oil kinematic viscosity and density,
pressure gain, volumetric and mechanical efficiencies are
taken from the pump datasheet. The nominal rotational
speed is 1450 rpm, oil kinematic viscosity is 46 mm?s at
temperature of 40 °C, density is 872 kg/m® at temperature
of 15 °C and pressure gain is the pump rated pressure of
250 bar. The efficiencies are taken from graphs of fig. 4 at
the points of nominal pressure. Additional parameters
required are No-load torque, which is left as default of 0.5
Nm and friction torque vs pressure gain coefficient, which
is calculated from the volumetric and total efficiencies and
pump displacement. [11, 17, 18]

Other parameters that were not possible to obtain from
datasheets include cylinder frictions and hose flexibility.
The cylinder frictions were estimated based on previous
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measurements of smaller cylinders and scaled to the size of
the mining loader cylinders [10]. While this method does
not provide the most accurate estimates due to differences
in cylinder construction and seals, it grants a perspective to
what scale the actual cylinder frictions are.

Friction torque s is calculated according to equation 7:
4o (7

Thresh D

1,+Kp|A p|tanh

TFric =6

where 7, is no-load torque, Krp is friction torque vs
pressure gain coefficient, Ap is the current pressure gain, @
is current pump angular velocity and @z is threshold
angular velocity between pump and motor mode transition.

The is friction torque vs pressure gain coefficient is
calculated as:

®)
Kp=1.5915%10 "V #| Tuhon _y
nTot

where V, is pump displacement, #,y.» iS the volumetric
efficiency at nominal state and 7z, is total efficiency. The

Leakage flow ¢ is calculated as the current pump
pressure gain times the Hagen-Poiseuille coeffcient Kyp:

Qrea=KuppAp ©
The Hagen-Poiseuille coefficient in this model is
calculated as in:
_ vNom pNom wNom Vp (10)
KHP_ (1_nv,Nom)

pV ApNom

>

where Vnom 1S the oil kinematic viscosity at nominal state, v
is the current kinematic viscosity, pyon 1S the nominal oil
density, p is the current oil density, wy.» is the nominal
pump angular velocity and Apy,. is the nominal pressure
gain.

Due to lack of data on the oil density dependance on
temperature and the assumption that change in density with
changing temperature is small with liquids, in this model
the oil density stays constant. This assumption should not
have a significant effect because as seen in eq. 5, the
Hagen-Poiseuille coefficient depends on the ratio of
nominal and current density. As the density change is
small, it can be assumed that this the value of this ratio will
stay close to one.

As mentioned, problems in modelling the loader arm are
caused by changing cylinder load during the movement as
well as stiffness of the combined hydraulics and kinematic
model. Thus, the model was reduced to only the cylinders
with load forces applied to the piston rods. The test load
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force affecting a cylinder was set between a small force of
1 kN to a force that causes the cylinder pressure to be at
relief valve pressure. Maximum lift force for both boom
cylinders is about 554.1 kN and for the bucket cylinder it is
about 203.8 kN. When the relief valves start to open, part
of the flow is diverted through them, which causes the
cylinder position calculation process be no longer valid
since it assumes that all flow leakage is through the pumps.

Results from running the simulation of cylinder movement
under increasing loads and oil temperature, and measuring
the required torque was saved as table data of motor torque
vs cylinder movement per motor revolution. Positive and
negative movement of the cylinders have their own tables
with the motor direction determining which to use. Since
the simulation was run at variable time step, the amount of
motor revolutions per step varies. Thus, the current
cylinder speed was calculated from the current motor
speed and the cylinder movement per motor revolution.
Integrating this calculated speed gives the cylinder
movement during the time step. Cumulatively summing
the movement steps gives the current position of the
cylinder relative to the starting position. This requires the
maximum time step to set short enough so that there can be
no significant variations of these values during a step.
Figure 7 shows the process flow and the parameters of the
cylinder position calculation in the simulation.

Motor torque (Nm) Cylinder movement table up

and down (mm/rev)
[ —

Cylinde
Oil temperature L Qil kinematic n Sp}; ;d T
°0) viscosity (mm?/s) Motor speed =
(rev/s) (mm/s)
Integrate (mm/step) }q—l
T
Previous step I :
(mm/step) = Cylinder movement per Motor
step up and down k!
1— (mm/step) direction

Cylinder movement
up or down (mm/step)

Cylinder position (mm)

.

Figure 7. Process flow and parameters of the cylinder
position calculation in the simulation model.

Figure 8 provides the explanation for the sensorless control
of a DDH actuated cylinder. The user in this case is the
high-level input source and can be either human or an
automated process that provides control inputs to the DDH
motor controller. The motor controller in turn feeds back
torque and speed data from the motor sensors, which are
used to calculate the cylinder position. This position data is
then given to the user. This way the cylinder position
calculation functions as a normal position sensor for the
user.
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Figure 8. Diagram flowchart for the sensorless control of
DDH.

The following section introduces results of simulated lift-
lower cycles, which test the accuracy of the sensorless
position calculation.

3 Results

Presented in figs. 9 and 10 illustrate examples of a
simulation-based result of the boom and bucket cylinder
movement per pump motor revolution in function of
torque. The bucket motor torque is reverse to the boom due
to the bucket cylinder rod-side being the lifting side and
thus the motor is driven in negative direction. The figures
illustrate that increasing cylinder load and pressure, and
thus torque causes less cylinder movement per pump
revolution during lifting due to increasing pump leakage
and vice versa for lowering. Rapid drop at high torque in
the lifting graph is caused by pressure reaching pressure
relief valve limit. At higher temperatures, oil viscosity is
lower thus causing more pump leakage and lower cylinder
movement ratio. The sensorless position calculation is
based on lookup tables consisting of these graphs at
various temperatures.

1.1
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Figure 9. Boom cylinder movement per motor revolution in
function of torque at various temperatures.
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Figure 10. Bucket cylinder movement per motor revolution
in function of torque at various temperatures.

Figure 11 shows the boom cylinder position at low
cylinder load and fig. 12 with high load based on the
simulated actual cylinder position and the position
calculated with the look up tables. The cycle consist of
running the motor for a fixed amount of time at constant
speed. In these figures, results of a lift-lower cycle of the
boom and bucket cylinders with a low and a high load with
oil temperature of 40 °C are shown as the examples. These
loads are % and about % of the maximum load limited by
the pressure relief valves. The oil temperature of 40 °C for
these examples was chosen as it is in the range of the most
commonly expected running temperature of hydraulic oil,
from about 40 — 60 °C and nominal oil viscosities are most
commonly given at temperature of 40 °C.
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Figure 11. Calculated and actual simulation boom

cylinder position with cylinder Y% load of 129 kN and oil
temperature of 40 °C.
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Figure 12. Calculated and actual simulation boom

cylinder position with % cylinder load of 441 kN and oil
temperature of 40 °C

Figures 13 and 14 show the graphs for the bucket cylinder
with the same conditions. As mentioned, the lift direction
of the cylinder is retraction.
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Figure 13. Calculated and actual simulation bucket
cylinder position with cylinder % load of 48 kN and oil
temperature of 40 °C.
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Figure 14. Calculated and actual simulation bucket

cylinder position with cylinder % load of 162 kN and oil

temperature of 40 °C.
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Figures 15 and 16 present the errors of the boom and
bucket cylinder positions at various load levels. The light
load is again %, medium is %2 and high is about % of the
maximum theoretical cylinder load.

g | |[— Lightload f -
Medium load /

7 b |—High load
maximum load &

Boom cylinder error {mm)
E=N

-1
Time (s)

Figure 15. Error between the actual simulation and
calculated boom cylinder position at various load levels at
oil temperature of 40 °C.
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Figure 16. Error between the simulation true and

calculated bucket cylinder position at various load levels
at oil temperature of 40 °C.

4 Discussion

Presented sensorless position study based on DDH was
illustrated for a mining loader case, however, it can also be
extended for stationary application.

Based on the simulation results, the sensorless positioning
of this DDH system provides sufficient accuracy within
tested conditions for a single lifting lowering work cycle
and chosen medium load. Best achieved accuracy was
within a few millimeters for a single cylinder. During the
movement, the position calculation accumulates no error as
the calculation process is based on simulation of the
cylinder movement with constant motor speed. However,
there is a notable accumulation of error, which is mainly
caused by errors induced during the motor acceleration and
deceleration phases. A typical work cycle of a mining
loader consist of lifting a load and dumping it during
which the cylinder pistons will certainly reach the end-
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points or pass through the middle. Therefore, this error for
repeated cycles can be resolved by adding simple
proximity sensors in the cylinder end or middle points to
be used as reference points for the sensorless position
calculation.

It is also useful to discuss the degree of accuracy needed.
In conventional systems, direct measurement of cylinder
position provides the greatest accuracy at the cost of more
expensive sensor equipment. However, if millimeter scale
accuracy is not needed and centimeters are enough,
sensorless positioning is likely viable and cheaper.
However, direct driven servo hydraulics are needed to
implement sensorless positioning of cylinders. Also
depending on the layout of the DDH system, more pump
units are needed if multi-pump system is chosen. In this
study, the efficiency of the energy storage and power
electronics were not considered in this stage of research.
Consequently, DDH brings advantages such as sensorless
position control but also disadvantages with requirements
of more components and extra expenses. However, further
investigation of these components will be included in close
future.

As such, if direct driven hydraulics are utilized to drive a
cylinder, sensorless positioning almost comes with it. If
parameters of a single DDH unit and the actuator it drives
are known, it is easier to simulate and predict the behavior
of the system since at known pressure level and flow rate
the cylinder moves at constant speed and a constant pump
motor torque and rotational speed is required for this.
However, in some cases it could be difficult to obtain all
the necessary information to build accurate simulation
models of a given system.

In this study, pump leakages were assumed to match the
manufacturer datasheets. Pump leakages are mainly
dependent on fluid viscosity and pressure, which makes
behavior more predictable. Only inaccuracies that remain
are how accurately the pump volumetric and mechanical
efficiencies as well as frictions are defined by the
manufacturer. This becomes a significant source of error in
a more unknown system. The cylinder friction was also
based on assumptions of previous friction measurements
with a smaller cylinder, which is likely to provide in some
amount inaccurate values. Measurements with the mining
loader will be executed for more accurate friction values.
In a real life system, factors such as seal wear cause
additional non-linearity sources, which can be difficult to
predict unless accurate wear models are taken into account.
In addition, properties of the oil change with time as the oil
ages and impurities from various sources mix in. Thus, it
will be easier to implement a sensorless positioning logic
into an EHA unit designed from scratch where all relevant
parameters are known. If the cylinder is separate,
additional measurements will be needed to define friction.

5 Conclusion

This study researched the viability and methods of
sensorless position control of direct driven hydraulic
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cylinder via simulation model. Simulation results of
comparing the actual and calculated cylinder position
during a single lift-lower cycle showed an accumulated
error at high load within about 5 mm for the boom cylinder
and about 10 mm for the bucket cylinder. The error was
smaller at lower loads. The notable error accumulation and
problems near and over the maximum pressure limits
would require means of providing a reference point, for
example with proximity sensors. Further research is
needed to validate the simulation results by performing test
measurements with the real DDH units.
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Nomenclature

Designation  Denotation Unit
F, Piston force [N]
) A-side pressure [Pa]
Ds B-side pressure [Pa]
Aot a Piston A-side area [m?]
Ao Piston B-side area [m?]
— Cylipder hydro-mechanical
efficiency
My eyt Cylinder volumetric efficiency
Vey Cylinder piston velocity [m/s]
0, Pump flow [m?/s]
N p Pump volumetric efficiency
Pump hydro-mechanical
MHim_p efficiency
v, Pump displacement [m*/rev]
T, Pump torque [Nm]
Thric Friction torque [Nm]
T No-load torque [Nm]
S
Ap Pump pressure gain [Pa]
AP xom Nominal pump pressure gain [Pa]
0] Pump angular velocity [rad/s]
Oron I;Ie(ig::iirtl;l pump angular [rad/s]
Threshold angular velocity
O Thresh between pump and motor [rad/s]
mode transition
v, Nom Nominal volumetric efficiency
N1t Total efficiency
Greak Leakage flow [m?]
Kup Hagen-Poiseuille coefficient
Vi Nomir}al oil kinematic [m?/s]
viscosity
PNom Nominal oil density [kg/m?]
P Current oil density [kg/m?]
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Abstract

By combining an electro-hydraulic flow-on-demand system with an independent metering
of the actuators in- and outlet, a higher efficiency and a better controllability compared to
conventional hydraulic-mechanic load sensing systems can be reached. It also enables the
integration of a hydraulic accumulator to recuperate energy due to active loads. This paper
presents an alternative control strategy for this kind of hydraulic propulsion systems. Con-
nected with the pump and during passive loads the meter-in flow controls the velocity of the
actuator. Otherwise the velocity control is achieved by the meter-out flow while the oil flows
into the accumulator or tank. Exemplary this system is simulated for a mobile forestry crane.
Further steps are building up a test bench for optimization and validation as well as an imple-
mentation into a real machine for testing the suitability in use.

Keywords: flow-on-demand, independent metering, control, recuperation, hybrid system

1 Introduction

With the investigation of electronic components the auto-
mation of processes gets more important. This means that
in times of Industry 4.0, machines are fully integrated with
sensors to observe the current status. In mobile machines
this leads to change the current manual hydraulic-mechanic
actuation to automated electro-hydraulic actuation. A first
step is to change the hydraulic-mechanic components of the
hydraulic system with obtainable electric-hydraulic compon-
ents. Hereby the possibility to improve the efficiency of mo-
bile machines is increased. [1]

For this, Scherer presents in [2] an electro-hydraulic flow-
on-demand system (eBSS) which needs an electric actuated
pump and valves. eBSS may reduces the used energy of the
pump up to 10-12 % depending on the application and the
load cycle of the machine. This is caused by the reduction
of pressure losses between system pressure and load sensing
(LS) pressure from usually 10-30 bar in LS-systems [3] to 8-
10bar in eBSS-systems, cf. fig. 1 diagram (I) & (II). In LS-
systems the LS-pressure losses can also be reduced by pump
pressure settings, but this influences the dynamic behaviour
of the system [2].

Actuating the pump and the valves simultaneously by the
same control signal, such control is more immediately and
comfortable [2].

Due to the electro-hydraulic actuation of the valves, the con-
secutive step is to separate the meter-in and meter-out control
edge, which is well researched by [4], [5], [6].

Peer-reviewed Paper, 161

Accepted for publication on 2017-04-27.

Nomenclature: actuator 2 = active Load Nomenclature: Actuator 2 = active Load

A 1,2 actuator A 1,2 actuator
p FP functional principle D, EP energy potential
mx | s load sensing mx [ MB orifice
MB orifice P power
P power PVFP V losses /PEP
JEEEEED ., || Bl “'
Ls
Py Pos
Py Pe
Q Q
[ [
N Ef
@ @
4 ’ S P R
> >
flow rate Q Q. flow rate Q Q.

Figure 1: Pump performance for several systems:
(I) LS-system, (II) eBSS-system [2]

Especially Axin declares in [4] different kinds of operating
modes called normal operation mode, regenerative operation
mode, energy neutral operation mode and recuperative oper-
ation mode. These new modes can reduce the needed pump
performance as shown in the diagrams (IIT) & (IV) in fig. 2.

Based on the proposed systems, this paper will show a con-
trol strategy using the electro-hydraulic flow-on-demand by
separating the actuators meter-in and meter-out control edges
and implementing a hydraulic accumulator due to the possible
operating modes.
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Nomenclature: actuator 2 = active Load Nomenclature: actuator 2 = active Load
A\ 1,2 actuator A\ 1,2 actuator
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Figure 2: Pump performance for several systems:
(111) eBSS+IM-system, (IV) eBSS+IM-system with hybridiza-
tion [2]

1.1 Operation Modes

By using independent metering, it is possible to choose
between several operation modes. To classify these opera-
tion modes, it is necessary to monitor the actuators status and
match it with the possibilities to connect the actuators in- and
outlet with the pump, tank or accumulator.

The actuators status is defined by its movement and the res-
ulting forces due to the loads, friction and pressure, see fig 3.
The resulting force £y, to an actuator is defined in equation
(1). For the following explanations, a differential-cylinder is
used as an exemplary actuator.

Froaa = pB-AB — pa-Aa + Frric (D
p\A active pg passive
! FLoad [ ] I:Load
e
- FFric — FFric
VA /Q\x Vi K /Q\«
L] L

Figure 3: Active and passive loads

‘When both, the motion and load force vector have the same
direction, the status is called active load, otherwise it is a pass-
ive load. In passive load situations, an actuator is always
moved by the flow rate of the pump. In this paper, the ac-
tuators movement is referred to as the movement demanded
by an operator. The decisions in the controller design will be
independent of the measured actuator velocity.

Separating the meter-in and meter-out control edge gives the
possibility to connect the actuator as shown in fig. 4. In
normal operation mode (NOM), the inlet is connected to the
pump, the outlet to the tank. With an independent metering
it is possible to optimize the meter-out control edge throttle
losses [4]. Furthermore, the regulation of the meter-out con-
trol edge influences the pressure in the inlet chamber. With a
pressure control of the inlet chamber, the system can be forced
to be in passive load status. Therefore, cavitation in the inlet
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chamber can be minimized. The velocity of the actuator is
adjusted by the meter-in control edge. The same functionality
is offered by a lowering brake valve.

NOM RgOM

section valve

section valve

L] sectionvalve | ' |
EOM RcOM

Figure 4: Possibilities to connect an actuator with separate
control edges; NOM - normal operation mode, EOM - en-
ergy neutral operation mode, RgOM - regenerative operation
mode, RcOM - recuperative operation mode

Connecting the pump with the in- and outlet of the actu-
ator, the operation mode is called regenerative operation mode
(RgOM). RgOM can reduce throttle losses in hydraulic sys-
tems with great pressure differences between the various ac-
tuators [4]. This is caused by increasing pressure due to a
smaller operation area. The oil supply by the pump is re-
duced in amount of the out-flowing oil, see equation (3). In
this paper the RgOM is neglected, because it will increase the
complexity and the number of necessary components.

Opump Nom =Qn )
QPump,RgOM =0 — Qou (3)

The energy neutral operation mode (EOM) is a special part
of regeneration. Here the actuators chambers are connected
to the tank, so the flow rate to the inlet is the sum of the out-
flowing oil and, if necessary, oil from the tank, see equation
5. No oil from the pump is needed here. This reduces the
throttle losses as well as the demanded power by the primary
energy supply and in addition influences the oil temperature.
Here, the meter-out orifice adjusts the actuator’s velocity. [4]

Opump.Eom/reom =0 4

because of

an = QOur(+QTank) (5)

The last operation mode is the recuperative operation mode
(RcOM). This mode is very close to the EOM. Instead of
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connecting the outlet with the tank, it is connected to the ac-
cumulator [4]. Therefore, a reduction of pressure losses will
be achieved by a smaller pressure difference between the actu-
ator’s outlet pressure po,,; and the rising accumulator pressure
PAcc, see figure 5. Like in EOM, the meter-out orifice is used
to control the actuator’s velocity. This operation mode will
be preferred by active loads and swaps with the EOM during
operation.

Nomenclature:
A\ 1,2 Actuator
P T EP Energy Potential
P Power
V  Losses
Pv,nmma\ ’(\/vhybnd
Rou ---- T
pa“’ \
max
b Pacc,
o min
=
2 Pep
o
4
e 3
L

flow rate Q Vo Vo
accumulator volume V

Figure 5: Throttle losses for active loads: relaxing to
tank(left) and to accumulator(right); throttle losses to accu-
mulator depends on pgce

The way of using the RcOM strongly depends on the given
load situations and the operations strategy. In this paper, the
authors primarily focuses on buffering energy into the accu-
mulator. The buffered energy will not be used in a specific
way. More information and possibilities to use the recuperat-
ive potential can be found in [7] or [8].

The accumulator can also be used to reduce the throttling
losses at the section valves during the NOM. Siebert wrote
about this possibility in [9]. The current paper focuses on the
filling of the accumulator without evoking a unsuitable oper-
ation behaviour for the operator.

2 Application to a Mobile Forestry Crane

Within a public funded research project at the Karlsruhe Insti-
tute of Technology (KIT), the following controller design will
be tested on a mobile forestry crane like in [2] with the eBSS
system before. First of all it is tested in a simulation, then
on a test bench and finally the system will be integrated in a
demonstrator. For that, the following lines show the system
structure and the provided controller design.

2.1 System Structure

The electro-hydraulic flow-on-demand system integrates a
load independence due to individual secondary pressure com-
pensator [2]. The system is a flow-sharing system, which
means during a higher demand of flow rate than the maximum
flow rate of the pump, all actuators will operate with a re-
duced velocity. The displacement of the pump is adjusted by
an electro-hydraulic controller which controls the delay angle
of the swash plate [2]. The pump controller is overlain by a
pressure control valve which regulates the maximum pressure
of the hydraulic system, cf. fig. 6.
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The position of the section valve spool is forced by the
control-signal u. For this, the section valves are equipped with
an internal position control of the spool. Thus, it is possible
to match the actuators flow rate via the section valves to the
current displacement of the pump.
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Figure 6: eBSS-system with conventional valve (I) and with
separated control edges (1I)

For each section, the current 8/4-valve will be replaced by
two 4/3-valves, so the in- and outlet of an actuator can be
controlled independently. Figure 6 shows a hydraulic circuit
with two actuators including all needed components for all
possible modes. While actuator one (left-handed) is equipped
with the conventional section valve, the second actuator is
equipped with the new section valve. Each valve possess a
secondary pressure compensator.

As mentioned in 1.1, the regenerative operation mode
(RgOM) could only be realized in this system by adding a
valve from the outlet to the inlet between the actuator and the
section valves, cf. fig. 6. This is necessary to omit the sec-
ondary pressure compensator and allow a flow rate from the
inlet to the outlet. For now, this mode is not considered.

To include the hybrid system in the hydraulic circuit and thus
the recuperative operation mode (RcOM), it is necessary to
reroute the out flowing oil. This will be done by a 3/2-valve
in each line of the actuator, cf. re-routeing valve in fig. 6. In
several modes, those valves can redirect the oil to the accu-
mulator. Depending on the operation strategy, it is possible
to use only one or more accumulators in the system. For this
choice, e.g. the actuators pressure level will be one criterion.

To control the actuators velocity, it is also necessary to imple-
ment a flow rate controlling component to the accumulator.
In this paper, it is represented by an orifice (throttle valve), cf.
fig. 6. To reduce the needed pressure difference compared to
regular flow-control valves, this element will be realized by a
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proportional throttle valve, where the flow rate is controlled
by eq. (7).

This bases on the formula for orifices after Bernoulli, eq.
(6) [10]. ap is the flow coefficient and p is the density of the
oil. Both are assumed to be constant for this controller design.
Therefore, K is a composition of all constant values in eq. (6).
The actuator’s out-coming flow rate Qo s is equal to the
flow rate to the accumulator Q4... So the spools position y
will be controlled in dependency of Qa.. and the difference
between the actuator’s outlet pressure po,; and the accumu-

lator pressure pa... Several researches have been done on this
topic by [11] and [12].

2
Q:an\/;'A(y)'\/ATU ©)
Oace = QOut,ref =K Y \/Pour — PAcc @)

A similar control strategy will also be used to control the flow
rate to the tank. This will be discussed in detail in the next
section.

2.2 Controller Design

The primary task of this controller design is to decide which
operation mode (OM) is temporarily the best for energy sav-
ing and safety. The RcOM is the most energy efficient but
also, because of its conditions, the most unstable OM. The
next efficient mode in this ranking is the EOM, because no
primary energy is used, but the throttle losses are higher than
in RcOM. The NOM has no efficiency advantages compared
to a conventional LS-system. However, NOM is the most
stable OM compared to EOM and RcOM. Therefore, it is used
as the fall-back OM in critical situations.

To choose the right OM, the controller combines the oper-
ator’s requested movement, detected by the joystick-signal
Ujoy, and the actuator’s outlet pressure po,, as well as the ac-
cumulator pressure pa.., cf. fig. 7. In parallel, the control-
ler calculates (calculator block) different control-signals for
each OM, depending on the current system status. A simple
boolean algebra (mode switch) then decides which control-
signals (up,, up,) are released to the adjusted section valves,
cf. fig. 7. The valve to control the inlet flow depends on the
actuators movement. Figure 7 shows exemplary the signal
routing for the extension of the cylinder.

The mode switch consists of several decisions. The sequence
for these is shown for a predefined situation in fig. 8. A grey
cylinder chamber implies high pressure. At first the controller
design has to check the moving direction due to uy,y. This
leads to the information which chamber is the outlet of the
actuator and so it is possible to allocate the calculated control-
signals to the specific valve.

The next important information is to know the value of po,;.
The controller design assumes for a closed section valve, that
an active load situation is represented by an high pressure at
the actuator’s outlet. If the value of po,, is higher than the up-
per limit proum.on, the controller design will activate the EOM.
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Figure 7: Scheme of the controller design

Using only the independent metering without the hybrid sys-
tem, the mode switch of the controller design is complete and
does not need any other conditions.

To include the RcOM, there are more selections needed, cf.
fig. 8. To swap between EOM and RcOM the controller
design has to check if pg,s is able to transport oil into the
accumulator. For this, the condition in eq. (8) has to be ful-
filled [13].

DPOut — PAce > APLosses + ApRcOM,an ()

The left part of the equation is the maximum pressure differ-
ence possible to force oil to the accumulator. The right part
consists of the current pressure losses Apyosses in the piping
from the outlet to the accumulator plus the upper switching
condition Aprcom.on- APLosses Variates with the flow rate and
the operation of the throttle valve to the accumulator. The
throttle valve losses can be calculated by eq. (6).
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Figure 8: Selection sequence of the mode switch block
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Working with discrete OMs has the disadvantage of periodical
switching between different OMs. This can influence the sys-
tem’s stability and its suitability in use badly. Like in a two-
point switch, there is a higher and a lower switching condition
to minimize the frequency of such situations. The function of
the two-point switch is shown in fig. 9. If the new OM is se-
lected at time f1, a PI-controller will align the control-signal
of the current OM into line with the control-signal uy, /0,; 0f
the new OM. In fig. 9 the control-signal changes from NOM
to EOM. On account on that, the control-signal is a steady
function. All these features have influences on the dynamic
behaviour of the system and have to be adapted for a per-
formance accepted by the operator.

ON -

OFF-

|

| |
| |
t} tht

Figure 9: Representation of the two-point switch behaviour
of the mode switch and the matching of the control-signals

Another problem shown in [2] is the behaviour of the con-
troller, when an actuator drives against obstacles or reaches
its end stop. At that moment, no oil flows to this actuator,
but the operation signal would still adjust the pump. An in-
creasing velocity of the active actuators is the result of this
effect, while simultaneously the system pressure raises to its
maximum. A maximum system pressure closes all individual
secondary pressure compensator, so all other active actuators
will stop afterwards. [2]

To avoid this, Scherer overlays the operation signal with an
individual section pressure-control, which reduces the de-
mand of oil for the regarded actuator [2]. The same safety
mechanism will be used in this controller design.

2.2.1 Calculating the Control-Signals

According to [4], the current implemented controller design
considers the normal operation mode (NOM), energy neut-
ral operation mode (EOM) and recuperative operation mode
(RcOM). The operator controls the inlet flow rate Oy, .y With
an operation signal uy,, via an operator specified look-up
table. This leads to the option making the controller design
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more aggressive or soft. By using the look-up table, the the-
oretical outlet flow Qous,rer is predicted in eq. (9). o is the
surface ratio of a differential cylinder. For actuators without
a transforming property, the surface ratio o is equal to 1.

an,ref :f(u.loy)

A
QOut,ref = an,ref , with & = AOIW )
n

During the NOM, the control-signal uy, for the inlet chamber
is directly controlled by uj,y. The actuator is connected to
the pump and the secondary pressure compensator. This en-
sures a load independent flow rate. The position of the outlet
valve spool yo,, is calculated with eq. (11). Ap is the dif-
ference between the actuators pressure in the outlet chamber
Ppouw and the pressure of the tank pr. No other influences are
considered. The control edges flow surface Acg 0. is estim-
ated according to equation (10). Acg 0. can also be repres-
ented by a look-up table to consider the proper geometry.

To avoid failure calculations because of complex solutions,
caused by the square root in eq. (11), the outlet control-signal
uoy will change to a value proportional to the inlet control-
signal uy,. The proportional factor depends on the behaviour
of the meter-in and meter-out control edge. To prevent cavit-
ation in the inlet chamber, an additional pressure control will
reduce the outlet control edge percentile to the calculated, see
fig. 10. This control forces the system to be always in a pass-
ive load status. It is comparable to a load control valve.

ACE,Out =T dSpool *YOut (10)
a .
an,ref (11)

Yout =K-

ap - \/% ﬂ'dSpool' \% Ap

Uout

Pi-Contr.

Figure 10: Pressure control of the inlet chamber
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Only in active load situations the EOM and the RcOM are
used. In both OMs, the inlet chamber is completely connected
to the tank, so the actuator has the ability to pull oil from the
tank line with less losses as possible. In EOM, the actuator
can also use the outlet flow rate, which reduces the required
flow rate from the tank. During the retraction of a differential
cylinder, the outlet flow rate is higher than the inlet flow rate,
thus no oil from the tank is needed. The position of the outlet
control edge is also calculated with eq. (11). While in EOM
Ap is the pressure difference between the outlet chamber and
the tank line, in RcOM Ap is the pressure difference between
the outlet chamber and the accumulator, including all other
pressure losses, cf. eq. (8).

3 Simulation

The controller design is tested in a co-simulation model first
for only one actuator, later for the hydraulic circuit of a mo-
bile forestry crane. Both hydraulic circuits are built up in the
simulation software DSHplus. The controller design and the
virtual operator are built up in Matlab/Simulink. The section
valve is represented by several orifices, which directly acts
by the spool position. The spool position is calculated by
the controller design without considering any valve dynamics.
The influences of pipes, current losses and others are partially
considered. The pump is driven by a constant speed. The load
cycle for the mobile forestry crane is given by [2], cf fig. 18.
In the following subsection, the results of the single-actuator
systems will be discussed explicitly.

3.1 Load Cycles for the Single-Actuator System

Several tests are needed to investigate the usability of the con-
troller design. Here a differential cylinder is used as a single-
actuator, cf. fig. 6 actuator two. The cylinder will extend
and retract under several load conditions. A virtual operator
(VO), which is represented by a closed-loop control of the
pistons’ position, is used to operate the cylinder. Therefore,
it is possible to examine the operation commands, which will
show the suitability in use. The VO is implemented accord-
ing to [14]. The errors of the piston’s position will be calcu-
lated with eq. (12). x,.y is the reference position and x;. rep-
resents the actual position related to the different test cycles

(xVO/Ffzoo/f100/100/200/0LC)'

max( |Xref —xtc|)

max(Xref) (12

A-’Cmovc,ref =

To create a reference cycle, the movement of the cylinder was
simulated by an open-loop control of the system. Therefore,
a constant operation signal uy,r.r is used and no load is ap-
plied to the cylinder. u,y, .y and the resulting movement x,
are shown in fig. 11. This movement is used as a reference
path for the VO, which tries to follow the path under differ-
ent loading conditions. As shown in fig. 11, the VO induces
a delayed operation signal uy,y,vo causing a displaced move-
ment of the cylinder.

The maximum absolute error appears for the maximum of
ujoy = 100% in amount of Axpux 100 = 6,2%. For uje, =
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60% the absolute error between the nominal path and the
controlled path is Ax,uc60 = 4,6%. The smallest error is
caused by an operation signal of u;,, = 30% in amount of
AXnax 30 = 3,2 %.
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Figure 11: Piston’s position X,y as the result of an open-loop

control of ujeyrer and the position xyo as the result of the

closed-loop control represented by the virtual operator signal

Ujoy,VO

An overview of the different load conditions is given in fig.
12. Test cycle 2 shows the behaviour of the cylinder for dif-
ferent constant loads (100kN,+200kN) during the whole
test cycle. This represents for example the boom cylinder of
a crane.

Test cycle 3 represents a load, which changes its direction ab-
ruptly during extension and retraction. During extension, the
load changes from pulling to pushing (—200kN to 200kN),
for retraction vice versa. The duration of the load change
amounts t0 Afcpange = 0,2s. This load situation can be found
in similar manner e.g. at the gripper or the stick cylinder of a
crane.

300

200
100 /
0

-100

|—test cycle 1 - -test cycle 2 —test cycle 3
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-200

-300 L L L L L |
1 2 275 3 4 5 575 6 7
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Figure 12: Load cycles for the single-actuator system

3.2 Discussion of the Single-Actuator System

To discuss the different load cycles, the author describes the
cylinders movement, the control-signals, the behaviour of
pressure and flow rate and the opening positions of the sec-
tion valve’s control edges.
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3.2.1 Test Cycle 2

The results of test cycle 2 indicate that the cylinders move-
ment is influenced by an absolute error in amount of
Axpax ref = 7,5 % compared to the reference position X, cf.
fig. 13. Considering the maximum error of the VO Ax,,4y 60,
the total absolute error is ca. Axuaxvo = 2,9 %, cf. eq. (13).

Axma}c,VO = Axmax.ref - Axmax,GO (13)

The operation signals for a constant load of F = 100kN and
F = 200kN show a distinctive amplitude at the beginning of
the extension at t =~ 1,5s, cf. fig. 13. This is caused by the
structure of the VO, which tries to minimize the gap between
the current pistons’ position xz209/r100 and the nominal po-
sition x,.r. This gap results from the initial conditions of
the simulation and has been neglected for this research. This
leads to an acceptable suitability in use for actuators charged
by constant loads.
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Figure 13: Piston’s position of test cycle 2 and the operation
signals of the VO for the different load cases; oy, rey = 60 %

The system pressure pgy only rises, when the pump is con-
nected to the actuator, cf. + = 1,5s5t0 3,55 in fig. 14. The
reason for the rising pressure at 1 = 5s can be found in the
mode switch of the controller design. In nominal position the
OM of the system is the NOM, cf. status II in fig. 14. By
adjusting u,y, at first the pump is connected to the actuator
for a short duration until the control-signals for the EOM are
released and the pressure drops. This time is long enough to
transfer the pressure from the section valve to the pump.

One critical problem of the system is cavitation during the
EOM, here during retraction. One possible way to solve this
problem is adjusting the PI-controller of the pressure control,
cf. section 2.2.1. Further criteria to activate EOM can help to
reduce cavitation too. For example, the flow rate demanded
by an actuator can be compared with the sum of the back-
flowing oil of other simultaneously operated actuators. If no
oil is available, the EOM will not be activated. Furthermore,
a by-pass from the tank to the necessary actuator, can avoid
high pressure losses on the line.
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Fig. 14 also shows the flow rate of the pump and of the con-
trol edges of the section valve. Qpy and QOpp are the flow
rate from the pump to the cylinder chambers A and B. Qur
and Qpr are the flow rate from the actuator to the tank line.
During extension, status (I), the pump supports the actuator
and the pressure in the outlet chamber manners po,; = 2 % of
Pmax- During retraction, the pump is not used any more and
the required flow rate of the actuator will be supplied by the
tank-line.
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Figure 14: Pressure of the system and the cylinders’ cham-
bers A and B in test cycle 2 (F = 200kN), cf. 3; flow rate
of the pump and the control edge of the section valve; PA/B -
pump to chamber A/B, A/BT - chamber A/B to tank line

3.2.2 Test Cycle 3

Test cycle 3 is operated in a closed-loop control (CLC) by the
VO as well as in an open-loop control (OLC) for a given oper-
ation signal uj,, = 60 %. This test shows the behaviour of the
system, when the operator does not adapt to changing loads.
It also shows the ability of the operator to stabilize the system.
While in OLC, the piston drifts away, xpzc, and causes an er-
ror of Axpaxorc = 12% to the reference path x,.r, the VO
can stop this drifting by its fast, but short reaction, ujey,vo
and control the system into the new OM, cf. fig. 15. So the
maximum error can be reduced to Ax;uaxvo = 5 %. Compared
to test cycle 2, the operator only has to stop for a short time
or, in this test cycle, the operator has to expect a step of the
piston from about Axy,, = 3 % with respect to the maximum
extension of the cylinder x,,,,. The amount of the step gen-
erally depends on the current operation signal u;,, and the
magnitude of the load change.

Figure 16 shows the pressure and the flow rate during test
cycle 3, controlled by the VO. The pressure in the actuators’
chambers changes with the magnitude of the load. When the
load swaps from pulling to pushing the pressures in cham-
ber A and B are equal. Then the piston accelerates because
of the active load situation and the VO reacts by an opera-
tion signal into the opposite direction, cf. fig. 15 at¢ ~ 2,8s.
This entails that the actuators status for the controller design
changes to passive load and the pump is connected to cham-
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Figure 15: Piston’s position of test cycle 3 and the operation
signals of the VO and accordingly of the OLC for the different
load cases

ber B, what causes an increasing pressure in that chamber, cf.
fig. 16 atr =~ 2,8s. So the force is held by the section valve
and can now be controlled by the meter-out orifice to the ac-
cumulator, which is not shown in the diagrams. In fig. 16 itis
recognizable, that orifice AT has a positive flow rate and thus
in-flowing oil. Out-flowing oil is not mentioned, because in
this moment, the oil flows into the accumulator.

The problem of cavitation still remains during the EOM,
which is one point to be focused on in the further research.
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Figure 16: Pressure of the system and the cylinders’ cham-
bers A and B in test cycle 3, cf. fig. 3; flow rate of the pump
and the actuator; system is controlled by the VO; PA/B - pump
to chamber A/B, A/BT - chamber A/B to tank line

A look to the upper diagram of fig. 17 shows the opening
position ypa /pg/ar /pr Of the control edges for test cycle 3 op-
erated by the OLC. When the load changes its direction, the
mode switch of the controller design swaps the operation sig-
nals from NOM to EOM. The valve controlling chamber A
changes from the pump to a fully opened connection to the
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tank. The valve for chamber B also opens to the tank, but
with the position calculated according to sec. 2.2.1. The
lower diagram of fig. 17 shows the opening position of the
control edges operated by the VO.
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Figure 17: Opening of the section valves control edges due
to the signals of the controller design during the load change.
OC - open-loop control, VO - virtual operator;, PA/B - pump
to chamber A/B, A/BT - chamber A/B to tank line

3.3 Potential for the Mobile Forestry Crane

The controller design is implemented in a simulation model
of an hydraulic circuit consisting of three actuators. The first
actuator is a boom cylinder, the second represents a group of
slewing cylinders and the last one is a rotation unit of the grip-
per. Each actuator is actuated by the same adjustment of the
virtual operator (VO), who tries to follow the given positions,
cf. fig. 18. Simultaneously, a given load is applied on the ac-
tuators. Thus, this simulation represents a typical load cycle
of a mobile forestry crane. The actuators positions and the
given loads are shown in fig. 18. The data were measured and
defined by Scherer [2].

The red deposited surfaces show the potential periods for the
boom cylinder to be controlled by EOM or RcOM during the
load duty cycle.

Four different kinds of systems are shown in fig. 19. The first
system is the normal electro-hydraulic flow-on-demand sys-
tem with conventional valves. This system acts as the refer-
ence one. For the second system, the conventional valves are
replaced by separated control edges. In the controller design
only the normal operation mode (NOM) with a pressure con-
trolled inlet chamber is implemented. The third system uses
the energy neutral mode (EOM) to disconnect the pump dur-
ing active loads. This mode is only implemented for the boom
cylinder, because this actuator is most suitable for the EOM.
The last system includes an hydraulic accumulator, so the sys-
tem becomes a hybrid system with the possibility to recuper-
ate energy.

For every system, the used hydraulic energy Ep,q, of the
pump is calculated by eq. 15. The energy stored in the ac-
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Figure 18: Load duty cycle of a mobile forestry crane; actu-
ator movements and loads [2]

cumulator is calculated equally by using the pressure of the
accumulator and the flow rate into it.

PHydr :ApSys : QP (14)
EHydr :/PHydrdt (15)

The energy demand of the pump during one duty cycle sums
up to Epyygr = 353kJ for the first system. Compared to the
second system, the energy saving potential is 0.85 %. With
the introduction of the EOM in this application, it is possible
to reduce the energy demand up to 18.7 %. Introducing the
hydraulic accumulator and the RcOM, the energy demand of
the pump is nearly the same as of the third system. However,
now it is possible to use recuperated energy of app. 8.8 % of
the energy demand of the pump.
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Figure 19: Energy demand of the pump for different systems
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4 Outlook

During preparation of this paper, the installation of the test
bench is still in progress, so the first results are expected for
autumn 2017. On the test bench, the calculated values in sec-
tion 2.2 will be used as an orientation to generate the actuation
signals via look-up tables. This will allow a safe controlling
of the actuators without measuring the flow rate. Building up
the test bench will give more information about problems and
operating feedback.

In a last step the tested and evaluated system will be imple-
mented in a prototype to achieve information about the effort
and influences on the forestry crane.
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Nomenclature
Designation Denotation Unit
EOM energy neutral operation mode -
eBSS electro-hydraulic flow-on- -

demand system

M independent metering -
LS load sensing -
NOM normal operation mode -
oM operation mode -
OLC open-loop control -
RgOM regeneration op. mode -
RcOM recuperation op. mode -
VO virtual operator -
a surface ratio -
op flow coefficient -
P density of oil [kg/m?]
Ap/B surface chamber A or B [m3]
ACE.out flow surface control edge [m3]
A surface inlet chamber [m3]
Aout surface outlet chamber [m3]
Eyar hydraulic energy [J]
Froad resulting load force [N]
K constant -
0 flow rate [I/min]
Oace flow rate to accumulator [1/min]
Om inlet flow rate [/min]
Olmnref ideal inlet flow rate [1/min]
Qour outlet flow rate [/min]
Qout ref ideal outlet flow rate [1/min]
Opump,NoM flow rate in NOM [/min]
OPump,RgOM flow rate in RgOM [/min]
Opump,eom/rReom flow rate in EOM or RecOM [I/min]
OTank flow rate to the tank [I/min]
Priyar hydraulic power [W]
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Designation Denotation Unit
dspool diameter of valve spool [m]
Ap pressure difference [bar]
APprosses pressure losses [bar]
Apo Ace pressure for full opened valve [bar]
ApRreom.on upper limit for RcOM [bar]
Pa/B pressure chamber A or B [bar]
PAce pressure of accumulator [bar]
DPEOM,on upper limit for EOM [bar]
Pout pressure outlet chamber [bar]
pr pressure tank [bar]
DSys system pressure [bar]
Atchange duration of load change [s]
H moment of mode switch [s]
u several control-signals [-]
Un/Out control-signals to section valve  [-]
Ujoy,... operation signal [-]
UPymp operation signal of the pump [-]
y valve spool position [m]
Yout outlet valve spool position [m]
Ypa/PB/AT/BT  Opening position of control edge  [-]
max several maximum errors [-]
Axgtep error by load change [-]
Xref reference position [m]
Xtc position in test cycle [m]
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Abstract

During past decades digital hydraulic technology has become the new trend in hydraulic area
due to less consumed power, better controllability and larger tolerance of contaminations. In
some digital hydraulic systems, PWM controller is applied to regulate the system flowrate.
Thus pressure pulses and switching power loss resulted in by high frequent switching becomes
the challenge of digital hydraulics. In this work, it aims to develop a control system where the
digital valve always switches off at the moment when the value of the flowrate through the
valve is around zero. In this paper a Zero-Flowrate-Swiching (ZFS) control system is presented
in a application of a typical 2-valve digital hydraulic system. Operating principles and
mathematical models are presented in the paper. According to the simulation results, the system
with ZFS controller consumes 14.7% switching power loss compared to that of a Hard-
Switching (HS) control system. This gives a bright sight view that ZFS control method can be a
potential solution for pressure pulses and switching power loss resulted by high frequent

switching in digital hydraulic systems.

Keywords: Zero-flowrate-switching (ZFS), digital hydraulics, energy efficient.

1 Introduction

In 1988 Muto proposed a 2-way-solenoid-valves-system
with PWM control for a hydraulic actuator [1]. In last
decades digital hydraulic systems with different
configurations have been more and more researched due to
their potentials in higher efficiency performance and better
characteristics of control methods. In 2000 Mattila
published a two-valve actuator instead of a servo hydraulic
system to actuate a manipulator arm with a load of 620kg
[2]. The proposed actuator have saved 15% of the total input
energy. Peng compared the performance of four digital
hydraulic systemsw with different configurations [3]. The
results indicate that two-valve digital hydraulic systems
show better energysaving performance than other systems.

However pressure pulses are the main challenge for the
application of such digital hydraulic systems. When a digital
valve switches off suddenly with high pressure and large
flowrate, large pressure pulses would occur. During this
process, energy would be wasted as switching loss and
pressure pulses would make system response less accurate.

ZFS control method is to make valve switch off when the
flowrate through the valve is reduced to zero[4-5]. In earlier
work, ZFS control method is only modeled without cylinder
load. Thus, dynamic capacitance from the cylinder is not
included in old models. In this paper an improved Zero-
Flowrate-Switching (ZFS) control method is applied in a
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two-valve digital hydraulic system. Capacitance from the
load cylinder is included for better controllability.

This paper is organized as following sections. Section 2
introduces the operating principles and mathematic model of
a ZFS control system applied in a typical 2-valve digital
hydraulic system. Section 3 presents simulation results for
the tested systems.

2 A ZFS digital hydraulic system

A typical 2-valve digital hydraulic system is concerned in
this paper (shown in fig. 1). In this system valve 1 and valve
3 are used to control the directions of the flow. Two flow
paths are presented by white/black arrows, respectively. In a
ZFS control system, an accessory line (a resonant line) is
mounted paralleled with valve 1 (shown in fig. 2). Small-
amplitude waves in pressure output of regular pumps are
used as the excitation of the resonant line. When the
cylinder is retracting, the fluid goes as white arrows guide,
valve 3 works at low pressure, switching loss is minor and
pressure pulses can be ignored; when the cylinder is
extending, the fluid flows following black arrows. During
this process, valve 1 and valve 2 work at supply pressure.
Large pressure pulses and considerable switching power loss
happened here. Thus a ZFS control unit is designed here. A
ZFS unit contains two parallel lines: one consists of valve 1;
the other is accessory line which includes valve 2, a
hydraulic capacitance and a hydraulic inductance. Valve 1 is
the main control valve which is responsible for regulating
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flowrate for the cylinder when extending. When valve 1 is
about to switch off, the accessory line starts to work until
both valve 1 and valve 2 switch off at zero-flowrate
moment.

E
P1AY —
A
—
Valve 1
Il
g
Qs
. +—| Supply
ﬂ |_§ (— Pressure
Valve 3
L
Figure 1 Schematic of a digital hydraulic system with two
digital valves
PaAs F
P1A| —
A N B
— ——

Valve 3

l

<
Qo
5
[
Ps/Qs

Valve 2
Supply
Tank N (—
an Pressure
(——— Hydraulic || Hydraulic
Inductance || Capacitance

Figure 2: Schematic of a ZFS digital hydraulic system.

2.1 Operating principles during extending process

When the cylinder is extending, valve 1 works at high
pressure, thus an accessory line is designed to make the
valves switch off at zero-flowrate moments. The schematic
of the system for extending motion is presented in fig. 3.

Pa Ps

L
3

Q1
4—

Valve 2

Supply
Pressure

Figure 3: Schematic of a ZFS Unit.
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The switching-off process is provided into four modes.
Mode 1

In mode 1, valve 1 is on and valve 2 is off. Valve 1
functions the main control valve which regulates the load.

Mode 2

In mode 2, valve 2 switches on while valve 1 still keeps on.
Both the supplier and the RLC oscillator (shown in fig. 4)
supply flow to the load.

Valve 2
Sinusoidal Sinusoidal
Flowrate Pressure
(— (—

RLC Resonator

Figure 4: A Hydraulic RLC Resonator.
Mode 3

When the transient value of the sinusoidal flowrate out from
the RLC oscillator is equal to the value of required Qa, the
flow from both the supplier and rod-side of the cylinder is
relived, the system switches to mode 3: valve 1 switches off
at zero-flowrate moment, the accessory line supplies the
load independently.

During this mode, the resonant flowrate is reduced gradually;
After it oscillates back to zero, it flows to the opposite
direction.

Mode 4

When its value is equal to Qg+Qsmax, the flowrate along
accessory line is zero. Then valve 2 switches off, the system
works in mode 4.

The state matrix of the valves are shown in Table 1.

Table 1 State matrix of the valves

Operating Modes Valve 1 Valve 2
Mode 1 ON OFF
Mode 2 ON ON
Mode 3 OFF ON
Mode 4 OFF OFF

2.2 Mathematic models for extending process

The supply pressure of the system is

PS = PSO + PSa Sln((l)t) (1)
The system works as a regular differential system in Mode 1
Qs =0Q4— Q5 )

In mode 2 and mode 3, a resonator participates to actuate the
system. Mathematics for mode 2 and mode 3 are presented
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to analyze the system performance. Following assumption
are made for these models:

The orifice openings of valve 1 and valve 2 share the
same shape and dimensions;

The pressure-vs-flowrate characteristic of valve 1 and
valve 2 is linear within certain range of flowrate: R=p/q;

The flowrate-vs-opening-area characteristic of valve 1
and valve 2 is linear.

Mode 2

In this mode, both the main line and the accessory line are
working (shown in fig. 5). The backflow of the cylinder and
the flow from the supplier meet together, and then are split
evenly into the main line and the accessory line. In the same
time, the RLC resonator starts to generate resonant flowrate

Qres-

Q= (Qs + Qs) @3)
Q2 =2 (Qs + Qp) + Qres @)
Qres = ~3*sin(wt) (5)
Pa Ps
o4 S
€ wQs+Qw) a
PN Qs | Supply
Pressure
4—
Y5(Qs+QB)+Qres

Figure 5: System schematic for mode 2
Right after valve 2 switches on, Qs is
Qs = Q4 — Qp — Qres (6)

Then Qs decxreases as Qres increases from zero(presented by
red line in fig. 6).

QA

0.0

I T I T I
X: Time [s]

=
=

Figure 6: Resonant flowrate in mode 2

When the resonant flowrate Qres is up to Qa, Qs is reduced to
zero, QB is also relived by the relieve valve of the pump.
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It is assumed that Qres(t*)=Qa. At the moment t=t*, the
system behavior is complex. Here system behavior at the
moments before and after t=t* is discussed.

The system at the moment t=t*-1/ o

When time is about to achieve t*, Qres is about to achieve Qa

1
Qres + o QA (7)
Thus
Py < Ps (8)
Pa Ps
Qres+1/00=Qn
< Pn<Ps o
o o
o oo o
——e
PN Ps/Qs=0 Suppl y
Pressure
Qres+1/@

Figure 7: System schematic when t=t*-1/o

At this moment both lines are still working as presented in
fig. 7.

The system at the moment t=t*+1/ o

When time is right after t*, Qs is a little bit larger than Qa,
which is

Qres + é = Qs + Qsmax ©)

Then the actual flowrate to the rodless-side chamber is more
then required (Qa), which results
Py > P (10)

The fluid cannot flow to the rodless-side chamber by the
main line, thus

Q=0 (11)
Q2 = Qp + Qres (12)

The direction of Q; is from node N to the power supplier.
The schematic is presented in fig. 8.

Pa Qres'l/OO:QA Ps
Pn>Ps
& &
= =
o 1/0 o
—=====k_
PN Ps/Qs=0 Suppl y
Pressure
——
Qres

Figure 8: System schematic when t=t*+1/eo
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Mode 3

In mode 3, the resonant flowrate Qres (Shown by red line in
fig. 9) keeps going up until it achieves the peak value;
during this process, the pressure of Pa is slightly boomed
since valve 1 is switching off. After that Qs starts to fall
down.

QA —: L
] ‘ Stage |
] I—Stage 3—‘
0.0 X .
-QB-Qsmax+QA —Stage 2— ‘

-QB-Qsmax |
T I T I T T | I 1

0.0
X: Time [s]

Figure 9: Resonant flowrate in mode 3

The schematic for mode 3 is presented in fig. 10.

Pa Ps

Pe/Qs

PN Ps/Qs Suppl y
Pressure

A

Qs+QB+Qres
Figure 10: Resonant flowrate in mode 3
The system goes through three stages in mode 3.

Stage 1

Valve 1 is switching off, Qg and Qs stops supplying the
system.

Q1 = Corif(Qres — Qa) (13)
Q2 = Qres (14)
where
Corig =17 (15)
Stage 2

Valve 1 is off, Qres is less than Qa, thus part of Qg+Qs helps
supplying the system to make Q; equal to Qa.

Q:=0 (16)
Q; =04 (7)
At the end of stage 2
Qres = QA - QB - QSmax (18)
Peer-reviewed Paper, 175
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Stage 3

Valve 1 is off. The direction of Qres is from node N to the
power source. As the value of Qres increases, all the flow of
QB and QSmax is supplying the system, however, Q2 is still
less than QA.

Q:=0 (19)
QZ = QSmax + QB + Qres (20)

At the end of stage 3
Qres = —(Qp + Qsmax) (21)

Q2 turns to zero, valve 2 is ready to switch off.
Mode 4

Valve 1 is off. At the very beginning, valve 2 is switching
off, thus Q2 is derived

Q; = Corif(QSmax + Qg — Qres) (22)

2.3 Switching power loss

Theoretically, the fast switching valve works only in ON
and OFF states, the switchging power loss is supposed to be
zero. However, Physical valves are not idea ones. During
the switching process, both flowrate and pressure difference
exists, switching power loss is small but not zero.

During the switching process, switching power loss happens
twice, for valve and valve 2, respectively.

At the beginning of mode 3, the switching power loss for
valve 1 is derived as

(PS(t) - PA)Corif (QSmax + QB - Qres) dt
(23)

At the beginning opf mode 4, the switching power loss for
valve 2 is derived as

Eloss_z = ftt+TS(PS(t) - PA)Corif(QSmax + QB - Qres)dt
(24)

t+Tg

Eloss_l = ft

3 Simulation model and result analysis

3.1 Simulation model

To analyze a ZFS control system, a supply pressure
averaged at 20.5MPa with wave frequencies of 113Hz is
used as power source; the amplitudes for both waves are
2bar; the capacitance volume of the resonator is 0.8L. The
closing time of the valve is assumed to be 0.002s.

The differential cylinder is actuated as shown in fig. 1. The
piston of the cylinder moves at constant speed. Since the
switching-off process is very short, Pa is assumed to be
constant to simplify the model.

As contrast a system without accessory line is used to
compare power assumption with the tested system. This
system is also called Hard-Switching (HS) control system.

More details about the system parameter is presented in
Tablel.
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Table 2 System parameters

Operating Modes Values

p 860kg/m?®
E 14000bar
\Y 0.8L

D 0.008m

I 0.2m

fi 113Hz

Ps, 2bar

Ps, 205bar

Pa 190bar
Qnorm 20L/min@?5bar
Qa 7L/min

Qs 2.195L/min
QSmax 4.805L/min

3.2 result analysis

Fig. 11 and fig. 12 presents an entire switching process for
the two control systems. In a HS control system (Fig. 10),
the valve linearly switch off, thus the flowrate decreases
linearly. The transient power consumed over the valve goes
up firstly and then goes down until the switching is finished.
The peak power consumption is about 175W. The total
switching power loss is 1570J.

Valve 1

051 B

Command

I I I I L L ! ! !
0 0.002 0.004 0.006 0008 001 0.012 0.014 0016 0018 0.02

Flowrate

8
=
§ 6 4
T4 1
[
32 8
c
0 I | | | | 1 L . .
0 0.002 0.004 0.006 0.008 001 0.012 0.014 0.016 0.018 0.02
Switching power loss
200 T T T
— 180 B
Z
% 100 B
o

a
=]
T

o

L L L L ! 1 L L L
0.002 0.004 0.006 0.008 001 0012 0014 0016 0.018 0.02
Time[s]

o

Figure 11: Simulation result for HS system

Fig. 12 presents the results for ZFS control system. at the
beginning of the test, valve 1 (the control valve) is on and
valve 2 (the resonant valve) is off; then valve 2 switches on
and Q; goes up along the sinusoidal trajectory;
correspondingly Q. decreases accordingly; soon Q; reaches
zero. When Q; achieves zero-flowrate moment valve 1 is
switched off. At the same time, Q2 keeps going down until it
achieves zero. Then valve 2 switches off. During the
switching of valve 1 and valve 2 the power consumption

Peer-reviewed Paper,
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happens since orifice flowrate exists. This is an entire zero-
flowrate-switching control process. The peak power
consumption is about 60W. The switching power loss
consumed by ZFS system is about 230J compared to 1570J
consumed by the counterpart. The result indicates that by
introducing ZFS control method, the switching power loss is
reduced to 14.7%.

Valve 1

o
s 1
ED.S‘
S o L | | | . L . .
0 0.002 0004 0006 0.008 001 0012 0014 0016 0018 002
Valve 2
2 T
E
gU.E-
S o L L 1 . | | . L
0 0.002 0004 0006 0008 001 0012 0014 0016 0018 002
Flowrate though the main line Q1
© T T T T T
BES
&5e
[

| | | 1 | | . |
0.002 0004 0006 0.008 001 0012 0014 0016 0018 002
Flowrate though accesory line Q2

T T T T T

o

Flowrate
[L/min]
(=152 0]

ST

T T T T . . .
0002 0004 0006 0.008 001 0012 0014 0016 0018 002
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Figure 12: Simulation result for ZFS system

4 Conclusions and future work

This paper proposes a ZFS control method for a typical 2-
valve digital hydraulic system. The work focuses on
switching power loss of digital valves. The result indicates
that switching energy consumed by the valve in ZFS control
system is about 14.7% compared to that in a HS control
system. Since this method is to greatly reduce switching
power loss, and theoretically remove switching pulse, it is a
potential solution to improve the performance of digital
hydraulic systems and other systems which need frequent
switching.

In this paper, constant Pa is applied to discuss the studied
case. When the load is varied, the system response would
change accordingly. Dynamic load with varied load force
and changing movements will be discussed in future work.
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Nomenclature

Designation  Denotation Unit
Q1 Flowarte through valve 1 L/min
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Q: Flowarte through valve 2 L/min

Qn Flowrate at rodless side L/min

Qs Flowrate at rod side L/min

Qs Flowrate from the supplier L/min

Qsmar Maximam flowrate from the L/min
supplier

Qres Resonant flowrate L/min

q Flowrate L/min

Pa Pressure in rodless-side chamber ~ Bar

Ps Pressure in rod-side chamber Bar

Pn Pressure at node N Bar

Ps Supply pressure Bar

Pso Average value of supply pressure  Bar

Psa Amplitude of the pressure waves  Bar
Pressure generated by the various

p* volume of the rodless-side Bar
chamber of the cylinder

Ploss 1 Switching power loss for valve 1~ W

Ploss 2 Switching power loss for valve2 W

p Pressure Bar

L Coefficient of inductance

C Coefficient of capacitance m3/Pa

Corif Orifice coeffecient Null

E Bulk modules of the fluid Bar

F Load force N

R Plg r?w?;/L
volume of the pipe between the

Voipe node N apd the port of the m3
rodless-side chamber of the
cylinder

X Position of the cylinder piston m

Apis Area of the cylinder piston m?

o Angular frequency of the supply Rad/s
pressure waves

t Time S

t* The end of mode 2 S

At Time difference S

Ts Switching time S
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Abstract

A hardware-in-the-loop (HIL) testbed for testing and evaluating experimental hydraulic trans-
formers has been developed. The testbed is capable of emulating a variety of loading con-
ditions specified by the desired work cycle operation of various hydraulic machines, such as
humanoid robots or excavators. The HIL testbed is a useful research tool as it allows studying
the dynamics of many desired loading conditions without having to obtain and reconfigure the
said physical hardware for each case. This paper discusses the background, construction, and
control of the HIL testbed with the experimental results. Preliminary results demonstrating
the functionality of an experimental switch mode hydraulic transformers are also presented.

Keywords: Hydraulic Transformer, Switch mode Transformer, Hardware-In-The-Loop test-

ing, Load Emulation

1 Introduction

A hydraulic transformer transforms an input pressure and
flow combination into an output pressure and flow combina-
tion in an energy conservative manner. It is a key component
in realizing a common pressure rail (CPR) system where a
common input pressure source feeds multiple services. Com-
pared to valve based control, hydraulic transformers do not
rely on throttling to transform pressures and allows energy re-
generation. Thus they have the potential to improve hydraulic
system efficiencies. Moreover, since pressure can be boosted
as well as bucked, system pressure can be kept low to reduce
losses.

Although much research has been done on hydraulic trans-
former configured using a rotatable 3-ported port plate such as
the INNAS Hydraulic Transformer (IHT) in [1], a hydraulic
transformer can also be configured simply as a combination
of a hydraulic pump and motor connected mechanically on a
common shaft. We refer to the latter as a Pump-motor or PM
transformer. In a PM transformer, hydraulic power is con-
verted by varying the relative displacements of the pump and
of the motor. If the hydraulic transformer is configured with
axial piston pump/motors, swash plate angles of the units will
determine the pressure (or flow) transformation ratio.

In our previous work, we identified that 3 distinct configur-
ations (PM-1, PM-2, PM-3) can be obtained by connecting
the ports of a PM transformer variously to the supply pres-
sure line, the load, and the return line (Fig. 1). By switching
between these modes, a switch mode transformer has benefits
in compactness, efficiency and operating region [2, 3].

While methodologies to design a hydraulic transformer as a
component in a hydraulic system are well studied [4, 5], con-
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trol algorithms for hydraulic transformer had received less at-
tention. Werndin and Palmberg [6, 7], Ahn and Ho [8] are
among the few who investigated control algorithms for a hy-
draulic transformer to control actuators. In order to fill this
gap, our group designed a passivity based backstepping con-
troller and experimentally demonstrated the control perform-
ance for a trajectory tracking control [9] and a human power
amplifier control [10, 11]. These results were obtained for
each PM transformer configuration, and suggest using the
more efficient transformers need not sacrifice control per-
formance as compared to control valves.

A major challenge in experimentally validating the control
performance and efficiency of transformers in various applic-
ations and duty cycles is the difficulty of obtaining the needed
hardware. It is often cost prohibitive to develop a machine and
the loads. Consequently, a controller could only be tested for
limited cases. Additionally, prototype transformers need to be
duplicated to test a multi degree-of-freedom system.

A Hardware-In-the-Loop (HIL) testbed can provide a con-
venient solution for the aforementioned challenges. In a HIL
system, the actual machine is replaced with a dynamic simu-
lation executed in software, while the hydraulic component to
be tested are presented physically with the pressure and flow
conditions as in the actual machine. This allows a hydraulic
component to be tested for a variety of operating scenarios
without having to physically obtain the hardware.

Several HIL testbeds had been constructed by various re-
search groups to overcome similar challenges in investigating
hydraulic system. For example, Zhang et al [12] developed
a HIL testbed to develop a controller for a hydraulic earth-
moving vehicle, addressing the challenge in reproducing the
digging cycles. Du et al [13] developed a hydrostatic dy-
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PM-1 (Tank Shared)
PAQa P+ PAQa

PM-2 (Output Shared)

PM-3 (Input Shared)
PT PAQA

Figure 1: Three distinct transformer configurations

namometer for testing hydraulic hybrid vehicles, capable of
emulating a variety of driving conditions and vehicle charac-
teristics.

In this paper, a HIL testbed for hydraulic transformer is de-
veloped to test the performances of hydraulic transformer
controlled systems. Each degree of freedom can be tested
individually without needing the physical actuator or inertial
load. The same testbed can also be used to test the trans-
former in different machine configurations and duty cycles by
simply reprogramming the dynamic simulation. This testbed
has a simple construction and can emulate both resistive and
overrunning loads.

The rest of the paper is organized as follows. Section 2 de-
scribes the hydraulic transformer being studied in our group.
Section 3 describes the HIL testbed construction and its con-
trol strategies. Implementation results and concluding re-
marks are given in Section 4 and 5.

2 Hydraulic Transformer in Research

The hydraulic transformer being studied in this paper is a
traditional pump/motor type (PM transformer) configured
with 3.15 cc/rev variable displacement micro-axial piston
pump/motors from Takako. Three distinct configurations
(PM-1, PM-2, PM-3) can be obtained by connecting the ports
of a PM transformer differently (Fig. 1).

For each of the configuration, the transformer shaft speed ®
acting with a rotational inertia J to produce port flows out of
transformer at input port Q4 and output port Qp are given by
following sets of equations:

PM-1:
‘ D Dy
Ji = (Py —Pr)zjlrul +(Pr *PB)EMZ — b1 ® = Tioss
D,
On=—0- 5t = Qrear’ M
Dy

Op=0- E”Z = Qieak

PM-2:

) D Dy
Jo = (PA_PB)EMI+(PT_PB)EM2_bt(O_Tl()Ss

D,

Op=—0- Eul - Qleak’ 2)
D D

Op=0- (271ru] + 2;“2> — Qleak
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PM-3:
. D, D,
Jo = (PA 7PT)EM1 + (PA 7PB)E”2 —bi® — Tj s
D D,
Or=—-0- <27‘Cu1 + 27.[”2) + Ojour’ 3)

where D and D, are the maximum volumetric displacements
of the pump/motor units in m3/rev, u; and uy € [—1,1] are the
control inputs which are the normalized displacements, b, is
the damping coefficient, Q1> Qrear and T}, are the lumped
volumetric losses at the A and B ports and the mechanical
loss inside the transformer due to friction. These losses are
configuration, pressure and shaft speed dependent.

Solenoid A

P LN

~

il

Solenoid B

Figure 2: Switch Mode Transformer

Adding two 3-way solenoid valves as in Fig. 2 allows all
three configurations to be realized. By switching between
the configurations, the total volumetric displacement of the
pump/motors (hence overall size) can be reduced for a given
flow capability and shaft speed [2,3]. For example, a switched
mode PM transformer needs only be 13% larger than IHT
with equivalent flow capability as compare to 33% larger
when compared to using just one configuration. In addition,
by picking the configuration with the highest efficiency, the
overall transformer efficiency and operating region can be im-
proved.

Fig. 3 shows the efficiency map of an early stage prototype
transformer with a constant 6.895 MPa (1000 psi) pressure
rail for each configuration. The relatively low efficiency of
this prototype is due primarily to the unusually high mechan-
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Transformation Ratio

0 100 200 0 100 200
load flow rate (cc/s)

Figure 3: Efficiency contours of individual PM-1, PM-2, PM-
3 transformer configurations and switched configurations

ical loss of the common shaft. Incorporating a bearing is ex-
pected to significantly improve the efficiency. Nevertheless,
this prototype can still demonstrate the implications of using
a hydraulic transformer for system control. One can also dis-
cern that the switch mode transformer widens the operating
region with high efficiency by picking the best configuration
for each operating point (Fig. 3, bottom right).

In our prototype switch mode transformer, two Sun Hydraul-
ics DMDA-MBN 3-way solenoid-operated directional spool
valves are placed at both sides of the transformer as shown in
Fig. 2. Atthe default position, the transformer is configured in
‘PM-1" configuration, which has the shared line connected to
the return line. If solenoid valve B is triggered, then the trans-
former is configured in ‘PM-2’ configuration, with the shared
output port. Lastly, if solenoid A is triggered, the transformer
is in ‘PM-3’ configuration with the input port shared between
two units.

3 HIL Testbed for Hydraulic Transformer

3.1 Components of HIL System Architecture

The hydraulic schematic of the HIL Testbed for hydraulic
transformer is shown in Fig. 4. The system is powered by
a main pressure compensated pump, which provides, via a
pressure reducing valve, the constant pressure Ps to the sys-
tem.

Switch mode transformer discussed in Section 2 is being stud-
ied with this HIL Testbed. As mentioned, actuating the solen-
oid valves switches the hydraulic transformer to be in one of
the three configurations shown in Fig. 1. This setup can also
be used to study other transformer designs, such as an IHT.

Pressure (P) and flow (Q) sensors are placed at various places
as shown in Fig. 4. The transformer shaft speed @ is meas-
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Switch Mode Transformer

E

! Load
» Emulating

N R

Figure 4: HIL Circuit for testing Switch Mode Transformer

ured with an optical encoder. The transformer controller de-
termines the displacement control inputs u; and u, that will
deliver the desired flow Q% to the actuator while maintaining
the desired shaft speed @, [9, 10].

In the HIL testbed, a load emulating valve (LEV) is utilized
in place of the hydraulic actuator. A Moog 760 series servo
valve (rated at 9.5 LPM), connected to the main pump prior
to the pressure reducing valve and to tank, is used for this
purpose. One outlet port is connected to the transformer out-
put while the other port is blocked. As will be described in
Section 3.4, the servo valve command u, is used to create an
appropriate pressure condition for the transformer that mim-
ics the actual load condition.

The fact that the LEV is connected to a supply pressure P
is higher than the input port pressure of the transformer P4
allows this HIL system to emulate both resistive and overrun-
ning loads just using one main pump. This configuration is
advantageous as only one main pump is needed to power the
whole testbed as opposed to having separate pumps for emu-
lating load and running a hydraulic transformer.

3.2 Data and Signal Flow in the HIL Testbed

Physical System

r.—— —= — = 1
uml Pe

Transformer ™ Transformer HIL Load I
Controller oy Emulator

'} = — F —|— —}— — 4

F— ¥+ — — Qe - Uv

Load [ | X | P | {Ps HIL
FeedbackL Inertia Pressure ; Controller

" Simulated s?stem

Figure 5: HIL Control Scheme

Fig. 5 shows the block diagram illustrating the data flow
within the testbed. The output flow Qp from the transformer
is measured and is provided to simulate the pressure dynam-
ics P, creating a simulated pressure Pgyys in return. In case of
a hydraulic actuator shown in Fig. 6, the pressure dynamics
of the capside chamber which is to be (virtually) connected to
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PAP>x

<[

Qs |I|

Figure 6: Example cylinder being simulated
the transformer is given by:

Py = ﬁ(QB — AX) @

where V) is the volume in the capside chamber and hose when
the actuator is at the position x =0, and f is the bulk modulus
of the fluid. Integrating Ps;y, yields a Py which is fed into a
HIL controller to determine the LEV control u, to match the
actual pressure Pg with Pgpyy.

The measured pressure Pg in turn drives the simulated inertia
dynamics, i:

mX = —bx+ PB(Z‘) A+ Fp 5)
——
measured

where m is the mass of the cylinder and rod to be simulated, A
is the cap side area of the hydraulic actuator, b is the viscous
friction coefficient, and Fy, is the load force that would encap-
sulate any external load including gravity and environment
forces. Integrating X yields the velocity x and the position x
which are used in (4). Note that this simulated inertia dynam-
ics take the measured pressure to account for any movement
change due to pressure dynamics associated with transformer
mode switch.

Finally, the transformer controller takes the feedback of the
above information to determine the transformer control in-
puts #; and u, to achieve the desired flow for the (emulated)
load and the desired torque for the (actual) transformer speed
regulation.

The pressure dynamics P and the inertia dynamics X in (4)-(5)
can be set to simulate any desired actuator type with specified
loading conditions, generating appropriate motion and mech-
anical load. If desired, the simulated system dynamics could
simply be replaced by a duty cycle information providing the
desired pressure and flow traces.

3.3 Hydraulic Transformer Controller

The objective of the hydraulic transformer controller is to
provide the desired flow Q% for the given task and the desired
torque 7 to regulate the shaft speed [9, 10].

PM-1:

uy| 0 0)-% ! Q‘é
{“2] B [(II’A—PT)?,'r (PT—fz’B)?,%] [Td} ©

PM-2:

D Dy -1 d
up| - T - b QB
L‘J B [(PA — P2 (Pr— PB)?,%] {Td} @
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PM-3:

up| 0 a)~% B 03 (8)
w]  |(Py—Pr)5k  (Py—Py)32 T

3.4 Load Emulating Valve (LEV) Controller

Uv
H H
Q Ve QFHip
Ps |__><
Pr ‘
L

Figure 7: Load Emulating Valve

The most important aspect of the HIL testbed is the load emu-
lating valve (LEV) reproduced in Fig. 7, which will provide
the desired loading condition through pressure. For u, > 0,
the flow is released to the tank (as shown on the figure) and
for u, <0, the flow is taken from the main pump to increase
pressure. The flow Q, traveling across the valve from the
transformer output to be exposed to Pr or Ps is given by the
supply pressure or the tank pressure:

0 {kvuv\/|PB—PT|7 for u, > 0 o)

kyuy+/|Pg — Ps|, foru, <0

(assuming Ps > Pp > Pr) where k, is the valve coefficient, and
u, is the valve command to be designed. For the controller
design, consider the pressure dynamics within the hose that
lies between the hydraulic transformer and the LEV:

Fs=E 0501 (10)
B

where Vp is the volume of the hose between the transformer
and the LEV, Qp is the flow out of the transformer that is
measured, and Q,, is the flow command to be designed. Define
pressure error as e = Pg — Pgpy. For a constant (or slowly
changing) desired simulated pressure, é = Pg. Defining the
desired valve port flow Q7 as:

04 = Qp+Kpe+Kre; (11)

where é; = e and K, and K; are the proportional and integral
gains. To show that the desired pressure Psjys can be achieved
for the HIL testbed, consider the Lyapunov function:

W= %%ez—kélﬁeﬁ (12)
W =e(Qp—0))+eKje;
With Q, given by (11),
W= K, (13)

which shows that for K, > 0, K; > 0, e — 0 and P will track
Psiyr, providing the simulated pressure.

In summary, the LEV controller is a PI controller with a feed-
forward information coming from the measured flow out the
transformer.
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4 Experimental Results
4.1 Pressure Tracking Results

To validate that (11) is appropriate, the transformer displace-
ments were held steady while only the desired pressure load-
ing condition was varied. This type of experiment can be used
to analyze the steady-state operation for the hydraulic trans-
former under various loading conditions.

Pressure [MPa]

173 1735 174 1745 175 1755 176 17.65
Time [s]

Figure 8: Step response

Fig. 8 shows the step pressure response for a 0.345 MPa (50
psi) step pressure command. Negligible overshoot with 10 ms
rise time is observed. Fig. 9 shows various responses of the
same step size.
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Figure 9: Various step responses
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Figure 10: Chirp signal response

Figure 10 shows a response for the chirp signal and Fig. 10
shows the same response zoomed around at select frequen-
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Figure 11: Chirp signal zoomed in at select frequencies

cies. The reference chirp signal, an amplitude of 0.345 MPa
(50 psi), started as 0.01Hz at r = 0 and approached 10 Hz at
t = 50. Phase lag of 36 degree was observed at the peak fre-
quency, while phase lag is negligible around 3 Hz. Thus, it
will be safe to claim this testbed can be operated satisfactor-
ily under 3 Hz load profile. Careful tuning of the parameters
along with better valve identification will lead to even better
performance. As transformer itself has a limited bandwidth
due to the swashplate actuation, HIL testbed is more than cap-
able of simulating the loads for the transformer.
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Figure 12: Simulated cylinder tracking result
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4.2 Flow and Pressure Tracking Results

An operating condition where a LEV and transformer are
simultaneously controlled is shown in Fig. 12. For this im-
plementation, a cylinder with vertical gravity load follow-
ing a filtered trapezoidal trajectory was studied with a trans-
former operating in 3 different modes. Controller determining
flow demand and the transformer displacement commands is
taken from [9]. While the transformer mode switch is manu-
ally triggered for this experiment, further development of the
transformer control will have the mode automatically determ-
ined to maximize the operating efficiency.

In this operating mode, HIL provides a loading condition to
which trajectory tracking controller decides the transformer
control inputs to be implemented. As described, the traject-
ory is generated in simulation using the measured flow and
pressure. It is observed that trajectory tracking is still satis-
factory even as the operating mode switch causes some sharp
change of dynamics. In the meantime, HIL control is tracking
the simulated pressure Psyy.

5 Conclusion

This paper presents a development of a HIL testbed for hy-
draulic transformer, with a focus on the control architecture.
Using a single hydraulic power supply and a servo-valve, a
HIL testbed is configured, providing a platform for further
transformer control development.

A closed loop controller designed for the actual system for a
trajectory tracking is easily implemented for the HIL testbed.
Initial performance experiments indicates the ability of this
testbed to emulate various loading conditions.
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Nomenclature

Designation Denotation Unit

A Piston Area m?

b Cylinder viscous friction coeffi- N/(m/s)
cient

b, Transformer viscous friction N-m-s
coefficient

Dy, D, Volumetric displacements m3/rev

e Pressure error Pa

er Integral of pressure error Pa

Fr Load force N

J Transformer shaft inertia kg-m?

K; Integral control Gain

K, Proportional control gain

ky LEV valve coefficient

m Mass of cylinder kg

Py, Pg, Pr Transformer port pressures Pa

Ps Main pump supply pressure Pa

Psim Simulated pressure Pa

04, O Transformer flows m3/s

Q;’3 Desired flow of transformer m3/s

Oieaks Oloak’ Flow loss of transformer m3/s

0O, Flow across the valve m3/s

Q¢ Desired flow across the valve m>/s

T4 Desired torque for transformer  N-m

Tioss Mechanical loss of transformer ~ N-m

ui, up Displacement ratio inputs

Uy Valve command

Vo Initial volume in cylinder cap- m?
side

Vs Fluid volume in hose m3

w Lyapunov energy J

by Piston displacement m

B Bulk modulus Pa

AP, Pressure drop across the valve Pa

w Transformer shaft speed rad/s
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Abstract

Environmental restrictions and economic opportunities create demand to investigate the potential
of further hybridization of non-road mobile machinery (NRMM). Many proposals for energy
saving in hydraulic systems have been researched. In addition to well-established methods, there
are zonal or decentralized hydraulics — an approach first introduced in the aircraft industry. In a
fully decentralized system, the hydraulic pumps are disconnected from the engine and replaced
with hydraulic power packs distributed throughout the system. In this study, decentralized
hydraulics are realized with a direct driven hydraulics drive (DDH). By applying DDH, further
hybridization can be achieved which will lead to increased productivity, minimized energy
consumption, and robust performance in mobile machines operating in various environments.
Therefore, the aim of this paper is to investigate the energy efficiency of the excavator hydraulic
system equipped with DDH under typical digging cycles. For this purpose, a model which
coupled multi-body dynamics, hydraulic system, and an electric motor is developed in the Matlab
Simulink environment. Simulation results are validated by a simplified representation of micro
excavator (one example of DDH) as a proof of concept.

Keywords: Decentralized hydraulics, Construction machinery, Direct driven hydraulics (DDH),

Excavator, Energy Efficiency, Energy consumption distribution

1 Introduction

The rapid rise of oil prices and government-enforced CO,
regulations lead to increasing demand for energy efficient
construction machinery [1], such as excavators and wheel
loaders. Electric and hybrid drives are seen as a solution to
meet these requirements. In particular, non-road mobile
machinery (NRMM) is a challenging field of electrification
and hybridization applications due to duty cycles which may
include high and short power peaks and extreme working
conditions.

In a conventional excavator, the hydraulic power
corresponding to the maximum workload is always supplied
from a pump, and excessive power is dissipated as heat. It is
often difficult to reduce input power, even during low-
workload operation, because combined controls of actuators
require distribution of flows and interflows [2]. In addition,
potential and kinetic energies at the time of lowering and
slewing stoppage of attachments are also dissipated as heat.
Multi-actuator construction machinery is often equipped with
load sensing (LS) systems. In LS systems of hydraulic
excavators, the supply pressure of a pump is adjusted to
match the highest load pressure plus a constant pressure
offset. When multiple actuators operate simultaneously, the
power losses of lower-load actuators are particularly
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significant. Up to 35% of the energy losses during the
working cycle could be avoided by removing the control
valves in a typical digging cycle, and up to an additional 8%
of the total energy could be recovered [3]. State-of-the-art,
diverse hybrid systems are developed for construction
machinery, like series or parallel hybrid hydraulic excavators
[4]. The hybrid system allows eliminating the power peaks
normally required from the engine. Low-varying engine
operation saves significant amounts of fuel, prolongs the
engine lifetime, and lowers maintenance costs.

Market demand has led to examples such as the Logset hybrid
[5], Komatsu 20-ton parallel hybrid excavator [6], and
Hitachi ZH200 hydraulic hybrid excavator [7]. Many
proposals for energy saving in hydraulic systems have been
discussed in the literature [8].

Rising trends in the industry include valveless or
displacement control. An example of displacement control of
actuators was realized in [9], where authors demonstrated
potential engine downsizing up to 50% in a mini-excavator.
Another recently introduced energy saving method is the so-
called common pressure rail. In [10], it was shown that fuel
consumption can be reduced 21% compared with the original
LS excavator.
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In addition to well-established methods, there is zonal or
decentralized hydraulics — an approach first introduced in the
aircraft industry. Simplifying its design as well as broadening
its orientation and performance options will support similar
development in construction equipment. In a fully
decentralized system, the hydraulic pumps are disconnected
from the engine and replaced within hydraulic power packs
distributed throughout the system [11].

Figure 1 shows the theoretical efficiencies of the different
configurations for construction machinery, based on various
assumptions. Direct driven hydraulics (DDH) as a variation
of pump control demonstrates the best result concerning
parasitic losses.

0 Relief loss 0 0

7777777777777777 : Throttle loss

Relief loss=0

Pressure
compensated
loss

Throttle

Throq‘tle
loss

loss=0
!

0 P " — p
a) b) )
Figure 1: Comparison of differing hydraulic systems.
a) convectional control, b) LS, c) direct driven
hydraulics or pump control.

The goal of this research is to apply the concept of
decentralized hydraulics in micro excavators. The concept
will be realized by DDH. Figure 2 illustrates converting a
conventional micro excavator into an excavator equipped
with actuators driven by DDH independently. The swing
motions are driven by an electric motor and the kinetic energy
of the upper body is regenerated into electric energy when the
swing stops.

Boom Bucket Swing

Figure 2: Simplified schematics of DDH excavator.

DDH combines the best properties of traditional hydraulics
and electric intelligence allowing the following benefits to be
achieved in construction machinery:

= easy electrification of construction machinery

= higher efficiency compared to conventional machines
= reduction of potential leakage points

= smoothness and precision of movements

= power-on-demand control

= potential energy regeneration

In this research, a 1-ton class JCB micro excavator was
chosen as the test case. In [12], this excavator was electrified
by replacing the 14kW diesel engine with a 10 kW electric
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motor plus four Altairnano lithium-titanate battery modules.
Extension of the operation time of the micro excavator was
investigated by introducing a start-stop logic system of
electric motor operation to improve energy efficiency with
conventional valve control. The benefits of this system were
measured using an artificial working cycle test. Results show
operation time can be extended by at least 50% compared to
the original system [12].

By applying decentralized hydraulics to the existing platform
of a fully electric excavator and realizing a power-on-demand
strategy, further improvement in the excavator operation time
can be achieved. Consequently, the aim of this paper is to
investigate the energy efficiency of an excavator hydraulic
system with DDH for typical digging cycles [13]. For this
purpose, a coupled multi-body dynamics, hydraulic system,
and electric model is developed in the Matlab Simulink
environment. Simulation results are validated by a simplified
representation of micro excavator.

The remainder of this paper is organized as follows. The case
study is presented in Section 2, where Sections 2.1 and 2.2
present principles and a detailed description of the developed
Matlab/Simulink model. The results of simulation and
experimental investigation are described in Sections 3 and 4,
respectively. Finally, Section 5 and 6 contain discussion and
concluding remarks.

2 Study case: excavator with DDH

In this study, a micro excavator is used as an example
application of DDH to achieve a more efficient construction
machinery. In the future, this results of this study could be
implemented to other NRMM.

Internal gear motors are adopted for DDH units, with
operating mode can be switching between pumping and
motoring. To avoid confusion, from here on these will be
referred to as pump/motors.

2.1 Principle

As shown in fig. 2, the original valve control system for
boom, arm and bucket is replaced with three DDH units
respectively. In the DDH unit, a fixed displacement
pump/motor with a speed-controlled electric servo motor
directly controls the amount of hydraulic oil pumped into and
out from the system. The hydraulic pump/motor creates a
flow depending on the rotating speed of the servo motor.
Additionally, a hydraulic accumulator is used as a
conventional tank replacement [14].

In DDH, dimensions of a utilized double-acting single-rod
cylinder bring requirements for pump/motors. Therefore, an
ideal cylinder ratio Rigeal Was established for choosing pump
displacement, where Riqca is the surface area ratio between the
annulus area and the piston of each cylinder. Due to available
pump units, the realized pump displacement ratio Ryea differs
from Rigeal, Where Rica is the displacement ratio between
pumps connecting to the rod side and the piston side. This
leads to sizing error in some cases if pump unit is slightly
under-dimensioned. Thus, fluid from the cylinder B-chamber
is not pumped out at a corresponding rate to that of the fluid
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pumped into the A-chamber. This leads to a rise of pressure
in the B-chamber, which should be mitigated. In this study,
the sizing error is mitigated by adding hydraulic accumulator
D as shown in fig. 2.

2.2 Modeling

In order to acquire the dynamic response and energy
consumption distribution of the actuators, this study
constructed a particular model in Matlab/Simulink, which
integrated with mechanics, hydraulics, electrics and control
systems of the micro excavator.

2.2.1 Mechanical model

The prototype is a 1-ton class JCB micro excavator with a
conventional valve control system, as shown in fig. 3a. The
3D solid mechanical model was constructed and the material
was assigned to each part in PTC Creo. As shown in the fig.
3b, the multibody dynamic model was created by exporting
from PTC Creo and importing into Matlab Simscape using
Simscape Multibody Link Plug-In.

] =TT N
-

Figure 3: a) The prototype, b) multibody dynamic model.

2.2.2 Hydraulic model

The mathematical models of cylinder, pump/motors,
accumulators and pipes of DDH are built in Matlab/Simulink.
Most of their detailed explanations refer to work in [15].

In order to make accurate energy efficiency calculations,
Vivoil gear motors with displacements of 22.8:10° and
14.4-10°° m’/rev, with leakage submodels obtained by
measurements in [16], were chosen respectively and adopted
for all three DDH units.

The parameters of cylinders were obtained from the micro
excavator and the ideal pump/motor ratios Riea and real
pump/motor ratios Ry are shown in Table 1. The sizing
errors for bucket cylinder and arm cylinder are both 1.57%,
namely less than 2%, which would not cause excess pressure
[15]. However, the pump/motor ratio for boom demands
compensation for the sizing error.

Table 1: Parameters of each DDH.

Cylinder Ratio Accumulator | Accumulator
[1‘1‘11’1’1] Rideal Rreal C D

Boom 60/30%325 | 0.75 | 0.63 0.7L@1bar 0.7L@10bar
Arm 50/30%400 | 0.64 | 0.63 0.7L@1bar —
Bucket | 50/30x290 | 0.64 | 0.63 0.7L@1bar —

Considering the load of boom cylinder is mainly negative
force, the compensating hydraulic accumulator D is located
at the opposite side of the rod and another one C operating as
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tank is mounted between two pump/motors as shown in fig.
4. As a result, each DDH model consists of pump/motors, a
hydraulic cylinder, two on/off valve and one or two hydraulic
accumulators.

Bucket

Figure 4: Modified DDH for micro excavator.

Figure 5 illustrates the micro excavator model with multibody
and a triple DDH built in Matlab/Simulink.

L & s @.
F bu ~ Foay
v_b P dx/di
Al Bucket DDH
x_ar] > x&-
T

F ar F_Cly,
v_ar P dx/dt
f Arm DDH
X_b > 2
F bo T FCly
V_bi P dx/dt
Excavator Multibody Boom DDH

Figure 5: Simulink model of excavator with DDH.

Pump/motor leakage consists of all internal and external
leakage flows as a function of the pressure difference over the
pump and the pump flow equation is given by eq. (1):

gp =Vpn —qy, . (1)

The pump produces a flow gp which is dependent on the
rotational speed n, its displacement Vp and leakage flow ¢x.
g1 1s a function of the pressure difference of over the pump
at 20°C, obtained by a cross sectional linear regression
after measurements [16], as shown by eq. (2).

q.=a+ pAp+yJAp+e, 2

where o, B and y are regression coefficients as shown in
Table 2, Ap is pressure difference of over the pump, and ¢
is an error term.

Table 2: Leakage model coefficients [16].

Pump o s y €
22.8mL/rev -3.61-10* | -2.66-10 4.44-10° 1.89-10*
14.4 mL/rev -2.60-10* 6.09-10™ 1.96-10° 1.23-10*

The model describing the pressure in an asymmetrical
cylinder is divided into two parts as shown in eq. (3) and (4):

) B .
Pa = _BD)_ [qa — KL(pa — pB) — Apx], 3)

- VoatApx

. B(p)
14

VoB+AB(*max—X)

[qg + Ki.(pa — pB) + ApX], “4)

where B(p) is the bulk modulus for oil varying with pressure;
Voa and Vg are the dead volume of the cylinder’s piston side
chambers; Ki is the leakage constant between the cylinder
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chambers, A and B; g and ¢z are the flows into the cylinder’s
piston side respective chambers.

F = (paAa — PeAg) — F — Fenas Q)

where the friction force F; of the cylinder is calculated by
utilizing the LuGre model [17], and the simulation
parameters are from reference [16], which have been
verified by measurements; Fenqis the end force.

2.2.3 Electric drive

The model of 3 phase permanent magnet synchronous motor
(PMSM) was built in Matlab/Simulink [18]. In this study, it
is assumed that the utilized synchronous machine has surface-
mounted permanent magnets, rotor is magnetically round
(non-salient) and has the same reluctance along any axis
through the center of the electric machine. The vector control
i¢=0 is utilized for controlling of PMSM.

Space vectors transformation from a-b-c phase into
equivalent dq quantities is implemented. The dg
transformation is used for a simplified application of control
method for electric motor.

Applying these simplifications, electromagnetic torque can
be calculated as shown in eq. (6).

N .
Tem = Tplfdldqa (6)

where N, is pole pairs, 4 is the flux linkage of the stator d
winding that produced by the rotor magnets, isq is stator
current in g axis.

Stator voltages in dq transformation are shown in eq. (7) and
®):

Vsq = Rgligq — mmLsisqa @)

Usq = Rsisq + ®pLsisqg + OmAsa, (3

where L s stator inductance, Rsis stator resistance, isq1s stator
current in d axis and on, is related to actual rotor speed ®@mech
as shown in eq. (9).
Np

Oy = ?(Dmech- (9)
The electromechanical torque acts to the load connected to
the motor, resulting in actual (mechanical) speed of the rotor
mech:

dw h Tem—-TL
mech __ ‘em . (10)
dt Jeq

where Jq is combined motor load inertia, 7} is load torque.

PI controllers are utilized for realization of i¢=0 control for
adjusting iq and iq currents. In this research, it is assumed that
the inverter has fixed switching losses. In realized design, the
current feedback controller (PI control) is tuned for the
desired phase margin at the chosen open-loop crossover
frequency. The speed feedback controller (self-adjusting
parameter fuzzy PID control), is used to adjust the shaft speed
to be independent of the load-torque disturbance coming from
hydraulics, according to a reference signal. The parameter of
the motor was set according to its datasheet as shown in Table
3.
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Table 3: PMSM characteristics [19].

Parameter Value
Rated Speed 3000 rpm
Rated torque 8.1 N'm
Stall current 59 A
Rated power 2.54 kW

Rs - Resistance(phase) 2.02Q
Ls - Inductance(phase) 13.27-10° H
Inertia 9.0-10* kg-m?

Stall Torque 94 N'm

Peak torque 28.2 N'm

2.2.4 System control

In this model, closed-loop PID controls between the
frequency converter and the electric motor, and position
control with P regulator are utilized, as illustrated in fig. 6.

iq
B0

Position
reference

Hydraulics

Figure 6: System control schematic.

3 Simulation and results

In this simulation, a typical excavator digging cycle was
selected for simulation. This cycle represents an excavator
digging a load of earth, rotating, releasing the load onto a pile,
and then returning to its initial position [3]. The cycle inputs
shown in fig. 7 are the relative cylinder displacements.

0.4
Arm - - Bucket

—Boom

0 5 10 15 20
Time [s]

Figure 7: Input reference of a typical digging cycle [3].

200
z 150
-§ 100
— 50
0
0 5 10 15 20
Time [s]

Figure 8: Digging load of loose dry dirt [3].

The rated capability of the bucket is 17 L, and the density of
loose dry dirt is 1220 kg/m>. Consequently, a time-dependent
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bucket load is 20 kg, which was implemented into the
working cycle [3]. The load increases to a 20 kg of dirt as the
bucket rotates in loading mode and then decreases to zero as
the bucket rotates in the dumping motion, as provided in fig.
8. The outputs of position and velocity adopting position
control in this cycle are presented in fig. 9.

04r
Arm - - Bucket

—Boom

20
Time [s]
a)
0.15 —Boom ----Arm - - Bucket
0.1

Velocity [m/s]
(=)

-0.05 .
-0.1
-0.15
5 10 15 20
Time [s]
b)

Figure 9: a) Position output, b) velocity output.

Table 4: Definitions of power and energy.

Equation Symbol
Peyjinger — input power of cylinder, W
Pa, ps —pressure of piston side and rod side

of cylinder, Pa

Peytinger=(pad a- pds)'X A, Ap — effective cross area of cylinder
piston side and rod side, m?

X— velocity of cylinder piston, m/s

Ppump — input power of pump, W
Tp —torque of pump shaft, N-m
np —speed of pump shaft, rad/s

Ppump:TPnP

Protor — OUtput power of motor, W
Tw —torque of motor shaft, N-m
ny —speed of motor shaft, rad/s
Ppysv — input power of PMSM, W
Va, Vb, Ve — phase voltage, V

ia, In, I — phase current, A

Protor=Tnm

Pl"MSM:Val‘zn+ Vbib+ Vcic

£ _p dt Eeyingr — input power to cylinder
estinder=[Poinger (Peylinger>0),  in lifting/pumping mode, J

Epmsm — energy consumed by PMSM
(Ppmsv>0), J
Epusm — energy regenerated by PMSM
(Ppmsm<0), J

Epmsv= [Ppmsmdt

Echcncmtiun: fPPMSMdt

_ Ecylinder

1 0,
Epmsm 7, Energy efficiency of DDH, %

The main objective of this part is to compute the energy
efficiency of DDH units and overall efficiency of them in the

Peer-reviewed Paper, 197

Accepted for publication on 2017-04-24.

typical digging cycle, and to discover the energy recovery
potential. The power of components was calculated as shown
in Table 4, and the energy was obtained by integrating the
power.

The cylinder power is calculated as the product of the
hydraulic pressure force in the respective actuator and its
velocity, including frictional effects. Calculation of 4
efficiency includes following losses: all internal and external
leakage of pump, hydromechanical friction of pump, pressure
loss of cylinder outlet caused by extra pressure rise due to
dynamic flowrate error between ideal ratio Rigeal of cylinder
and real ratio Ryea of pumps.

When boom goes down, the pump/motor B runs in motoring
mode. Therefore, PMSM generates electricity, absorbing the
potential energy as shown in fig. 10. While boom lifting,
pump/motor B runs in pumping mode.

X< 0 - . . x>0
B Pumping | B Motoring
X X
. -] . -]
X, F D X F D C
- C -—

LOLOLONE KOO Ok

Retracting/Lifting v Extending/Lowering
-Ap

Figure 10: Operating mode of boom pump/motor B and

PMSM.
Boom
2F
— ’.‘:; K
Z 1} ;
o}
g 0 f—— - -
=] —— Cylinder Pump A = = Pump B e PMSM
B L L L 1
0 5 10 15 20
Time [s]
Arm
2
__% | P i— i
9] A asns
g 0 — S e DA
A —— Cylinder Pump A = = Pump B ===+ PMSM
1 L L L !
0 5 10 15 20
Time [s]
Bucket
3
ﬁ. -,!/_'_‘\‘ .........
e B TR TN
E Pump A = = Pump B === PMSM
05 L L L 1
0 5 10 15 20

Time [s]

Figure 11: Simulated power consumed by each DDH
component for boom, arm, and bucket.
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In boom DDH (fig. 11), the pump/motor B was in motoring
mode from 2.5 to 5.5 s while lowering, and in pumping mode
from 7.5 to 10.5s while lifting. The maximum power
consumed by pump A is 0.12 kW in a short period during
lifting, to charge the hydraulic accumulator C.

After calculation, the energy consumption amount of the
cylinder and input energy for the PMSM are presented in
Table 5. Furthermore, the energy efficiency of each unit is
figured out. The results show the energy efficiency of the
boom DDH, arm DDH, and bucket DDH was 67.5%, 75.4%,
77.5% respectively for performed cycle (fig. 9a). The overall
efficiency of front attachment with three DDH units was
found to approximate to 73.3%, much higher than 31.4%
(efficiency of a 5-ton excavator with LS system in [3]).
Furthermore, the potential energy recovery for boom DDH
estimated as 1.54 kJ.

Table 5: Energy consumption and efficiency.

DDH Energy [kJ] Efficiency [%0]
li .

Cylinder 2.90 675

Boom PMSM 4.29
Regeneration 1.54 —

Cylind 5.16
Yy neer 75.4

Arm PMSM 6.84
Regeneration 0.04 —

Cylinder 1.96
77.5

Bucket | PMSM 2.54
Regeneration 0 —

Electro-mechanical losses
(motor): 5.0 [%]

Mech-hydraulic losses
21.7 [%]

Input : energy

13.7 [kJ] Output: mechanical energy

10 [kJ] 73.3 [%]

Figure 12: Energy flow of DDH system.

Additionally, the Sankey diagram of the decentralized
excavator with a triple DDH units is shown in fig. 12. The
electro-mechanical losses are 5%, due to 95% fixed
efficiency in the PMSM model. The mech-hydraulic losses
account for 21.7%, including hydro-mechanical friction
(hydro-mechanical efficiency 0.85, estimated from
datasheet), internal and external leakage, and pressure losses
caused by sizing error. 73.3% of overall energy is consumed
by cylinders and loads.

4 Validation

For simplicity, a standalone DDH will be utilized as a proof
of concept to validate simulation results for the micro
excavator. In this validation study, it is assumed a standalone
DDH power pack represents bucket or arm cylinder of the
excavator, due to one degree of freedom (DOF) and the same
required pump/motor displacement ratio Rya. Figure 12
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illustrates the proposed validation setup with schematic and
the data acquisition system.

a)
Figure 12: a) Standalone DDH (crane), b) schematic.
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Figure 13: Validation of simulation: a) velocity and positon,
b) pressure of chamber A and B.

In the proposed validation setup, the speed and position
control of a double-acting cylinder is implemented directly
with an electric motor drive in a closed-loop system without
conventional control valves [14].
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An example of measurement data of standalone DDH with
payload of 120 kg and rotating motor speed 750 rpm is
displayed in fig. 13. The simulation results of position,
velocity, and pressures of chamber A and chamber B show
acceptable accuracy, compared with the measurement results.
Therefore, the developed model can be used to evaluate the
system performance of decentralized excavator.

5 Discussion

In this research, a typical working cycle for a micro excavator
was studied. Initial investigation of the excavator with
decentralized hydraulics is based on a Matlab/Simulink
model coupled with multibody dynamics. The purpose of the
model is to investigate the efficiency of decentralized
hydraulics for micro excavator applications.

The model was developed on the basis of following
simplifications. The LuGre model was chosen for cylinder
friction, in which temperature and pressure difference are not
taken into account. The pump leakage model considers only
pressure difference and does not take into account speed and
temperature variation. The on/off valves are not included in
this model, and piping is regarded as static fluid volumes. For
this initial stage of research, these simplifications are
considered acceptable. However, for future development,
some of these simplifications should be taken into account.
Cavitation problems were not investigated yet in this study,
but should be included in the future.

The load model was simplified, as the actual digging cycle
does not have penetration into the pile. This was excluded due
to the complexity of the terra-mechanical forces. At the
moment, data acquisition is not available for quantifying
these forces.

System control for DDH and decentralized hydraulics was
not the focus of this research and was not investigated in
detail. A self-adjusting fuzzy PID control was implemented
as a speed control for the electric motor, using a fixed PID
control as current control (electric motor vector control id=0)
and position control (cylinder) as a response to load—torque
disturbance coming from the hydraulics.

Since decentralized hydraulics were implemented without a
proportional control valve, the damping of the system is low
compared to conventional systems, which leads to some
oscillations. Therefore, the control strategy of the DDH can
be improved in the future. Further evaluation of the dynamic
performance of the hydraulic system should be made. In
addition, the properties of the electric motor should be
considered by the model and evaluated.

For simplicity, it is assumed that a standalone DDH power
pack represents a bucket or arm cylinder of the excavator, due
to one degree of freedom (DOF) motion. Experimental data
is utilized to validate the developed model and used as proof—
of-concept of decentralized hydraulics applied to the micro
excavator.

Validation of the model showed acceptable results. The detail
level of the model could be improved based on validation
results.
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Efficiency behaviors of DDH components and the overall
efficiency of the triple DDH system were determined. The
efficiency estimation was based on simulation combining
data from manufacturers and experiment. Productivity and
efficiency analysis should be performed for the proposed
decentralized approach to investigate the benefits of this
system in more detail.

Table 5 shows system efficiency is in the range of 67.5 to
77.5%. Among three DDH units, boom DDH has the lowest
efficiency due to pressure losses caused by the sizing
mismatch and higher leakage produced by the higher load. In
fig. 12, Sankey diagram shows details about the energy loss
distribution and the overall efficiency is 73.3%. The dominate
losses are hydro-mechanical and simulation results show
higher efficiency compared to LS systems (literature state-of-
the-art [3]). However, future detailed modelling will affect
these values, and increased energy consumption due to
temperature, pressure, viscosity, and friction. As part of this
project, decentralized hydraulics should be compared with
conventional valve-controlled systems in modelling and
experiment, in order to demonstrate the full benefits of this
approach.

Regeneration of energy with DDH was shown, which gives
additional benefits for this kind of system. The potential
energy recovery for the boom DDH was estimated as 1.54 kJ,
which can be transformed into electrical power. In this study,
the inverter for the DDH was directly powered from the
electrical grid, and the energy storage, inverter, power
electronics were not considered in this stage of research.
Consequently, the regenerated potential energy was not
stored. However, energy storage could be accomplished using
a battery or super capacitor. Disadvantages are additional
components expenses needed. Energy storage and its
management system, power electronics, and three inverters
will affect price, efficiency, and maintenance of the
decentralized hydraulics. However, further investigation of
these components will be included in the near future.

6 Conclusion

This research has shown that typical cycle control and
potential energy recovery by DDH for work-set are feasible
in a micro excavator. Efficiency behaviors of DDH
components and the overall efficiencies of the triple DDH
system were determined. The efficiency estimation was based
on simulation combining data from manufacturers and
experiment.

According to simulation, the energy efficiency of the boom
DDH, arm DDH, and bucket DDH was 67.5%, 75.4%,
77.5%, respectively. Furthermore, the potential energy
recovery for boom DDH was estimated as 1.54 kJ.

For simplicity, a standalone DDH was utilized as a proof of
concept to validate simulation results for the micro excavator.

The simulation showed that combining the efficiency of three
DDH units and energy recovery for each actuator, the overall
efficiency could reach 73.3% for performed cycle. It is higher
than efficiency of LS system (a 5-ton LS excavator).

SICFP2017 7-9 June 2017
Linkoping, Sweden


http://www.ep.liu.se/ecp/contents.asp?issue=144

Therefore, the decentralized approach could be suggested for
construction equipment.
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Nomenclature

Designation  Denotation Unit

F; Force [N]

DAB Pressure [Pa]

B Bulk modulus [Pa]

q Flowrate [m’/s]

A Area [m?]

X Displacement [m]

14 Displacement [m’/rev]

n Rational speed [rpm]

P Power [W]

E Energy [

R Displacement ratio —

Vab.c Phase voltage [V]

labc Phase current [A]

Np Pole pairs —

isq Stator current in ¢ axis [A]

Isd Stator current in d axis [A]

R Stator resistance [Ohm]

L Stator inductance [mH]

(Dmech Actual rotor speed [rad/s]

®Om Angular speed [rad/s]

e T
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Abstract

This paper examines modelling the laminar dynamic fluid responses within hydraulic trans-
mission lines that have a tapered shape from the inlet to outlet. There are excellent models
available for fast simulation of pressure and flow dynamics within uniform lines, however the
established models for tapered lines have some notable inaccuracies and simulation complex-
ities. The transmission line method (TLM) structure is applied in this paper since it can be
computed quickly and has shown to accurately model the effects of frequency-dependent fric-
tion. This paper presents a method of optimizing the TLM weighting functions, minimizing
the error between the TLM transmission matrix terms and a numerical exact solution. Optim-
izations have shown that using the TLM to model tapered lines has improved accuracy over
the existing models when compared in the frequency domain. Two-dimensional interpolation
of a look-up table is possible allowing for quick selection of the optimized parameters. This
model can be used in numerous applications where line dynamic effects must be accounted
for, especially with digital hydraulic switched inertance converters.

Keywords: Transmission line method, TLM, tapered fluid lines, optimization, modelling,

simulation.

1 Introduction

Computer modelling of fluid transmission lines of constant
cross-sectional area is an area of hydraulics where extensive
research has been performed previously as well as very re-
cently [1-7]. However, the established research into the mod-
elling of tapered transmission lines has some shortcomings
which requires further study and refinement. Time domain
models describing line dynamics are greatly desired as it al-
lows for simple implementations with time domain numerical
solvers, and interfaces well with nonlinear component mod-
els such as valves and accumulators. The ability to model
pressure and flow transients within fluid lines is important for
predicting the performance of hydraulic systems, especially
those where line effects should be considered.

As shown in fig. 1, the transmission line method (TLM) is
a method of modelling which uses a network of linear trans-
fer functions and time delays to model wave propagation [1],
and has had recent enhancements accurately modelling the ef-
fects of frequency-dependent friction, all while solving within
the time domain [2,3]. While the TLM currently works for
uniform lines of constant cross-section, it has not yet been
applied to tubes of varying cross-section. The first mention
of modelling tapered lines employs a method of character-
istics (MOC) solution to the differential equations, however,
the proposed MOC solution was only used and analyzed for
a uniform line [4]. An approximated analytical solution for
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Figure 1: Block diagram of the TLM [1].

frequency dependent flow through tapered lines was derived
in [5]. The approximate transmission matrix they derived was
taken further in [6] by applying modal analysis (MA) and ra-
tional polynomial transfer function approximations (RPTFA)
of the transcendental functions in the solution, allowing for
simulations to be performed in the time domain. No further
research into modelling tapered lines has appeared in the lit-
erature until this point, and the need for a robust, fast, and
accurate model for tapered transmission lines has heightened
with the growth in switched inertance converter research [8].

This paper will look at modelling tapered fluid lines using the
TLM model and optimization procedure similar to that in [3]
where weighted transfer functions make up the E, F, and G
transfer functions. The equations and optimization procedure
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are described in detail. Frequency domain results will be ana-
lyzed, and comparisons will be made between previous mod-
els, the exact solution, and the proposed model. Also, time
domain simulations of the model will be discussed.

2 Previous Models

The differential equations that describe one-dimensional flow,
0, and pressure, P, through the tapered tube shown in fig. 2
are the equations of motion and continuity, expressed in the
Laplace domain, respectively [7]:

dP(x,s) = ps B
- —l—mQ()gs)N(x,s) =0 (D
~ d0(x,s) K
P(X,S) - ax A(X)S (2)

where p is the fluid density, and s is the Laplace operator. N
is the frequency-dependent friction term, commonly used in
previous research defined as [1-7]

o (i3
)

Frequency-dependent friction has shown to be a realistic phe-
nomenon, and models that implement it have shown to be
significantly more accurate than models that use steady fric-
tion. Since the proposed model natively uses a summation of
weighting functions, it can be expected that there would be
negligible computational time savings if steady friction were
considered. As such, frequency-dependent friction will be ex-
clusively considered in this paper.

N(x,s)=— 3)

Within a tapered transmission line, the radius varies linearly
from inlet to outlet given by eq. (4), and is visualized in fig.
2.

(rp—r1)x
l
The existing model for modelling tapered fluid lines was de-
veloped in [5, 6]. The transmission matrix, eq. (5) and (6),
is not an exact solution, but rather an approximated analyt-
ical solution to the set of ordinary differential equations pre-
viously defined. Within its derivation, higher order terms of
a Taylor series expansion were rejected in order to allow the

“)

r(x)=r+

r(x)

\
\ /
i /
\
= X =

] \J

Figure 2: Schematic of a tapered transmission line.
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possibility of a closed form solution in the frequency domain.
This simplification creates notable inaccuracy at higher fre-
quencies.

(P1> _ cosh" — Diil/"ﬁ sinh T Z./NsinhT" 1_P2 .
@ zvlmsmhl" coshI"+ Di% sinh 1+Q§;L(,
&)
where,
r=Dsyli+E0 -2, D= 5. 2= T
2

_1 _ XO(,)/OZ_I) 2 "1 _
l0 ) |} { 2}/0 y bo= v’ S = sto, (6)

| L (V) B el
%_l ,z(j\@]v%o— Se=

This model is presented in nondimensional form, with para-
meters nondimensionalized with respect to the inlet radius, 1.
In its current form, this transmission matrix cannot be solved
in the time domain, a similar problem that previous research-
ers have encountered with simulating transmission lines. Fur-
ther approximation is necessary in order to solve this sys-
tem of equations in the time domain. In [6], modal analysis
(MA) and rational polynomial transfer function approxima-
tions (RPTFA) were performed in order for the transmission
matrix to be solved in the time domain. While these approx-
imations, tabulated in their paper, show good agreement with
the approximate transmission matrix proposed by [5], it is
important to note that the transmission matrix is an approx-
imated closed form solution, and has some notable discrep-
ancies to the exact analytical solution, and has a very limited
range of accuracy.

In order for a true two-port (inlet and outlet), 4-terminal (pres-
sure and flow at each end) transmission line model to work
accurately it needs to provide symmetrical solutions, meaning
that given the same boundary conditions and dimensions, the
transfer function must be the same if the ends are exchanged.
Consider 2 cases, Case 1 has a diverging tube with a blocked
outlet, and Case 2 has a converging tube with a blocked inlet.
In both cases, the blocked port has the larger radius, and the
smaller radius is open. By maintaining the same dimensions,
the pipe in Case 2 is simply a flipped version of Case 1. The
transfer functions in eq. (5) and eq. (6) were calculated and
are compared in fig. 3. The logical result of this study should
have shown the transfer functions be exactly the same, how-
ever there is a noticeable shift in the frequency peaks. The
same study was performed using the exact solution calculated
numerically from the set of ordinary differential equations
previously defined, and showed that, in this case, the results
are the same. This asymmetry in the approximate transmis-
sion matrix leads to significant inaccuracy when implemented
in the time domain.

Another issue with the existing transmission matrix is in-
accuracies at higher harmonics. Figure 3 shows how the
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Figure 3: Transfer function asymmetry and comparison to the
exact numerical solution.

P, /P, transfer function for a blocked outlet compares from
the transmission matrix solution to the exact numerical solu-
tion. While the first resonance is modelled closely, higher
resonances of significant power are not closely matched. This
difference becomes greater with increased transmission line
taper.

3 Proposed Model

The proposed model is similar to the one developed for uni-
form transmission lines in [3]. The 2-port model relating pres-
sure and flow at the inlet, to the pressure and flow at the outlet
is given by the transmission matrix in eq. (7) [3]. The charac-
teristics C and C; are related to pressure and flow by eq. (8)
and (9) [1]. The characteristic impedance of the tapered line

is Z,.
P\ _ ([t t2 i)
(QlZc) B <t21 t22> <Q22c> M
P =C+Z.01 (8)

P=CG+Z.0, 9)

For a tapered line, the characteristic impedance can be de-
rived using the definition in [9] where wave propagation time
is divided by the hydraulic capacitance of the pipeline. The
volume of a tapered pipeline is that of a right circular cone
frustum, and is included in the calculation of hydraulic capa-
citance. Therefore:

;§7U+A+A%”

max

Z.=

(10)

where A is the taper ratio, which is simply defined as the min-
imum pipe radius divided by the maximum pipe radius:
) = [min (11)

Tmax

This parameter is the same regardless if the pipe is conver-
ging or diverging in shape. The steady state resistance of a
tapered transmission line, R, is defined by integrating uniform
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Hagen-Poiseuille pressure drops over the entire length of the
pipeline. Lubrication theory is employed since the change in
radius over a small element length dx is considerably smal-
ler than the size of the pipe itself. The hydraulic resistance is
then found to be:

R 8pvi [1+l+/12]

oo 323 (12)

max

Having obtained expressions of characteristic impedance and
resistance, the dissipation number, 3, for a tapered transmis-
sion line can be found using the following relationship:

R vl [(1+2+22)°
b= 8Z,  cri.. 9A3 (13)

It is important to note that for a pipeline of uniform cross sec-
tion, the taper ratio would be 1, and the resulting characteristic
impedance, laminar resistance, and dissipation number would
reduce to the same as used in the previous models for uniform
tubes [2, 3].

The TLM structure contains linear transfer functions E, F,
and G which are arranged in the configuration shown in fig. 1
and are defined by the weighting functions as follows [3].

ME;

E(s)=Z. 14
) =2 X0 (14)
F(s)=Z.+bE(s) (15)

8B
Yioi
n;
G(s) =1 f meils (17)
= Sni+Ts
, l
T'=1T =1- (18)
¢

The weighting factors mg;, mg;, and T are found using a con-
strained optimization which is explained in the following sec-
tion. Here, the F transfer function is scaled off of the E trans-
fer function. This gives the model the ability to accurately
compute the pressure drop during steady state conditions. The
weighting factors n;, are the same as in the series proposed
in [3], which are given as follows:

0.3

M= T3p

niy1 = 3n;. (19)
Using separate weighting factors for F was also investigated,
but it provided no significant increase in accuracy, and ad-
ded considerable time to the optimization procedure. Similar
to [3], better results were obtained by slightly modifying the
wave propagation time T by a factor, 7. From the TLM struc-
ture and applying some algebra, the transmission matrix terms
can be found as follows:

(E+Z2:)G'el®T + FGe/oT
E+Z.+F
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(E +ZL.)2G’lej“’Tl — F2Ge 0T’

= 21
12 E+Z.+F @D
G —joT" _ G—l JjoT'
=2 ¢ (22)
E+Z.+F
1y = —ti;. (23)

Unlike uniform hydraulic transmission lines, tapered lines are
asymmetrical in their geometry. This lead to the investigation
of using different transfer functions for the inlet and outlet in
order to see if there was an increase in accuracy of the TLM
approximation. The following scenarios were examined:

e Separate G transfer functions with separate weighting
factors. Resulted in no increase in accuracy, and in-
creased optimization effort.

e Separate wave propagation times 7" for either direction.
Resulted in increased error.

e Separate E transfer functions, with the corresponding F'
transfer function scaled from it. Resulted in no increase
in accuracy, and increased optimization effort.

e Separate £ and F transfer functions where F is not
scaled off of E. Resulted in significant error in mag-
nitude and phase, as well as substantial increase in op-
timization effort.

These investigations showed no increase in accuracy over the
standard TLM configuration, and all resulted in longer com-
putation time, which was not desirable.

4 Optimization Algoritm

As with all optimization problems, an objective function to be
minimized must be defined. In [3], Johnston et al. define an
objective function for a uniform tube that minimizes the error
int1p and 71 ineq. (21) and (22), butignores ¢11 and t5,. Here,
the objective function, f, similar to the function used in [3], is
used but with the addition of the #;; and #5; terms. This object-
ive function attempts to minimize the error between the exact
transmission matrix and the TLM approximated transmission
matrix.

o —1th |
Z o1 — ) Z|?
f= Z c + |(21 21) c| +
001<or<n, ~ OT 0.01<@T<n; oT
t—t5)]? tr —t5)?
|(11 11)| + \(22 22)| tepteg
0.01<@T<n oT 0.01<@T<n; oT
(24)
d 2
ep = Y [max(0,mg; —3mg;_1)] (25)
i=3

™=

Il
-

2
e =10 lmax (O, (mgi) — 1)] (26)

In this case, the transmission matrix terms denoted with an
asterisk represent the approximation from the TLM, while
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the terms without the asterisk represent the numerical solu-
tion yielded from solving the boundary value problem of
eq. (1) and (2). The terms &r and &; are the same soft
constraints presented in [3]. The optimization was calcu-
lated with 50 points per decade over the frequency range of
0.01 < oT < ny.

The optimization procedure first required the exact solution
of eq. (1) and (2). The exact solution is calculated numeric-
ally using MATLAB(®) and its bvp4c boundary value prob-
lem solver. The exact solution is the transmission matrix in
eq. (7) for a given tapered tube. By setting Q> to 0, f1; and
171 can be found. Then by setting P to 0, 12 and p; can be
calculated. It is important to note that solving this bound-
ary value problem does add significant computation time to
the optimization procedure. However, computation time can
be reduced when the problem is solved in parallel, and with
more available cores, the problem becomes faster to solve.
Also, the boundary value problem only needs to be solved
once for each parameter set. After computing the numerical
solution, the optimization of eq. (24) is performed using the
fmincon function in MATLAB(R), where the only set con-
straint was a lower bound of O on the parameters. This en-
sures the parameters are all positive, similar to the constraint
in [3]. The results for a uniform tube given in [3, 10] were
used as an initial guess for the iterative solver. Using this al-
gorithm and initial guess does not necessarily find the global
minimum, but for this application, the local minimum appears
to provide adequate accuracy.

It was found that the same weighting factors would result as
long as the taper ratio and dissipation number were held con-
stant. This allows for a look-up table to be used, and only
B and A are required to find all the parameters. The optim-
ization was performed over a range of dissipation numbers
of 107 < B < 10° with 8 points per decade. Providing the
boundary value solver any smaller values of B resulted in a
singular Jacobian within the solver. Adjusting solver toler-
ances and improving initial guesses provided no solution to
this error. The range of taper ratio considered for the op-
timization was 1 > A > 0.5, linearly spaced with 10 points.
For this paper, only 6 parameters for mg and mg were con-
sidered (k = 6); it has been shown that varying the number
of parameters has a noticeable effect on accuracy for uniform
tubes [3], and the same result is expected here.

A smooth transition between the weighting factors was de-
sired as it allows for interpolation for in-between values of
dissipation number and taper ratio. The optimization first se-
lected a value of 8 and performed the optimization for a A
value of 1 using the initial guess from [3,10]. Once complete,
the taper ratio was reduced to the next value (A = 0.95), while
maintaining the same dissipation number. In order for the
series to be smooth, the initial guess parameters for success-
ive iterations were the optimized parameters from the previ-
ous A. The result of the optimization are 2 three-dimensional
matrices of mg and mg, and 1 two-dimensional matrix of 7.
Two-dimensional interpolation is required to find the weigh-
ing factors and propagation time modifier for a given trans-
mission line.
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5 Frequency Domain Results

Figure 4 shows the results of the optimization for a dissipa-
tion number of 1073 and a taper ratio of 0.75. The ¢, and
171 (anti-diagonal) transfer functions resulting from the TLM
are closely matched to the exact solution. The other two
functions 711 and #y, (principal diagonal) are still accurately
approximated, however not to the extent of the other anti-
diagonal terms. As can be seen in #11 and #», the first resonant
peaks are not perfectly aligned, but all subsequent peaks are
matched well. Also to note, the magnitude of the principal di-
agonal transfer functions are shifted slightly within the exact
solution, however, the TLM approximation does not follow
this shift. This magnitude shift becomes greater as more taper
is added to the model. In all cases, this new model is a better
approximation than the previous models given in [5, 6].
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Figure 4: Transmission matrix for p = 0.001 and A = 0.75.

In order to show some contrast, fig. 5 shows the transmission
matrix results for the less extreme case of a larger dissipation
number of 10~! and a taper ratio of 0.9. In this case it can be
seen that there is a closer approximation of the first resonant
peak. Also, it can be seen that the anti-diagonal terms of the
transmission matrix are approximated accurately.

Unlike uniform lines of constant cross sectional area, the
weighting factors that make up the transmission line model
not only vary with dissipation number, 3, but vary also with
the taper ratio, A. In order to evaluate the accuracy of the
model over a range of 3 and A, an overall value of error must
be defined in order to make relative comparisons. The error
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function indicating the accuracy of fit is given below. This er-
ror value was chosen over the optimized minimum calculated
from eq. (24) since it is not scaled by frequency. This error
value quantifies the exact difference between the magnitude
of the transmission matrix terms:
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